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ABSTRACT

Presented doctoral thesis deals with an extensive hydraulic variable roller pump analysis
and the power saving prediction of hydrostatic drivetrains in the mobile machines achieved
with a variable roller charge pump implementation.

At the first part of the work, the roller pump functionality was described and the theory
of a 1-D simulation model was developed. Based on this developed simulation model is
suitable for pressure profile prediction, roller force prediction and cross port leakage
prediction which has a direct impact on the total volumetric efficiency. The simulation model
was successfully used as a tool for optimization of the port plates, which was confirmed
by measurements. The first part of the work includes the pump control force analysis
validated by measurements and also the basic pressure compensator controls comparison.
Developed control force prediction could help to improve the control performance.
The measurements confirmed that the variable roller charge pump is able to successfully work
in transmissions with measured types of the control.

The second part of the work analyzed the power saving potential of a variable charge
pump for two selected typical mobile applications: telehandler (9 ton) and combine harvester
(20 ton). This part required a 1-D drivetrain simulation model together with thermal
behaviour of the hydrostatic transmission. Two different modifications of the charging
systems were compared with the conventional charging system in simulations performed
for the working and transporting mode. The drivetrain simulation of the variable roller charge
pump with a bypass orifice confirms higher power savings only in cases when the pump
speed was significantly higher than normal speeds and a relatively constant flushing flow
through the bypass orifice to the pump case still ensures suitable cooling. The highest power
savings were achieved with variable flushing flows, where the demand for charging flow was
adjusted according to the hydrostatic transmission cooling requirements. At the end
of the second part, this thesis deals with a variable charge pump sizing.

Keywords: variable roller charge pump, port plate optimization, 1-D simulation model,
hydrostatic transmission drivetrain, flushing system, power saving potential,
pressure regulation, telehandler, combine harvester.






ABSTRAKT

Predlozena doktorandska dizertatna praca (d’alej len praca) sa zaobera rozsiahlou
analyzou val¢ekového hydrogeneratora s premenlivym geometrickym objemom a predikciou
vykonovych uspor dosiahnutych aplikdciou navrhnutého valéekového hydrogeneratora
s premenlivym geometrickym objemom v hydrostatickom pohone vybranych mobilnych
pracovnych strojov.

Teoreticky rozbor principov fungovania val¢ekového hydrogeneratora a tedria
jednorozmerného simulacného modelu su popisané v prvej Casti prace. Na zaklade odvodene;j
tedrie je vytvoreny simulacny model, ktory je vhodny na predikciu priebehu tlaku v komorach
valc¢ekového hydrogeneratora, sil pdsobiacich na valcek a na predikciu vnutornych unikov
vzniknutych skratovanim rozvodovej dosky, ktoré maji priamy vplyv na objemovua G¢innost’
val¢ekového hydrogeneratora. Simulacny model bol uspesne pouzity pre optimalizaciu
rozvodovych dosiek valcekového hydrogeneratora a vhodnost’ simulacného modelu potvrdili
nasledné merania Praca obsahuje aj analyzu sil pdsobiacich na vodiaci prstenec, ktorej
vysledky boli taktiez potvrdené meranim. Analyza tychto sil moze vylepsit v kone¢nom
dosledku parametre buducich tlakovych regulécii. Praca d’alej obsahuje zakladné porovnanie
pouzitych tlakovych regulécii. VSetky uskuto€nené merania potvrdili, Ze valcekovy
hydrogenerator s premenlivym geometrickym objemom s testovanymi tlakovymi regulaciami
je schopny tspesne pracovat’ v hydrostatickej prevodovke.

Druha cast’ prace analyzuje potencial vykonovych uspor valéekového hydrogeneratora
S premenlivym geometrickym objemom pre dve mobilné aplikacie - teleskopicky nakladac
s hmotnostou 9 ton akombajn shmotnostou 20 ton. Analyza vyzaduje jednorozmerny
simulaény model hydrostatického pohonu s teplotnou predikciou hydrostatickej prevodovky.
Dva rozdielne koncepty variabilného doplnovacieho systému hydrostatickej prevodovky st
porovnané so Standardnym dopliiovacim systémom pre pracovny a transportny rezim oboch
vybranych typov vozidiel. Simulécia pohonu vozidla s val¢ekovym hydrogeneratorom
s premenlivym geometrickym objemom vo funkcii dopliovacieho hydrogeneratora
a obtokovou clonou potvrdili vysSie uspory iba v pripadoch, kedy rychlost’ dopliiovacieho
hydrogeneratora bola vyrazne vySSia a prietok cez obtokovu clonu do skrine hlavného
hydrogeneratora zabezpecil dostatocné chladenie. NajvysSie vykonové uspory boli dosiahnuté
s premenlivym preplachovacim systémom, ktorého prietok sa menil podla poZiadaviek
hydrostatickej prevodovky. Zaver druhej Casti prace sa zaoberd metodikou dimenzovania
velkosti dopliiovacieho hydrogeneratora.

Krucové slova: variabilny val¢ekovy doplitovaci hydrogenerator, optimalizacia rozvodove;j
dosky, jedno rozmerny simulacny model, pohon s hydrostatickou
prevodovkou, preplachovaci systém, potencial vykonovych tuspor, tlakova
regulécia, teleskopicky naklada¢, kombajn.
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NOMENCLATURE AND ABBREVIATIONS

NOMENCLATURE AND ABBREVIATIONS

Symbol Unit Description

A (m?) Orifice cross section area

As (m?) Surface area used for forced convection
A, (m?) Surface area used for natural convection
Acer (m?) Servo area

Aspo (m?) PC spool area

Bcam (N'm-s) Cam ring damping

Ce (m*Pa™) Oil compliance

c (JkgtK™h Specific heat coefficient

Ce (JkgtK™h Component specific heat coefficient
Cn ) Target value vector

Coil (JkgtK™h Oil specific heat coefficient

Drol (m) Roller diameter

Drot (m) Rotor diameter

deam (m) Cam ring inner diameter

E ) Control volume energy

€rot (m) Rotor eccentricity

ErotMax (m) Maximal rotor eccentricity

Fe (N) Centrifugal force

Feor (N) Coriolis force

Fcham (N) Chamber pressure force

Ftcam (N) Cam ring friction force

Ftrot (N) Rotor friction force

Frcam (N) Cam ring normal force

Farot (N) Rotor normal force

Fspr (N) Cam ring spring force

Fspro (N) Cam ring spring preload
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NOMENCLATURE AND ABBREVIATIONS

Funhe (N) Traction force

frol ) Wheel rolling resistance coefficient

Gn ) Quality criteria vector

Gvcpt ) VCP transfer function (with flow input)
Gverp ) VCP transfer function (with pressure input)
g (m's™) Gravitation acceleration constant

h¢ (W-m™K™? Forced convection heat transfer coefficient
hin ) Input enthalpy

Nimoon (m) Half-moon height

hn (Wm™K™ Natural convection heat transfer coefficient
hout ) Output enthalpy

leng (kg'm™) Engine rotational inertia

lcam (kg'm™) Cam ring rotational inertia

lpum (kg'm™®) Pump rotational inertia

Irol (kg'm™) Roller rotational inertia

Imec ) Mechanical transmission ratio

K (Pa) Fluid Bulks modulus

Ka (Pa) Adiabatic Bulks modulus

Kcam (N'm) Cam ring spring rate

K (N'm™) Flow force gain

Kiea (m*s™-Pa™) Leakage coefficient

Kore (m?) Pressure torque gain

Kq (m?s™) Spool flow gain

Kvcp (m?) Pump flow gain

Kspo (N'm™) PC spool spring rate

L ) Quality criteria vector length

me (kg) Component mass

Titin (kg's™) Input oil mass flow

Hilout (kg's™) Output oil mass flow

14



NOMENCLATURE AND ABBREVIATIONS

PIossConM
P|OSSC0FIP
I:)Ioss
PIossCheck
I:)IossCP
I:)Ioss(:PRV
I:)IossHose
I:)IossHPRV
I:)IossLF
I:)IossM
I:)IossP
I:)IossMTotaI
I:)IossPTotaI
I:)Whe

p

Patm

Peh

Pdis

PrpP

Pinn

(kg)
(kg)
€
(™)
€
(m)
(m)
(W)
(W)
(W)
(W)
(W)
(W)
(W)
(W)
(W)
(W)
(W)
(W)
(W)
(W)
(W)
(W)
(Pa)
(Pa)
(Pa)
(Pa)
(Pa)
(Pa)

Roller mass

Vehicle mass

Motor speed

Pump speed

Rotor speed

Pivot horizontal offset

Pivot vertical offset

Cooling power

Fuel power

Motor power control losses

Pump power control losses

Power losses in the circuit

Check valves power losses

Charge pump power losses

CPRYV power losses

Power losses in hoses (pressure drops)
HPRYV power losses

LF power losses

Motor power losses (Kit losses and pressure drops)
Pump power losses (kit losses and pressure drops)
Overall power motor losses

Overall power pump losses

Wheel power

Pressure

Atmospheric pressure

Charge pressure

Discharge pressure

High pressure

Inner chamber pressure

15



NOMENCLATURE AND ABBREVIATIONS

Pp
Pout
Pset

Psys

Q

Qcr
QcaseM
QC&SGP
QcaseCP

QCOHtM

QcontP
Qch
Qcheck
QCPRV
Qe

Qe
QqL
Qgr
Qnp
QHPout
Qupinn
QHPRV
Qin
QIeakM
QIeakP
Qur
Qup
QLPout
QLPinn

(Pa)
(Pa)
(Pa)

(Pa)

(m3_s-1

(m3_s-1

(m3_s-1

(m3'S_1

(m3_s-l

(m3'S_1

(m3_s-l

(m3_s-l

(m3'S_1

(m3-s'1

(ms?

(m?’-s'l

(m3_s—l

(m3_s—l

(m*s™)

(m3_s—l

(m*s™)

(m3-s'1

(m*s™)

(m*s*

(m3-s'1

(m3.s-1

(m3_s-l

(m3.s-1

(m3_s-1

Low pressure

Outer chamber pressure

Control setting pressure

System (drivetrain) pressure

Flow rate

Cooling flow rate

Motor case flow rate

Pump case flow rate

Charge pump leakage flow rate
Motor control flow rate

Pump control flow rate

Charge pump flow rate

Check valves flow rate

CPRYV (or bypass) flow rate
Effective output flow rate

Effective output flow rate

Gap flow rate — left roller side

Gap flow rate — right roller side
High pressure flow rate

Flow rate from HP to outer chamber
Flow rate from HP to inner chamber
HPRV valves flow rate

Control volume input flow rate
Motor leakage flow rate

Pump leakage flow rate

Loop flushing flow rate

Low pressure flow rate

Flow rate from LP to outer chamber

Flow rate from LP to inner chamber
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NOMENCLATURE AND ABBREVIATIONS

QLoa
Qout
Qpum
Qse
Qst
Qsi
Qsk
QSUCCP
q
qea
grc

lwhe

(m3.s-l

(m*s™)
(m3~ g1
(m*s™)
(m3~ g1
(m*s™)
(ms*
(m*s™)
(s
()
(s
(m)
(K)
(K)
(K)
(K)
(N'm)
(N'm)
(N'm)
(K)
(K)
(N'm)
(N'm)
(N'm)
(K)
(N'm)
)

(m)

(m°)

Load flow rate

Control volume output flow rate
Pump flow rate

External flow losses rate

Filling flow losses rate

Internal flow losses rate
Compression flow losses rate
Charge pump suction flow from tank
Heat rejection rate
Convective-radiative heat transfer rate
Forced convection heat transfer rate
Wheel radius

Temperature

Ambient temperature

Component mass temperature

Fluid temperature

Damping torque

Effective torque

Engine torque

Fluid temperature

Loop oil temperature

Motor torque

Pump torque

Torque losses

Tank oil temperature

Theoretical torque

Time

Cam ring radius (from rotor center)

Control fluid volume
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NOMENCLATURE AND ABBREVIATIONS

Viea (m?) Dead volume

Ve (m?) Fluid volume

Vg (m?) Pump displacement
Vgmax (m?) Maximal pump displacement
Vi (m?) Air volume

Vim (m3) Inner chamber volume
Vinax (m?) Maximal volume

Vout (m3) Outer chamber volume
Vien (ms™) Vehicle speed

Vihe (ms™) Vheel speed

W (Jsh Work rate

Wrol (m) Roller width

XRrol (m) Roller radial stroke
XTrol (m) Roller tangential stroke
Zrol ) Number of rollers

Greek Letters

0D ) Orifice discharge coefficient

Baev ) Deviation angle caused by a rotor eccentricity
y (K™ Thermal volumetric expansion coefficient
e ) Emissivity of the black body

Nchp ) Charge pump efficiency

Neng ) Engine efficiency

1hm () Hydro-mechanical efficiency

Nmec ) Mechanical transmission efficiency

Hmot () Motor efficiency

Mpum (-) Pump efficiency

N ) Overall efficiency

Nv (-) Volumetric efficiency
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NOMENCLATURE AND ABBREVIATIONS

K )

A )

Poil (kg'm®)
o )

oss (W-m?K*)
v (m's™)
2 )

®o )
Pcam Q)
@cham ()

Prol (s?)
Prot ()
Wdev )
®pum ™)

9 )
Imoon )
Fcham ()

rol )

Abbreviations
1-D

BIBO

CFD

CP

CPL

CPRV

CVvT

FCP

Fr.

Polytrophic exponent
Parameterizing function

Oil density

Optimization coefficient
Stefan-Boltzmann constant
Kinematic viscosity

Angular position (angle)

Angular offset from analyzed chamber to the origin
Cam ring angle

Chamber angular position (angle)
Roller angular acceleration

Rotor angle

Chamber deviation angle

Pump shaft speed

Slope (hill) angle

Half-moon angle

Chamber pressure force angle

Roller force angle

One dimensional

Bounded input bounded output
Computational fluid dynamics
Charge pump

Cross port leakage

Charge pump relief valve
Continuously variable transmission
Fixed charge pump

Front
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NOMENCLATURE AND ABBREVIATIONS

HP High pressure

HPRV High pressure relief valve

HST Hydrostatic transmission

IPC International patent classification
ISO International organization for standardization
LP Low pressure

LF Loop flushing

LPG Liquid petroleum gas

MBS Multi body simulations

No Number

PC Pressure compensator

SAE Society of automotive engineers
TMP Transit mixer pump

VCP Variable charge pump
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1 INTRODUCTION

1 INTRODUCTION

Hydrostatic drivetrains are used in many areas of mobile applications where high power
density, dynamic performance and flexible installation are required [1]. Especially the CVT
(Continuously Variable Transmission) ability and high power density are important
for mobile working machines, where hydrostatic transmissions (HST) together with other
hydrostatic drivetrain components fulfill hard requirements of mobile machine producers.
An easy overload protection, low inertia and dynamic braking capability are next advantages
of the HST. The key disadvantage of the HST is lower efficiency in comparison with discrete
gear transmission [2].

The basic HST is a hydraulic system. It contains: pump, motor, hoses, required control
systems, required valves and charge pump (CP). The example of the simple hydrostatic
drivetrain is shown in Fig. 1.1.

Hydrostatic Transmission

T N

F

1 R«

Fig. 1.1: The example of the simple hydrostatic drivetrain.

In this figure the charge pump is represented by red color. It can be seen that the charge
pump is (usually) mounted on the main pump shaft. In the most cases, the charge pump is
implemented into main pump end cap due to design space limitation in the HST.

The CP doesn’t participate on the energy transfer from the engine to wheels but it has
to ensure a correct HST functionality and performance. The charge pump has to provide
enough flow for all demanded functions (displacement controls, flushing...) and ensure
enough flow for maintaining sufficient pressure in the low pressure line to prevent cavitation.
Based on the previous text it becomes clear, that the charge pump is one of the key
components in the hydrostatic drivetrain system. The failure of the CP results in a failure
of the whole hydrostatic drivetrain.

The CP is not only the key component with high demands on the durability, but it is
also the component with power demands. Due to the fact that the CP doesn’t participate
on the energy transfer from the engine to wheels, it is clear, that the input CP power is
considered as a power loss from the drivetrain point of view. Based on this, each decrease
of the CP input power demand means the drivetrain power loss decrease with the same value.
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1 INTRODUCTION

1.1 Motivation

The actual mobile machinery market indicates a lot of global trends but one trend is
stable, the trend of focusing on ownership costs minimization. It is caused by many factors,
from which two are the most important. The first one is simply fuel cost. The behavior of fuel
costs on the world market shows a still increasing trend, which is driven by stable increase
of world oil consumption and decrease of world oil supplies. Due to these facts fuel costs
forecast has an increasing trend. The second factor is the exhaust regulations driven
by government regulations. The European EURO Il1b and US TIER 4 regulations are already
valid [3], [4]. These regulations progressively decrease exhaust emissions for combustion
engines, and again the exhaust regulation forecast has an increasing trend. Fuel costs and
exhaust regulations act on the mobile machinery industry in the same direction and result
in the requirement for high efficiency of drivetrains.

Many works focused on the main drives of mobile machines, can be found (for example
[5], [6]) but auxiliary drives could also contribute to higher efficiency of mobile machines,
for example fan drive, steering and charge systems are powered by the combustion engine
too. A focus on the charge pump in the hydrostatic transmission can show that the fixed
pumps don’t act in all operating conditions very well. The charge pump delivers in some
conditions higher flow than is required. An application of a variable charge pump
into hydrostatic transmissions, which can act according to the system needs, could save
additional energy and therefore increase efficiency.

The variable charge pump in the HST has to fulfill following requirements:
displacement variability, compact design, durability, pressure compensator control availability
and low cost. Based on this, variable gear pump, variable vane pump and variable roller pump
were considered for the variable charge pump application. The roller pump and the vane
pump are very similar. Manufacturing costs and the durability of the roller pump prefers
the variable roller charge pump instead of the variable vane pump.

The power saving potential of variable charge pump is depending on the ratio of pump
displacement variability, the bigger the ratio, the higher the potential of power savings.
Due to the high variability of the displacement of a variable roller charge pump, which is
for example higher than the standard variability of a variable gear pump [7], it was chosen
for efficiency analyses in this work.

Different power savings, filling and cooling demands could be expected for different
working cycles and various drivetrain structures (vehicles). The variable roller charge pump
has to ensure power savings with an adequate filling and cooling function for various working
conditions and vehicle types. Due to this, suitability and power saving potential of a variable
roller charge pump in the hydrostatic drivetrain have to be evaluated. The power saving
potential is not only depending on the displacement variability but also on the pump
efficiency. Thus the full power saving potential of a variable roller pump could be achieved
with an optimization of the port plates design because the efficiency of aroller pump is
determined by port plate design similar to the valve plate design in axial piston pump.

The presented work should be focused on the energy saving potential of a variable roller
charge pump used in mobile machines. Finally it means the potential for fuel savings and
emissions. These savings should be achieved by the displacement variability of the charge
pump. Previous implementation efforts of a variable charge pump were not successful
because a lot of theoretical knowledge was not available and the power saving potential was
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1 INTRODUCTION

not interesting for mobile machines producers in the past due to relatively low mobile
machine ownership costs. The supposition is that with implementation of variable roller
charge pump with maximal displacement 20 cm?® into hydrostatic drivetrain could be saved
about 3-5% of engine power when it is not necessary to ensure high charging flow. Of course
better results could be achieved with bigger charge pumps. The durability of the pump,
cooling demands decrease and possible drive simplification via system components changes
in existing circuits are next possible benefits for mobile machinery.

1.2 Goals

This work deals with a variable roller pump theoretical analysis, an optimization and its
application into existing systems, especially into hydrostatic transmissions. Generally,
the goals and the whole work can be divided into two parts.

The first part is more focused on the component analysis. The theory for roller pump is
not generally published and this theory has to be derived in comprehensive from. This theory
enables the simulation model building which allows, together with suitable optimization
methods, efficiency optimization focused on the volumetric efficiency. The key elements
which determine pump efficiency are the kidneys on the port plates. Due to this, whole
optimization is realized through the port plate design changes. Proposed port plate designs
have to be tested and measurements compared with simulations for the confirmation
of the theory.

The second part of this work is focused on the system analysis based on a 1-D (one
dimensional) drivetrain simulation. This simulation model has to include a thermal
hydrostatic transmission sub-model as well. The power saving potential of the variable charge
pump is analyzed for two different mobile working machines (vehicles). These analyses
require a proposal of a variable charge pump implementation into hydrostatic transmission.
The gained experiences are formed into sizing methodology for variable charge pumps.
The work has to extend the actual state of the art in variable roller pump control and its
application into hydrostatic transmission. Based on the previous lines and state of the art, the
following goals can be defined:

e Derivation of theory (kinematics, dynamics, hydromechanics) of a variable roller pump
(necessary for building a 1-D simulation model).
e Optimization of a variable roller pump with focus on the (volumetric) efficiency.

e Port plate design as one of the main variable roller pump parts responsible for efficiency
value. This design has to use 1-D simulation model developed according to derived
theory.

e Testing of designed port plates.
e Analysis of power saving potential for two selected mobile working machines.

e Proposal of a modification of a variable roller charge pump system in existing
hydrostatic transmission systems.

e Creation of sizing methodology for variable roller charge pump in hydrostatic
transmission.

e Extension of the state of the art in the field of the variable roller charge pump control
and its use in hydrostatic systems.
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2 STATE OF THE ART

2 STATE OF THE ART

State of the Art is defined, in one of many definitions, as "the incorporation of new
ideas and the most up to date knowledge in order to make advancements in the already
existing knowledge" [8]. According to this definition, "state of the art" is the process
with which a new unique idea is incorporated in any field of technology, literature and
architecture. In general language is State of the Art defined as the development of new
techniques and procedures by expert people in a particular field [8]. As an example of Roller
pump State of Art is selected and shortly described a few well known patents and non-patent
literature information.

Fig. 2.1: Selected invention part from GB306031A.

2.1 Roller Pump

With roller vane pump in the title or abstract and FO4C as the European Classification,
can be found 143 results in the worldwide databases. The effort to commercialize roller
pumps in hydraulic area is known since 1928, when L. P. Barlow filed of the first patent
applications GB306031A related to rotary pumps in which roller pistons are impelled around
the inside of a chamber through the -medium of a slotted rotor (Fig. 2.1). Since that time
roller pump has been started to be employed in a wide variety of applications for many years.
See as well for example patents GB450595A (1934), GB489955A (1937), US2460018A
(1945), GB591143A (1947), GB654808A (1948), GB856687A (1957), GB1171907A (1969),
US3938918A (1974), JP59196986A (1983) and many others. For our needs most of all
interesting inventions are published in last two decades.

Patent publication US6312243B1 (1997) relates to a roller vane pump (Fig. 2.2) used
for operating an automatic transmission for motor vehicles and in particular for pumping
automatic transmission fluid in a continuously variable transmission. In this patent publication
is stated that the pump is provided with pump housing, a rotor located in the pump housing
and rotatable by means of a drive shaft, a cam ring located around rotor and roller elements
slideably accommodated with some tolerance in slots on the periphery of the rotor.
During rotation of the rotor, the roller elements interact in a sealing manner with the surface
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2 STATE OF THE ART

of the cam ring. The cam ring, the rotor, the roller elements and the pump housing define
a number of pump chambers, which may arrive interact with hydraulic channels in the pump
housing for allowing flow of fluid to and from the pump chambers. Fluid is communicated
between a hydraulic channel and a pump chamber either through one or more suction ports
for allowing a predominantly axial flow of fluid to a pump chamber, or through one or more
discharge ports for allowing a predominantly axial flow of fluid out of a pump chamber.

Fig. 2.2: Selected invention part from US6312243B1.

Such a roller vane pump is known also from the European patent EP0555909B1 (1992).
This patent states that roller vane pump is in particular adapted for pumping of large volumes
of fluid particularly automatic transmission fluid, while maintaining a high pressure
in a hydraulically controlled and operated continuously variable transmission used for motor
vehicles.

An invention presented in patent publication US6447277B1 (2000) relates
to a mechanically driven roller vane pump (Fig. 2.3) used for operating an automatic
transmission for motor vehicles, in particular a continuously variable transmission (CVT).
In this patent is stated that the aim of the invention is to reduce the noise generated
by the pump, to reduce the wear of pump parts, and to obtain higher pump efficiency. This
aim is, according to the insight underlying the present invention, achieved in enlarging
the surface area of the apertures through which fluid is allowed to flow to and from the pump
chambers. In particular, this aim is achieved in providing for a modified shape of the ridge,
wherein at least one of an inner surface and an outer surface of the ridge extends substantially
parallel to the cam ring surface over a substantial part of the tangential dimension of said
ridge. At the same pump vyield, a larger surface area of the apertures means a less extreme
under pressure, i.e. a higher feed pressure in a pump chamber when in communication
with the feed channels, which results in a reduction of noise generated by the pump and
in a reduction of wear of pump parts. The surface area of the apertures in the known roller
vane pump is smaller than said surface area in the pump according to the present invention,
because in the known pump the ridge surfaces have the shape of a segment of a circle and
extend substantially parallel to the circular periphery of the carrier. With this known shape
of the ridge, the distribution of the flows of fluid among the inner aperture and the outer
aperture is not well-balanced and not optimal for most tangential positions of the carrier.
In a preferred embodiment of the pump according to the invention, the surface area
of the apertures is at a maximum, because the ridges are located such that the radial distance
between the center lines of the ridges and the cam ring surface is substantially equal to
the radius of the roller elements.
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Fig. 2.3: Selected invention part from US6447277B1.

This configuration also provides an optimal axial support of the roller elements
by supporting the roller elements centrally and over a maximum possible surface area
of the roller elements for a given radial width of the ridges. Another drawback of the known
roller vane pump is that the roller elements are known to intermittently loose contact with the
cam ring surface, which is particularly undesirable at the instance the fluid pressure in a pump
chamber associated with a roller element changes from the feed pressure to the discharge
pressure and vice versa. This undesired loss of contact amounts to wear of pump parts, noise
generated by the pump and a decrease in pump efficiency. The roller element loses contact
with the cam ring surface when a force generated by a pressure difference between the carrier
chamber and the corresponding cam chambers is directed radially inward and has a higher
value than the centrifugal force, which is directed radially outward. The roller element then
moves in radial inward direction under influence of aresultant force, which is directed
radially inward, and loses contact with the cam ring surface. Such an undesired movement
occurs when the fluid pressure in the carrier chamber is lower than the mean fluid pressure
of the corresponding cam chambers.

With this construction, a less abrupt pressure increase in the carrier chamber is obtained
than with the known construction wherein the carrier chamber arrives directly
into communication with a discharge aperture having a relatively large radial dimension.
With respect to the known constructions incorporating an end-part having a radial width
which increases in the direction of rotation of the carrier, the pump performance is improved
in that for a substantial part of the range of rotational speeds of the carrier gradual pressure
changes in the pump chamber are obtained.
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2 STATE OF THE ART

It was found that a groove having a rectangular cross section is particularly suitable
for a CVT like application of the roller vane pump, wherein the pump must be able to cope
with high pressures and a widely variable rotational speed of the carrier. Such a groove
preferably has a depth in axial direction that increases in the direction of rotation
of the carrier. Due to the gradual pressure changes that will be achieved with the measure
according to the invention, the noise generated by the pump is reduced as is the wear of pump
parts. In a preferred embodiment of the pump according to the present invention, the pump is
provided with a gap between the roller elements and the carrier in tangential direction.
In a preferred embodiment of the invention the width of the gap in tangential direction is
dimensioned such that the rate at which the fluid pressure changes in the cam chamber during
operation substantially corresponds to that in the carrier chamber. According to the invention
the width of the gap in tangential direction may also be dimensioned such, that it corresponds
to a minimum width in tangential direction required for allowing said pressure difference to
become approximately zero. It is remarked, that taking a minimum width of the gap for
achieving the above-mentioned requirements is highly advantageous, because then the amount
of tangential movement and the tangential speed of the roller elements is limited, thereby
limiting pump noise and wear. A width in tangential direction having a value in the range
from 0.03 mm to 0.18 mm was found to be particularly suitable. In a presently favored design
of the roller vane pump such range corresponds to about 0.5 to 2.5 percent of a diameter
of the roller element.
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Fig. 2.4: Selected invention part from US2010047097A1.

The subject (Fig. 2.4) of patent application US2010047097A1 (2008) or
US2010047088A1 (2008) are directed to a roller vane pump driven by an electric motor,
wherein the rotor assembly of the electric motor also serves to pressurize the working fluid.
In an effort to simplify pump design US6109887A (1997), the disclosure of which is herein
incorporated by reference in its entirety, has added a blade to a rotor to push the working
fluid. The patent US6109887A says that the overall pump is still relatively large as a blade
was simply added onto a traditional rotor. In view of the above, there is a need
for an improved pump that has parts which serve multiple functions to simplify design and
decrease the overall profile. Pumps in accordance with the subject disclosure have numerous
applications such as fuel cells or as a cooling pump for a spacecraft, avionics equipment or
for computers and high-power electronics. Such pumps are miniature and can pump fluids
in pumped two-phase electronics cooling loops and be used for any applications requiring
a small pump. The subject disclosure is also directed to a vane pump assembly including
a cylindrical pumping wall having an inner circumferential surface defining a pumping
chamber. A rotor assembly is eccentrically mounted with respect to the cylindrical pumping
wall for axial rotation, the rotor assembly having a rotor body defining a plurality
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of circumferentially spaced apart radially extending vane pockets intermediate projections,
each projection being magnetic. A cylindrical roller is supported in each radially extending
vane pocket and a stator assembly surrounds the cylindrical pumping wall. The stator
assembly has windings for generating a magnetic field to act upon the projections. Housing
surrounds the stator assembly and defines inlet and outlet ports for ingress and egress of fluid.
Preferably, the rotor body has six projections and six vane pockets and the stator assembly has
nine windings. The cylindrical pumping wall may include a closed end and an open end,
which has been sealed to the housing to form a pressure boundary around the rotor assembly
and within the stator assembly, wherein the open end of the cylindrical pumping chamber has
a flange that is hermetically sealed to an annular groove formed in an inner face
of the housing.

Literature search presented in this thesis shows some works dealing with roller pumps
as well. Danardono and coauthors deal with fixed LPG roller vane pump in [9]. They focused
on the roller pump which is used for LPG fuel pumping from the tank. The purpose of this
work was to optimize the design of the roller vane pump in order to suppress cavitation and
increase fuel flow rate with computational fluid dynamics (CFD) simulations. Simulations
were performed at pump speed 2600 min™ and delta pressure 5 bar. Increase of the inlet port
cross section area, modification of the rotor size and increase of chamber volume gave
the best results in increasing the flow rate of the pump with acceptable risk of the cavitation.
Change of the kidney timing didn’t have a significant influence.

Kinematic and force analysis were done by Zhurba and Cleghorn in [10]. The authors
deal with a fixed balanced (double acting pump) roller pump, which is used as a pressure
source for transmission, accessory drive and other applications. Obtained equations include
inputs such as geometry, shaft speed, inlet pressure and outlet pressure. The outputs are shaft
torque, dynamic and kinematic parameters of the roller. The model includes dissipative forces
to account for hydraulic effects. A comparison between measurements and simulations shows
a very good agreement, but in low delta pressures up to 5 bar only. This work provides a good
base for kinematic and dynamic analysis of a double action (balanced) roller pump, which
could be adapted for single action (unbalanced) roller pump.

Jiadi and coauthors analyzed a roller slot design for a fixed balanced (double acting
pump) roller pump in [11]. The target of this work was to decrease the contact force between
roller and cam ring. The optimal slot angle is 42.5 according to the calculation performed
in this article. The similar works from the same research group can be found in [12], [13].
Both articles deal with a roller pump for spraying applications. These pumps operate in low
pressures.

The roller pump control is not the main focus of this work. Actually no article
about roller pump controls are available but articles which deal with a vane pump control
could be used due to the identical principle of the displacement change. Very good papers
were written by Karmel in [14], [15], [16]. These works analyze forces acting on the vane
pump cam ring and describe the dynamics of the control in linearized way.

Another literature source is a thesis written by Tyler Bo Li in [17]. This thesis describes
the design, modeling, control and efficiency of a hydraulic actuation system for a variable
displacement vane pump, which is motivated by the need for enhanced efficiency and
compactness in mobile hydraulic systems. Another good research was done by Patrick Dean
in [18]. Dean’s research is focused more on the control approach, but described also the pump
dynamics at the beginning of the thesis.
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Energy savings of the variable vane pump used for engine lubricating are investigated
by Meira and co-authors in [19]. The variable vane pump achieved average power saving
about 56% in comparison with the standard fixed gear (g-rotor) pump. The total fuel savings
are approaching up to 3 %. Variable vane pumps are widely used for the engine oil
lubrication.

The state of the art in this work doesn’t focus primary on the alternative pump types
such as variable vane pumps and variable gear pumps. Variable vane pumps are widely
produced and implemented in many applications and theoretically they can be used
for the charging system also. Work on the assumption, that roller pumps have higher
durability and lower manufacturing costs prefer the application of a variable roller pump.

The variable gear pump could be a very good alternative to the roller and vane pumps
in the future. Especially interesting and intensive work of Andrea Vacca on the gear variable
gear pump could bring real application [7]. Actually it looks that the main disadvantage
of the variable gear pump is limited displacement variability up to 40% of the maximal
displacement (100%...60%).

It becomes clear the holistic theory of roller pumps is not published in available
literature yet. The base for the theory derivation is a book written by Jaroslav lvantysyn and
Monika lvantysynova [20]. This book deals with vane pumps among other things such as one
dimensional simulation approach and axial piston pumps. The knowledge from this book can
be used for the initial theory derivation based on the equation derived for a vane pumps. Fitch
and Hong describe the vane pump principle in [21] and the general hydraulic simulation
approach in [22]. The book from John Cundiff gives a base overview about vane pumps
in [2]. The general one dimension hydraulic simulation approach can be found in books
from Manring [23], Noskievic [24], Turza [25] and Nevrly with co-authors [26].

Search for actual applications of roller pump in the industry shows only two
applications. The first application is an automotive industry, where this pump type is used
for fuel pumping [27]. The second is a sprayer application [28], where roller pumps are used
for chemicals pumping. The example of spraying pump is shown in Fig. 2.5.

Fig. 2.5: Fixed roller pumps produced by company Hypro [28].

30



2 STATE OF THE ART

Both applications have a different focus than pump. Especially delta pressure level is
significantly lower (<10 bar) than delta pressure demanded in our applications (20-40 bar)
and both applications use fixed displacement pumps. Base on this search it is clear that actual
market doesn’t offer variable roller pump with parameters similar to our demands.

2.2 Variable Charging System

As mentioned, no actual application of fixed or variable roller pumps is available
in hydrostatic transmissions on the market. An internal variable charge pump is also not
available on the market. Some dozers use an external variable charging system which
functionality is much more complex. The charge pump is realized with variable axial piston
pump, which is used for additional functions as well. VVariable charge pump in open hydraulic
circuit was analyzed in [29]. Globally the solution with Variable Charge Pump of the open
tractor hydraulic circuit presents power saving of about 28% considering the entire duty cycle.

Hydraulic systems can be found in the worldwide patent database under European
Classification F15 or F16. Mostly, results are related to charge pumps used in hydrostatic
systems as transmissions or steering (W02008121203A1, US2008/0238187 Al, US7007468
B1, US6176085B1, DE102009056624A1) or variable pumps as an auxiliary part of a pump
unit (W02008138711A1, WO2008138712A1).

Variable charge pump systems in patents literature occur mainly in patents coming
from companies like John Deere, Bosch Rexroth, Hitachi, Caterpillar and HydroGear.
The search of the key word *’variable charge pump’’ in categories B60K, F16H, FO4B, F15B
or FO1B according to the classification IPC found several documents dealing with a variable
charge pump in systems. No document dealing with a variable roller charge pump in a system
was found. It can be concluded that variable roller charge pumps are not used in actual
applications.

In the patent US8567544B is stated that a hybrid hydraulic power transmission system
for all terrestrial's vehicles comprises a prime mover and an accumulator which could also be
used as the main load bearing full or partial frame for all those vehicles. A hydraulic power
integrator is operatively connected to the prime mover and the accumulator and selectively
able to draw power for the vehicle from the prime mover, the accumulator, or a combination
thereof. The hybrid hydraulic system may have a secondary unidirectional variable charge
pump on the same shaft as that of the power integrator. This secondary unidirectional variable
charge pump recharges the accumulator if the prime mover has extra torque and/or
the accumulator have extra oil pressure.

In US7954317B2 a hydraulic system for an agricultural vehicle is proposed. This patent
stated that the hydraulic system comprises a main hydraulic circuit, which is fed
with hydraulic fluid by a main hydraulic pump, a variable displacement charge pump which
supplies charge pressure to the main hydraulic pump, and lubricating hydraulic circuits.
In order to keep efficiency losses on the vehicle to a minimum, particularly at high engine
speeds, part of the hydraulic fluid delivered by the charge pump can be diverted
to the lubricating hydraulic circuit. The variable or adjustable charge pump is set such that,
in the charge pressure hydraulic circuit, a certain charge pressure is always reached, which is
maintained by the charge pump by alteration of the delivery volume.
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A Caterpillar hydraulic system, described in US2008/0238187A1, has a reservoir
configured to hold a supply of fluid. In the patent is stated that the hydraulic system also has
a variable displacement pump (Fig. 2.6) configured to supply charge fluid and pilot control
fluid to the hydraulic system.
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Fig. 2.6: Selected invention part from US2008/0238187A1.

Invention US2010/0119383A1 relates to a pump unit comprising a main pump and
a charge pump having a variable pump capacity. This invention says that the pump unit
comprises a main pump and a charge pump having a variable pump capacity. An adjusting
means is provided for adjusting the pump capacity of the charge pump; the adjusting means is
acted upon with an adjusting force that is dependent on an inlet pressure of the main pump.
By generating an adjusting force that is dependent on the pressure present at the inlet side
of the main pump, it is ensured that there is an immediate reaction to the adjustment
of the pump capacity of the charge pump if the inlet pressure of the main pump changes.
In this manner it is possible to prevent pressure spikes, and it is ensured that an undersupply
of the main pump and, therefore, an occurrence of cavitation are reliably prevented. This has
a positive effect on the service life of the main pump. The decisive factor is that the pump
capacity is adjusted as a function of the pressure on the inlet side. Pressure fluctuations that
are due, e.g., to a filter located between the main pump and the charge pump, have no effect.

A pressurized hydraulic (hydrostatic) fluid system in US2005/0132701A1 accordance
with the preferred embodiment of the present invention includes a charge pump, a hydraulic
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motor drivingly coupled to the charge pump, and a main hydraulic unit adapted to function
as a hydraulic pump. In this patent is stated that the main hydraulic unit is provided to drive
the hydraulic motor when functioning as the hydraulic pump. The charge pump of the present
invention is in fluid communication with the main hydraulic unit when the main hydraulic
unit functions as the hydraulic pump for maintaining a sufficient inlet pressure in the main
hydraulic unit functioning as the pump. Moreover, the charge pump flow is proportional
to the main hydraulic unit flow and so the hydraulic fluid system of the present invention is
prone to waste less power.

Purpose of JPS58102806A is to prevent an occurrence of energy loss and cavitation
of the oil pressure closed circuit for driving actuator by a method wherein a charge pump
comprises a capacity variable oil pressure pump which is controlled in accordance
with the pressure of a main circuit on a low pressure side. This patent says that the charge
pump comprises a capacity variable oil pressure pump. A displacement volume variable
mechanism of the capacity variable charge pump is controlled by a control cylinder.
The control cylinder includes a pilot pipe to connect a pressure chamber and the discharge
side of the capacity variable charge pump. With such a construction, when the pressure
of the main circuits on the low pressure side is larger than a preset pressure, the push away
volume variable mechanism is maintained at a neutral position. To the contrary, when
the pressure is smaller than the pre-set value, the mechanism is moved to a pressurized oil
discharge position so that the occurrence of energy loss and cavitation in the actuator driving
oil pressure circuit can be prevented effectively.

Probably the most related patent to the variable charging system is the patent number
US8833069B2. The invention deals with a variable charge pump connected with a variable
flushing system. The flushing system is controlled electronically. The system overview can be
seen form Fig. 2.7.
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Fig. 2.7: Selected invention part from US8833069B2.
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Till now no (for the purposes of present work) literature (article, book, report) was
found focused on the variable charge pump system development or evaluation of its power
saving potential in hydrostatic transmission. The general approach to a system could be found
in many books, which deal with hydrostatic transmissions, for example [20], [21], [2], [24],
[26], [30], and [31], [32]. Next possible sources are dissertation theses as [6], [5] and articles
such as [33]. In the [2] could be founded more information about charge pump sizing.

The previous state of the art investigation is focused on the charge pump displacement
variability but it is necessary to mention that there is another possibility how to decrease
charge pump power demands. It is clear, that the demand for the charge pressure level is
depending on the HST working conditions. This alternative approach is based on the charge
pressure regulation according to the HST demands. For example the charge pressure is
reduced in idle mode with a separate electric actuated pressure relief valve. This is not a very
sophisticated approach, but applied in some of today’s mobile applications. There are certain
limits of this method and power savings are lower than savings achieved with a variable
charge pump. The disadvantage of the charge pressure regulation is the pump performance
dependency on the charge pump pressure level. The most interesting combination and
the most expensive could be a variable charge pump with electronically adjusted pressure
control.

Based on the literature search it could be concluded that this doctoral thesis could fill
amissing place in the actual State of the Art. Especially in the area of the roller pump
dynamics, kinematics and system implementation. The main contribution of doctoral work
to the actual State of Art will be complexity of the phenomena accounted for the variable
roller charge pump investigation.
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3 THEORETICAL BACKGROUND OF ROLLER PUMPS

Starting line for the roller pump research is the theory of vane pumps which is already
very well published and confirmed by a lot of real applications. The examples of the vane
pumps theory are presented in [21] and [20].

The variable roller pump is one alternative way how to realize a variable pump for low
pressure applications which is the main added value of this pump. The roller pump could be
used as an auxiliary pump or as a charge pump.

Roller pumps are not very common in hydraulic systems. Generally, the roller pump is
a special modification of a vane pump where vanes are replaced by rollers. So, a lot of vane
pump knowledge can be applied on roller pumps. The typical configuration of a roller pump
with fixed geometric volume is shown in Fig. 3.1. The basic parts of roller pumps are rotor
(carrier) with roller slots, rollers, cam ring (stator) and port plates. Inlet (low pressure - LP)
and outlet (high pressure - HP) kidneys of the port plates can be split to outer and inner
kidneys according to displacement chamber location.

Port Plate B Outlet (HP) Kidneys

Cam Ring

| Vg
Port Plate A , o Y g (W)

Fig. 3.1: Roller pump parts — exploded view.

The outer displacement chambers are located between rotor and cam ring and are
limited in the circumferential direction by the rollers. The inner displacement chambers are
located between rotor and rollers in roller slots. The Fig. 3.1 and Fig. 3.2 help to explain
the pump function. The rotor is placed eccentrically; it means there is a distance between rotor
center and cam ring center. This distance is called rotor eccentricity. The rollers can move
radially in the slots and they are pressed against the cam ring by the centrifugal force.
The rollers are loaded by the pressure in inner and outer chambers. For a correct pump
function, it is necessary to ensure the sealing effect with the contact between rollers and cam
ring. Due to the eccentricity of the rotor, the displacement of outer and inner chambers
increase during half a rotor revolution, it means that the fluid is sucked and during second part
of the revolution, the displacement decrease and the fluid is delivered to the pump outlet [20].
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Fig. 3.2: Roller pump schematic view.

The kinematic equations for chamber displacements and fluid equations have to be
derived according to the simulation method based on one-dimensional modeling with pressure
build up equations. The next important step is the calculation of the cross section areas which
are connecting the chambers to kidneys.

3.1 Basic Equations

The equation given in [20] for calculation of a vane pump displacement can be used
for the roller pump. The geometrical pump displacement is determined as:

T
Vg =2 Wiol * €rot * Zyol * dcam TSIn— (31)
Zyol

where Wy, is the roller width, e is rotor eccentricity, z.o is number of rollers and dcam IS inner
diameter of cam ring. A cut view and basic geometry of the roller pump are shown in Fig. 3.3.

The effective output flow rate Q. for constant pump Ap can be written as a difference
between theoretical flow Qo and volumetric losses Qs:

Qe = Qteo - Qs (32)

Qe = Nyot I{q - (Qsi + Qs + Qg + st) (3.3)

where ny is rotor speed, Qs are internal flow losses, Qs are external flow losses, Qs are
compression flow losses and Qs are filling flow losses.

The filling losses Qs will be neglected because this work starts with lower speeds where
a chamber filling was assumed as a relatively sufficient.
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Fig. 3.3: Roller pump geometry — cut view.

The compression losses Qg are described by equation:
_i( - )
st = Nypot Vmax ' (1 —-e€ Ka purTbLy ) (34)

Vimax = Vg + Viea (3.5)

where pup is high pressure, pp is low pressure and Ve, is dead volume in the pump volume
which is not pumped.

The adiabatic Bulks modulus K4 can be calculated from the following equation [20],
which contains fluid Bulks modulus K, atmospheric pressure pam , pressure p, air volume Vi,
fluid volume Ve and polytrophic exponent «:

K-(1+%
K, = ( T ';F) p (3.6)
1+ (52 e

The external volumetric losses Qs are the sum of all partial external losses. The external
losses in the pump are shown in Fig. 3.4.
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Fig. 3.4: External leakage in roller pump,
A — Inner Chamber, B — Outer Chamber.

These gap leakages flow from inner/outer chambers to the case of displacement
machine through a gap between rotor, cam ring and port plates:

Zrol

Qse = Z(Qsel + Qsez + Qsez + Qse4) (3-7)
i=1

External losses are not focus of this work and for this reason they are not used in the
simulation model due to the assumption that external leakages are not significantly affected
by port plate design.

For calculation of the total amount of internal cross port leakage (CPL), the following
equation is used:

Zrol

Qs = ;(an + Qsiz + Qsiz + Qsia) (3.8)

Partial internal leakages (CPL) Qsii (Qsi2, Qsiz) can be calculated with using the orifice
equation [21] where ap is discharge coefficient, A is orifice cross section area, Pout, Pinn are
pressures, i outer and inner chambers, poi is fluid density. Flows Qsi, Qsiz have to be
calculated with orifice equations and the pressures build up equations:

2 (Pout — Pinn) .
Qsi=ap-A- \/ 01;; il — sign(Pout — Pinn) (3.9)
oi
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Fig. 3.5: Internal leakage in a roller pump — cross ports.

Following equations for the torque and efficiency requires real derived pump
displacement, but for simplifications reasons Vy is taken into account. The effective input
torque T, of a real roller pump is the sum of the theoretical torque Twe and total torque
losses Ts:

Ap -V,
T= T+ To= — 4T, (3.10)

For the pump overall efficiency #;, the well-known basic equations could be derived:

Ne = Mot " Mhm (311)

where the volumetric efficiency #, and the nnm hydro-mechanical efficiency can be written as:

Qe
vol = 3.12
ol =y, (3.12)
V,Ap
g
= 3.13
Nhm 2T - Te ( )

3.2 Fluid Equations

The one dimensional simulation approach requires using the pressure build up equations
for the calculation of the pressure in the outer and inner chambers. The following general
equation [20] describes the change of chamber pressure p with volume V:

e (X5 314

39



3 THEORETICAL BACKGROUND OF ROLLER PUMPS

The previous equation could be applied on the inner pi,, and outer poy: chamber pressure
calculation of the roller pump:

dpinn _ KA

dVipnn,i (£)
& V@ (QLPI’nn_QHPinn + Qg + Qqr — %) (3.15)
dpout KA dVout,i (t)
dt = Voue (6 . (QLPout_QHPout - QgL - QgR - T) (3.16)

The inner chamber displacement is Vi, and outer chamber displacement is V.
The variables Qupinn, Qupout IN equations (3.15) are (3.16) are flows from the outlet (HP)
to the inner/outer chamber. Qypinn and Qpoy: are flows from the inlet (LP) to the inner/outer
chamber, Qg representing flow from inner chamber number i to outer chamber number i
through the gap between the roller and the roller slot. Qgr represents the flow from the inner
chamber number i to the outer chamber number i-1 through the gap between the roller and
the roller slot. The numbering (i) of chambers and flows is shown in Fig. 3.3. The graphic
explanation of model building is shown in the next section 5.1, Fig. 5.4.

The flows Qup, Qup, Qg and Qgr In equations (3.15), (3.16) can be calculated
from the general orifice equation (3.9) with respect of the flow direction. The inlet and outlet
orifice areas for these flows Qup, QLp Were calculated with a special inlet outlet orifice area
tool which was developed for this purpose.

This tool is based on a digital analysis and the output of this tool is the area
of the covering between the chamber cross section and the kidney cross section in relation
to (rotor) rotation angle. The calculation algorithm of this tool consists of four steps. The first
step is a cross section plot of the demanded chamber in the required position with kidneys (all
in black color and fixed scale) and counting the number of black pixels within the figure
via an optical analysis algorithm. The second step is plotting the same picture without kidney
and counting of black pixels again. The next step is building the difference of the sum
with kidney and without the kidney. At the last step, this difference is converted to a cross
section of kidney of the analyzed chamber, position and kidney with usage of a scale factor
(area/one pixel). These steps were implemented into an algorithm in Matlab, so that the cross
section areas of all chambers and all demanded discrete positions are calculated according
to the user parametric input. A simplified view on the tool’s principle is shown in Fig. 3.6.

Inner Chamber Inner Chamber
plot with kidney plot without kidney

Resultant cross
section area

Fig. 3.6: Principle of the cross section calculation tool.
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3 THEORETICAL BACKGROUND OF ROLLER PUMPS

The cross section areas of gap flows (roller slot flows shown in Fig. 3.7) Qgr, Qg are
depending on the pressure difference around the roller. These areas were calculated
analytically.

A - Inner Chamber
B - Outer Chamber

Fig. 3.7: Possible gap flows (roller slot flows).

The volumes Vo and Viy, in pressure build up equations (3.15), (3.16) represent
the outer chamber volume and the inner chamber volumes, presented in Fig. 3.8.

chamber

chamber

Fig. 3.8: Partial chamber volumes and schematic view
on separation of outer chamber.

According to the equations (3.15), (3.16), it is necessary to determine the volumes Vot
and Vi, of the chambers and the time derivation of these volumes. The cam ring radius Ugam
(shown in Fig. 3.3) could be written with radius angle ¢ as [20]:

e d e
rot . COS(Z . (p) + .cam rot )

3.17
2-dcam 2-e 317)

ucam((p) = €rot° (COS @+

rot 2 dcam
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3 THEORETICAL BACKGROUND OF ROLLER PUMPS

The roller pump has two types of chambers (Fig. 3.8a). The first, the outer volume Vot
(volume between rollers) has to be divided to four parts for a simple calculation as shown
in Fig. 3.8b.

Outer chamber volume can be calculated as a sum of a partial volumes V and minus half
of roller (with diameter Dyq)):

/ " " " Dr 1
Vout(go) = Vout + Vout + out Wrol ’ 8 > (318)

The first part of the outer volume Vo represents according to Fig. 3.8b the volume
between the cam ring, rotor and rollers center. The second part and third part were created
by a separation of the outer volume. The width of the roller is corresponding to the variable
Wio @nd rotor diameter to the variable Do The first part V’oy is equal to the integral:

Zra[ ot
Vit = Wror f m((p)) - (%) d (3.19)

(p_zml

and the second part (half-moon) as:

2

Vout = Wrop* [? (9 — sin 19)] (3.20)

where half-moon angle 9meon and half-moon height hyoon:

w
oo = 2 - asin- ﬁ (3.21)
Do Dr0t2 - Wsloz (322)
Rimoon = 2 2

The third part can be written as:

" D D,,; T T
Vour = Wror* <2 ' ( ;01‘_ h + %) —Ucam* ((P - _> —Ugam* ((p + _)> (323)

Zrol

The inner chamber volume is equal to:

2 2
] mT"Wg, —T" D i
Vinn((p) = Wrot* (Wslo ' ( cam((p) Pro - umin) + = 3 = ) (3-24)

In both expressions for the outer volume Vy in (18) and the inner volume Vi, in (21),
the angle ¢ can be substituted by following equation:

<p=2-n-nm,-t+<p0 (325)
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3 THEORETICAL BACKGROUND OF ROLLER PUMPS

where ¢ is initial angular offset from analyzed chamber to the origin. The volumes Vin(t) and
Vout(t) are functions of time and they could be derived in time after a substitution. These time
derivations of the volumes are used in equation (3.15) and equation (3.16). Derivations
of chamber volumes in time are not shown in this work due to their long expression.

3.3 Roller Equations

The determination of roller forces is depending on the coordinate system which was
chosen for final force determination.

Tangetial
L direction

. Radial
 direction

Rotor
Center

~Cam Ring ' \
Crot Center

Fig. 3.9: Roller force analysis.

In this case, the coordinate system center in Fig. 3.9 is placed into roller center.
The radial direction Xgro (axis) for coordinating system was chosen on the connection line
from roller center to the cam ring center with positive orientation heading out from the rotor
center. The tangential direction xtro is perpendicular to the radial direction and positive axis
orientation is corresponding to the rotor rotation.

The roller rotation acceleration around own roller centerline is defined
by the variable ¢. The roller mass is my and the roller inertia is I,. Fig. 3.9 shows: normal
roller forces Fncam and Fyrot, friction roller forces Fiam and Fior and centrifugal roller force F..
According to Fig. 3.9 and previous text, the following equations of motion (radial equation:
(3.26), tangential equation (3.27) and rotation equation (3.28) are written:

. Pout,i + Pout,i-1
My " XRroli = [Fc,i + Ffrot,i + (pinn,i - == 2 e ) *Wrot " Drot| -
Pout,i — Pout,i-1
. COS(,Bdev,i) + [Fnrot,i - ( s 2 e ) *Wrot Drol] ’ (3-26)

' Sin(ﬁdev,i) - Fncam,i
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. Pout,i + Pout,i-1
Myo1 " XTroli = _Fc,i - Ffrot,i — |\ Pinn,i — 2 "Wrol”
' Drol] ' Sin(ﬁdev,i) - cham,i - Fcor,i + (3.27)
Pout,i — Pout,i-1
+ [Fnroti - ( o 2 o ) *Wyor * Drol ' Cos(ﬁdev,i)
N Dyo1
Lot " Oroti = (Ffrot,i_cham,i) ’ % (3.28)

The Coriolis force can be calculated with rotor acceleration ¢y as:

. . . D,,
Fcor,i =2 Myo;* Prot * Xroi T Myor * Prot * (ucam - %) (3'29)
and the deviation angle f4e  caused by rotor eccentricity, could be determined from the cosine
theorem in the following way:

N e )
T e o B

|

These equations are valid when the roller is in contact of the trailing edge of the rotor.
When the roller is in contact of the leading edge of the rotor the direction of the normal
contact force between rotor-roller has to be changed.

(3.30)

The following simplifications of the roller force calculations have to be implemented
in the simulation model used in the optimization tool due to the high complexity of the model.
The friction and Coriolis forces are neglected, rotor eccentricity is equal to zero and the radial
and tangential forces acting on the rollers in steady state are:

(2 TT nrot)z

D (3.31)
Ucam ((p) - Tl

Pout,i + Pouti-1
2

Focam,i = (pinn,i_ ) “Dyot* Wror + My

pout,i - pouci—l

2 ) ' Drol * Wil (332)

Fnrot,i = (

3.4 Derivation of Cam Ring Forces

The derivation of the cam ring forces is important for a suitable control system design.
Each sophisticated control or port plate design requires a cam ring force calculation. The main
forces acting on the cam ring can be identified according to the variable roller pump design
(Fig. 4.3). They are: roller forces, pressure forces and spring force. The pivot friction was
neglected. The most important force from the design point of view is the force which is acting
on the cam ring spring. This force will be derived based on the pressure force calculation.
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3 THEORETICAL BACKGROUND OF ROLLER PUMPS

The pressure force acting on the cam ring is the biggest part of the total spring force
calculation and it is depending on the pressure profile in the outer chamber, which calculation
was presented in previous chapters. The calculation of the chamber area which is loaded
with chamber pressure is shown in Fig. 3.10.

Chamber
S Pressure Area

Feham,i %

..

-

-
-
-

Ring Center

Fig. 3.10: Pressure force of outer i- chamber.

The resultant outer pressure force acting on the cam ring area (magenta color) can be
calculated also with the Cosine theorem, according to equation (3.33) [34]:

Fcham,i = Pout,i " Wrol "

2_7T> (3.33)

' (ucam,i)2 + (ucam,i—l)z -2 Ucam,i " Ucam,i-1 * COS (Z
rol

The particular forces acting on the cam ring are presented in Fig. 3.9 where
the direction and origin of each force is defined. Due to the rotor eccentricity it is necessary
to determine the angles of the roller and chamber forces. The angles of the roller and chamber
forces are known only for the coordinate system with the center in the rotor center, but
for the resultant cam ring force calculation, the origin in the cam ring center can significantly
simplify the whole calculation. The angle transformation equations are shown in equations
(3.34) and (3.35), where 9o presents the angle of the roller force and Jcham presents the angle
of chamber pressure forces. The roller deviation angle f4y can be obtained from roller force
calculation presented in the previous chapter. In a similar way as S, the chamber deviation
angle wqey can be also derived:
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3 THEORETICAL BACKGROUND OF ROLLER PUMPS

19rol,i = Qroli T .Bdev,i (334)

19cham,i = Qcham,i + lpdev,i (3-35)

The spring force — the force acting against the compression spring - can be calculated
as a sum of all forces acting on the cam ring.

Cam Ring f
Center

Fig. 3.11: Forces acting on the cam ring.

In the case of steady state and with neglecting the pivot and cam ring friction, the final
equation (3.36) for the spring force calculation is derived:

Zrol

Fspr = - o z Opiny * (Fcham,i * COS 19cham,i + Frol,i * COS ﬁrol,i) + Opinx
pinY = (3.36)
. . cam
' (Fcham,i *S1n 19cham,i + Frol,i ' Sin ﬁrol,i) + Fcam,i ' 2

The pivot horizontal offset opinx and vertical offset opiny are defined according to Fig.
3.11. Both distances are referred to the cam ring center.
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3 THEORETICAL BACKGROUND OF ROLLER PUMPS

3.5 Roller Sealing Contact

As mentioned before, for the correct pump function it is necessary to ensure a stable
sealing contact between rollers and cam ring. At the ideal operation conditions, the resultant
force of the roller is equal to centrifugal force and this force is acting against the cam ring.
But this effect is caused by the pressure balance between pressures acting on rollers in radial
direction. This condition could not be ensured in transition areas when the chamber
connection to kidneys is starting or finishing. Transition areas cause not ideal behavior
of the radial and tangential roller force balance by non-ideal pressure profiles in the chambers.
At the end, the non-stable contact between roller and cam ring contributes to a reduced
volumetric efficiency. The non-stable contact could decrease the sealing effect between roller
and cam ring and connect two outer chambers, which could increase cross port flow
in the transition area and decrease pressure peaks in the chambers. The cut down
of volumetric efficiency decrease total efficiency of the pump and it results in lower energy
savings.

Fig. 3.12: Results of sliding contact between cam ring ,rollers and rotor
during durability test of non-optimized hardware under 4p 40 bar,
inlet oil temperature 80 T and speed 2500 min™, a) after 10 hour, b) after 80 hours.

It means that the roller pressure balance is very important for the pump performance and
durability. Based on the previous lines it becomes clear that a pump simulation based
optimization will be very helpful in this area.
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3 THEORETICAL BACKGROUND OF ROLLER PUMPS

Generally, the application of any cross port flows (Fig. 3.5) in the pump design has
a disadvantage resulting in a cut down of volumetric efficiency but it has an advantage
in the cutting down pressure peaks in the chambers, which has a positive effect on the pump
durability. The pressure peak decrease has a direct impact on the wear of the components
which has to be scoped during the design and optimization process. The rollers, rotor and cam
ring are parts which primary suffer from pressure peaks in chambers: The pressure peaks can
result in wear marks at these parts. The explanation of the wear mark creation is that
the pressure peaks in the chambers increase contact pressure. The increase of the contact
pressure could result in a short stop of the roller rotation on cam ring and short sliding contact
between roller and cam ring. It can be visually observed after a durability test of the roller
pump, where marks on the cam ring, rollers or rotor were made. One example of non-
optimized hardware with marks is shown in Fig. 3.12.

Thus a tool which has to be developed should simulate the pump behavior with the focus
on cross port leakage and pressure profile in the pump chambers. The tool should provide
a port plates design with lower pressure peaks and acceptable cross port flow. The core part
of this numerical tool is a simulation model especially designed for cross port leakage and
chamber pressure evaluation. This focus has the advantage of giving an indication to total
pump efficiency via cross port leakage which is a measurable output for the important tool
validation. For this reason, the tool is focused on kidney design.
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4 ROLLER PuMP CONTROL

All pump control principles used for variable roller pumps are based on
the displacement change. Generally, the purpose of the displacement control is to control
pump performance or/and decrease pump power demands when it is not necessary.

The principle of the roller pump displacement change could be explained with basic
equation (3.1) used for displacement calculation. This equation shows that the volume
(displacement) of the roller pump is depending on the cam ring inner diameter, the number
of rollers, the width of rollers and the rotor eccentricity. The change of the pump displacement
is realized by the rotor eccentricity variability in this case. For example, a similar principle
could be seen at variable vane pumps applied in the automotive or in the general hydraulic
industry [35], [36], [37], [38]. Theoretically, the variable roller pump could be equipped with
a lot of control variants such as the displacement control, the torque control, the pressure
compensated control, the load sensing (flow compensator) control or another control type.
Many applications use small pumps as a pressure sources and due to this, these pumps use
a mechanical pressure compensated control which is used in the application investigated
in this work also. Due to this, this work deals mainly with the pressure compensator control
only.

Generally, each pressure compensator control tries to keep the outlet pressure constant
if it is possible. The better overview about the pressure compensator control function gives
Fig. 4.1. This figure shows idealized flow-pressure characteristic.

Max Flow iLeakage
w0
o
c
; =
\ Pump with zero 2
minimal dispalcement o
S 2 Leakage
u—? Pump with non-zero @
minimal dispalcement o, Pso - ----=-1 - =
0 ! Min Flow|
0 Pressure ——— Max Pressure

Deadhead Pressure

Fig. 4.1: Idealized pressure-flow (p-Q) characteristic
of the pressure compensated pump with pump configuration.

This curve is obtained by loading the ideal pressure compensated pump with relief valve
(or variable orifice).The pump runs at constant speed. The slight flow decrease between
minimal pressure and pressure setting is depending on the pump volumetric efficiency or
with other words on the pump leakage [2]. When the outlet pressure reaches the pressure
setting (of pressure compensator), the pump displacement begins to decrease and the pump
flow decreases up to zero or to minimal flow corresponding to the minimal displacement.
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Fig. 4.2: Proposed control variants for variable roller pump.
a) Variable roller pump with simple pressure compensator control.
b) Variable roller pump with simple servo pressure compensator control.
¢) Variable roller pump with spool pressure compensator control.
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The pump with minimal non-zero displacement is not able to achieve deadhead pressure
with zero outlet flow which is also shown in this figure. The rate of the flow (displacement)
decrease corresponds to the rate of the pressure compensator spring or with other words it
corresponds to the overall proportional control gain at pumps with more complicated and
sophisticated control system. Pumps with a non-zero minimal displacement show slight flow
decrease at the end of the p-Q due to the volumetric efficiency too.

The advantage of the pressure compensated control (with a pump, when the minimal
displacement is zero) is that the pressure compensated pump is able to keep deadhead
pressure with minimal pump flow when the load flow demand in a circuit is minimal.

This feature decreases the input pump power and the pump saves energy what
is the main advantage in comparison with a fixed pump. The pump is in minimal
displacement with the outlet pressure equal to the deadhead pressure, this operation condition
is called a standby mode. The power consumption in this case is minimal. The power
consumption covers only friction losses at the pump and pump leakage [2]. Our application
and other applications where zero flow is not demanded can be equipped with a pressure
compensated pump with non-zero minimal displacement.

Three types of the pressure compensator control were selected for our application based
on the requirements. All types are shown in Fig. 4.2 - the simple pressure compensator (PC)
control, the servo pressure compensator (PC) control and the spool pressure compensator
(PC) control.

4.1 Pressure Compensator (PC) Controls

The principle of the simple pressure compensator (PC) control used in this work can be
described with following sentences: The pump displacement is proportionally depending
on the rotor-cam ring eccentricity, which changes with the cam ring motion around the pivot.
At low outlet (discharge) pressure (HP) the pump displacement is in maximum (maximum
rotor eccentricity) due to higher spring force (spring preload) and the lower outlet pressure
force acting on the cam ring. The resultant force pushes on the cam ring and holds the cam
ring at the maximal rotor eccentricity, it means at the maximal displacement. A growth
of the outlet pressure increases the outlet pressure force on the cam ring, which acts
against the spring force which becomes smaller than the outlet pressure force.

The resultant force on the cam ring changes direction and moves (rotates) the cam ring
to the lower eccentricity (displacement). The reduction of the pump displacement results
into a decrease of the outlet flow which reduces the pump outlet pressure. It means that
a suitable spring design (spring preload, spring rate) can ensure a constant outlet pressure,
which is demanded in charge pump application.

During the pump operation, high pressure (HP) forces act on the cam ring and try
to rotate cam ring against the spring force around the cam ring pivot (Fig. 4.3). Theoretically,
it means that the increase of the outlet pressure (HP) reduces the pump displacement.
An adjustment of the control spring preload allows a change of the outlet pressure when
the control starts to be active. The spring rate has direct impact on the pressure vs.
displacement sensitivity. The achievement of the same displacement with a stiffer spring
requires a higher outlet pressure than the control with a more soft spring. So, pump needs
a higher outlet pressure for achievement of the minimal displacement with a higher spring rate
than with a lower spring rate.
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The control mechanism is clear to understand, but the theoretical description is much
more complicated. The cam ring forces calculation is very important for the spring force
selection and suitable control design of the pump. The behavior of cam ring forces is similar
to the behavior of swash plate forces acting on the swash plate at an axial piston unit which
causes the cam ring force non-linearity.

Pivot

Adjustable
Spring

Fig. 4.3: Principle of variable roller pump
simple pressure compensator (PC) control.

Used simple pressure compensator control is sensitive to the cam ring forces which
have a negative impact on the control performance but on the other hand the whole pump
design is very simple and robust. The biggest advantages of this design are: minimal design
space requirements and very low costs. The performance measurement of this control is
elaborately described in section 4.2. During the pump measurements it was confirmed that
the presented simple PC control is suitable for charge pump applications and for other
application with lower focus on the control performance. One example of the system test can
be seen in Fig. 6.6. The measurements of the simple PC control resulted in applications
of more sophisticated control design which is described in following sections. The more
sophisticated control was applied due to validation of the idea that the variable roller pump is
able to operate with better performance if it is required.

The servo pressure compensator control is similar to the simple PC control, but it may
solve the weakness of the simple pressure control — significant sensitivity to the cam ring
forces, what means sensitivity to the operation conditions. The first design change is the zero
pivot pin offset, which minimizes the cam ring forces, which normally pushes cam ring
in the direction of the maximal displacement. This function in this control is ensured
with a more powerful control spring. The force acting against the cam ring is ensured by servo
piston, which cylinder is connected to the pump outlet. It means that the pump displacement
is depending on the outlet pressure and spring force. Theoretically it can result into a better
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pressure control characteristics than a simple PC control. The costs of this control will be
higher than simple PC control but lower than the spool PC control. This control wasn’t
realized and due to this, previous assumptions were not confirmed by measurements.

Applications with a demand for better control performance, especially with very low
hysteresis, have to be equipped for example with a spool PC control. The schematic view
on a variable roller pump with a PC control with a servo cylinder and a spool valve is shown
in Fig. 4.4. The main design difference in the comparison with the simple PC control is
in the hydraulic cylinder actuation and the PC spool valve implementation. The piston force
acting on the cam ring tends to de-stroke (decrease displacement) and is proportional
to the hydraulic pressure in the cylinder. The pressure in hydraulic cylinder (servo) is
maintained by the PC spool stroke. The stroke is depending on the force balance
between the outlet pump pressure and the spring force. The pressure setting of the spool PC
control is adjusted by the PC spool spring. The spool PC control tries similar to the simple PC
control (or servo pressure compensator control) to maintain the outlet pressure
at the demanded value.

Hydraulic Cylinder

Control with Piston (Servo)
Pressure

PC Spool

Adjustable
PC Spring

Qutlet Pressure

Connection
to Tank

Fig. 4.4: Variable roller pump with spool PC control.

All measurements confirmed that the spool PC control rapidly decreases the hysteresis
and decrease overshoots which is caused by a lower dependency on the cam ring forces and
higher control forces which overcome the friction forces easily. With other words, a whole
control has a higher overall proportional gain. The tested pump with a spool PC control, servo
cylinder and spool valve used the same pivot offset as the pump with a simple spring control.

This control type is the most expensive control type but on the other hand it provides
significant better performance than the simple pressure control, confirmed by measurements
in section 4.2. The cost difference between a spool PC control and a servo PC with servo
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cylinder is caused by an additional PC spool, PC spool bore, guide, PC spool spring and
adjustable screw, which enables a simple pressure adjustments of the spool PC control
pressure.

4.2 Control Dynamics

The purpose of this chapter is to provide basic information about VCP dynamics
with a simple pressure compensator control (regulation) and spool compensator control.
The servo pressure compensator control wasn’t realized, but the mathematical description
of this control type is similar to the simple PC control. The basic investigation requires
a lot of simplifications which are mentioned later. Available literature provides a good
basement for a control/system model development, for example: Karmel [15], [23], Noskievic
[24], Turza [25], Perry [39], Merrit [40], Manring [41], Koreis [42]. The general control
theory can be found for example in [43], [44]. The presented approach is suitable for a first
investigation in this area. For further analyses and control development, the 1-D nonlinear
pump and control model is a mandatory. This deep control and system analysis is not
focus of this work.

4.2.1 Simple PC Control

The simplified cam ring dynamics of the VCP with simple PC control (Fig. 4.3) is
descripted by following equation:

Leam * Pcam + Beam * Pcam + Keam * Pcam =

= Dais * (deam * Wrot) * (erotMax + OpinX) - FsprO " Opiny (4.1)
where Icam is the cam ring rotational inertia, gcam is the cam ring angle (the rotor eccentricity
erot Can be easily calculated from known ¢cam), Beam iS the cam ring damping, Kcam is the
spring rate, pgis iS the discharge (outlet pressure), deam, Wro are cam ring (roller) dimensions
(Fig. 3.3), erotmax is the maximal rotor eccentricity, Opinx, Opiny are distances between cam ring
center and pivot center and Fyro is the spring preload. The spring preload torque (Fspro-Opiny)
can be rewritten and the resultant equation is:

Leam * Pcam + Beam * Pcam + Keam * Peam =

= (pset - pdis) ’ (dcam ) Wrol) ’ (erotMax + OpinX) (4.2)

This equation can be simply rewritten with Laplace transform. The output of this
equation is the cam ring angle @cam Which is the input of a pump flow equation and the pump
flow Qvcp is input of the pressure build up equations [39]. The linear system model build on
this approach can be seen in Fig. 4.5. Used variables are listed in Tab. 4.1.

Pset Kpre Peam Quer 1 Pudis
> > NotKvepf—> >
lcamS? + BcamS *+Kcam CcS+Kiea
Cam ring dynamics Pump flow Discharge fluid
dynamics

Fig. 4.5: Linearized block diagram of the pump and
simple pressure compensator control with pressure input.
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Tab. 4.1: VCP parameters and simple PC control parameters.

VCP with Simple PC Control

Description Variable Calculation Value Unit
Cam ring inner . 3
diameter dcam Drawing 80.77-10 m
Cam ring width Wrol Drawing 16:107 m
Max rotor eccentricity ErotMax Drawing 2.08:107 m
Pin offset - Y _ . 103
i Opiny Drawing 47-10 m
Pin offset - X _ . 103
. Opinx Drawing 3.8-10 m
Maximal pump . 16 3
displacement Vgmax Estimated 17-10 m
Cam ring inertia lcam (Steciﬁ:ecrutlr?;z?em) 0.00005 kgm?
Cam ring damping Beam Estimated 30 N'm's
Spring rate Keam Kspr - (opiny)z 233.3146 N-m
Pressure torque gain Kpre (e cam V:_C‘Z" ) 2.1969-10°° m?*
rotMax pinX
VgMax
Pump flow gain Kycp tap—1 Crotiax 3.8439:10™ m?®
pinY
Pump speed Nrot Defined 30 st
V;:
Oil compliance Ce I‘;fs 1.493-101 m3Pa’
A
Leakage coefficient Kiea Estimated 1.1-101 mstPa’l

The pump pressure transfer function Gycpp(S) can be derived from the previous block
diagram shown in Fig. 4.5. The derived equation is:

Kpre "Nyot " Kycp
Icams2 + BeamS + Kcam) ’ (CCS + Klea) + Kpre "Nyt " Kycp

Gyepp(s) = C (4.3)

In the standard form this transfer can be written as:

GVCPp(S) =
Kpre "Nyot " Kycp
Kpre “Nyot * Kvep + Keam ™ Kiea

[ Legm " Ce ]53 + [ Beam * Cc + leam * Kiea ]SZ (4.4)
Kpre ‘Nyot * Kyep + Keam * Kiea Kpre ‘Nyot * Kyep + Keam * Kiea

[ Beam * Kiea + Keam * Cc

241
Kpre "Nyot " Kvep + Keam Klea] st
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The Bounded Input Bounded Output (BIBO) definition of stability says; that the system
is stable if the output is bounded for all bounded inputs [44]. The rule necessary for stability
is: If all poles of the transfer function have negative parts, then the system is stable. If any
pole is positive (or positive part of the pole), then the system is unstable [43].

In the investigated case of the simple PC control, poles are negative (-7.999-10°,
-10.2842+53.9894i, -10.2842-53.9894i). Thus this system is stable. The bode plot
of this linearized system is shown in Fig. 4.6. The bandwidth frequency is about 13 Hz
according to this graph. The step response is shown in Fig. 4.7.
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Fig. 4.6: Bode diagram of the linearized VCP pump
with the simple PC control (Frequency in rad-s™).
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Fig. 4.7: Step response of the linearized VCP pump with simple PC control.
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The previous calculations and plots are based on the linearized system model. This
model neglects: nonlinearities of the cam ring forces and friction forces. The pump leakage is
depending only on the discharge pressure pgis and other effects such as filling losses, flow and
pressure pulsation are not considered. The cam ring damping is parameter which was only
estimated and the real value can be significantly depending on a lot parameters and operating
conditions. All these facts have to been taken into account during results evaluation.

The first information about the system stability and bandwidth frequency is important
but more precise information can be obtained only from measurements or 1-D nonlinear
simulations. The step response simulation shows fast response with permanent offset from
demanding value 1. It is probably caused by a relatively low proportional gain of the simple
PC control (regulation). It can negative influence VCP performance parameters.

Normally the pressure setting of the control is constant and input to the system is a flow
demand Q0. Which is changing during pump operation. Fig. 4.8 follows this architecture.

QLoa o | 1 pdi..
CcS+Klea i
Quce Discharge fluid
dynamics
Pcam K re
NrotKvep|« ) P -—
lcamS? + BeamS +Kcam
Pump flow Cam ring dynamics

Fig. 4.8: Linearized block diagram of the pump and
simple pressure compensator control with flow input.

The transfer function of this system is written as:

_(Icams2 + BcamS + Kcam)

_ (4.5)
camS® + BeamS + Kcam) ) (CCS + Klea) + Kpre "MNyor * Kycp

Gycpr(s) = a

4.2.2 Spool PC Control

The precise dynamic description of the spool PC control (Fig. 4.4) is more complicated
[14], [15], [16]. The very good base for the model build can be found in Manring’s works,
mainly in [41] and Perry’s work [39]. The major part of this work can applied for the
investigated pump. According to Manring the dynamic equation of the variable roller pump
with spool PC control can be written as:

2K Aspo
Pcam kspl +2. Kfq

Aser  Opiny ) (pset pdlS) (46)
Then the block diagram of the spool PC controlled pump is shown in Fig. 4.9 and
the corresponding transfer function is shown in equation (4.7). This model can be used in PC
controlled pumps where the servo pressure is corresponding approximately to the half
of the discharge pressure [41]. This ratio is corresponding to the VCP with the spool PC
control at common operation conditions. The approach neglects cam ring friction and
damping forces. The primary focus of this model is the spool and servo dynamic properties
such as the spool and servo proportional gain.
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Fig. 4.9: Linearized block diagram of the pump and
spool pressure compensator control with pressure input.
2-K A
q . Spo . .
Ager - Opiny (kspo +2- Kf) Mot Kyvcp
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(4.7)

The pump flow and leakage model was considered the same as for simple PC control. Newly
introduced variables are listed in Tab. 4.2. The spool flow gain and flow force gain are calculated
based on the spool valve geometry [41].

Tab. 4.2: VCP parameters and spool PC control parameters.

VCP with Spool PC Control

Description Variable Calculation Value Unit
Max rotor . 103
eccentricity €rotMax Drawing 2.08-10 m
Pin offset - Y _ . 3
e o Opiny Drawing 47-10 m
Maximal pump . 106 3
displacement Vgmax Estimated 17-10 m
VgMax
Pump flow gain Kycp tap—1 Crothax 3.8439-10™ m?
OpinY
Pump speed Nrot Defined 30 st
V,;
Oil compliance C. I?ls 1.493-101 m®Pa!
A
Leakage Kiea Estimated 23101 m®stpat
coefficient
Servo piston area Aser Drawing 5.7256:10™ m?
PC Spool area Aspo Drawing 1.9635:107 m?
Spool spring rate Kspo Drawing 37140 N-m?
Spool flow gain Kq Calculated according to [41] 0.257 m?st
Flow force gain Kt Calculated according to [41] 11560 N'm*

The stability analysis with table parameters shows that all poles are negative
(-77.027+54.068i, -77.027-54.068i) and the system can be considered as a stable.
The bandwidth frequency (-3 dB) can be taken from bode graph in Fig. 4.10. The bandwidth
frequency of the VCP with spool PC control is about 133 Hz. This value is relatively high;
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normally PC control pumps have lower bandwidth frequencies. The step response is shown
in Fig. 4.11. Simulation results have to be considering with respect to simplifications
in the linearized model. The figure shows that the response of the pump is faster than
the simple PC control. The offset of the discharge pressure is minimal. Base on this, it can be
concluded that the overall proportional gain is higher than the proportional gain of the simple
PC control. The gain is probably higher than in the reality. This can be caused
by simplifications. A high proportional gain could have a positive influence on the system
performance such as hysteresis decrease or fast system response and minimal system
dependency on the disturbing signals. On other hand it can have a negative influence
on the control (system) stability.
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Fig. 4.10: Bode diagram of the linearized VCP pump
with the spool PC control (Frequency in rad-s™).
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Fig. 4.11: Step response of the linearized VCP pump with spool PC control.
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4.3 Performance Measurements

The primary function of the performance measurements was the validation of the pump
pressure compensator (PC) control. Normally, the performance measurements for open circuit
pumps equipped with PC controls consist of three main test types: the pressure ramp,
the speed ramp and the response-recovery test. Tested pumps were equipped with the simple
PC control and the spool PC control. Measured results presented in this section provide only
examples for better overview about the pump control performance and used tests.

4.3.1 Pressure Ramps

The pressure ramp measurement of the pump with the simple PC control is shown
in Fig. 4.12. The circuit diagram in this figure shows the simplified hydraulic circuit used
for measurements. Generally, the used circuit configuration was identical with configuration
from the efficiency measurement in Fig. 5.13. The difference is only in the active pump
displacement control, which was used for performance tests. The pump speed was 3000 min™
and the inlet oil temperature 50 ‘C was constant during the test. The VCP loading was realized
with a relief valve loading ramp. Duration of the loading ramp was 90 s. The outlet pressure
was increased for 30 s, for 30 s the outlet pressure was constant and for 30 s the outlet
pressure was decreased. The starting relief valve setting of the loading ramp was 10 bar and
the maximal value was 30 bar what can be seen in Fig. 4.12.

The first graph in this figure presents the outlet (charge, HP) pressure pc, and the pump
flow Q. in dependence on the time. At the low outlet pressure, the pump runs at the maximal
displacement, which can be seen from the non-reduced flow until 15 s. At 15 s, the outlet
pressure achieves 18 bar (PC settings) which results in a displacement reduction and therefore
the pump flow drops down. The minimal displacement was achieved with the outlet (charge)
pressure 23 bar. This displacement change from maximal to minimal displacement is
connected with the charge pressure increase about 5 bar. The pump displacement in the active
control range is depending on the outlet pressure or with other words pump control is not able
to maintain the constant outlet pressure in the active range. In the ideal case, the PC control is
able to maintain constant outlet pressure. This effect is caused by the control spring rate and
the cam ring forces behavior. Theoretically, the lower spring rate will make this change more
ideal. The behavior of the simple pressure control is not ideal, but suitable for a charge pump
application. Decreasing of the relief valve setting from 30 bar to 10 bar (60 s — 90 s) shows
hysteresis in bottom (p-Q) graph. In this case the hysteresis is caused by friction, cam ring
pivot offset and a relatively low control proportional gain. This can be seen also from basic
simulation in Fig. 4.7.

The measurement of the spool PC control is shown in Fig. 4.13. The loading circuit
configuration is identical with previous test. The pump speed was constant 3000 min™ and the
inlet oil temperature was constantly 50°C. The pump outlet was connected to the relief valve
with variable setting. The VCP was loaded with the pressure ramp. Duration of the loading
ramp was 90 s, consisting of an outlet pressure increase for 30 s, a constant pressure for 30 s
and a pressure decrease for 30 s. The initial relief valve setting ramp was 15 bar and maximal
value was 40 bar what can be seen in Fig. 4.13. The control setting was about 22 bar.
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Fig. 4.12: Measurement of VCP pressure ramp with simple pressure control.

a) Simplified hydraulic circuit diagram used for measurements.
b) Measured charge pressure, pump flow and p-Q characteristic.
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Fig. 4.13: Measurement of VCP pressure ramp with PC control.
a) Simplified hydraulic circuit diagram used for measurements.
b) Measured charge pressure, pump flow and p-Q characteristic.
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It can be seen that the pump displacement in the active control range is again depending
on the charge pressure or with other words pump control is not able to maintain the constant
outlet pressure in active range. The spool PC control has more ideal behavior than a simple
PC control due to a higher proportional gain (Fig. 4.11). The simple pressure control requires
about 5 bar of pressure change (it can be adjusted by spring with lower rate) for complete
displacement change that is more than a PC control, which requires only 2 bar.

4.3.2 Speed Ramps

The speed ramp measurement of the simple pressure control is shown in Fig. 4.14
at the next page. The upper part of the figure (Fig. 4.14a) presents simplified hydraulic circuit
diagram for speed ramp measurements. The sensors were used from efficiency measurements.
The main difference of the circuit configuration between the pressure ramp measurements and
the presented speed ramp measurements is the loading device. The speed ramp measurements
are normally performed with a constant orifice at the pump output instead of the relief valve
for pressure ramps.

The pump speed is ramped from 500 min™ at the beginning up to 4000 min™ at 60 s.
The maximal pump speed of 4000 min™ is constant from 60 s until 90 s. The next 60 s,
the pump speed decreases from 4000 min™ to the idle speed 500 min™.The inlet oil
temperature was 50°C during the whole cycle. The pump shaft speed, the outlet (charge)
pressure and the pump flow is shown in Fig. 4.14b. During speed ramping, the outlet pressure
and the pump flow show overshoots at 40 s, which is corresponding to the time, when
the simple pressure control starts to operate. At this moment, the charge pressure ensures
sufficient force acting on the cam ring against the compression control spring. The outlet
pressure force is higher than the compression spring preload and the pump displacement is
reducing, ensuring constant flow and charge pressure until 110 s. The similar overshoot
occurs at 110 s when the control ends operation. In this case, the charge pressure force acting
on the cam ring is lower than the compression spring preload and the cam ring reaches
maximal displacement. Clear speed-pressure characteristic is shown at the bottom part
of the Fig. 4.14b. This graph directly shows a pump hysteresis and a relatively constant outlet
(charge) pressure except for pressure overshoots at 2700 min™ (40 s and 110 s). The whole
hysteresis for pump with simple PC control is up to 2 bar and at overshoots up to 4 bar.

The spool PC control speed measurement is shown in Fig. 4.15. The simplified
hydraulic circuit is again shown in the upper part (Fig. 4.15a). All measurement devices and
loading conditions are identical with previous simple pressure measurements.

Measured charge pressure and flow are shown in Fig. 4.15b. The outlet pressure
increases with the pump speed. At 38 s, charge pressure and flow are saturated because of PC
control which starts to operate at the outlet pressure level corresponding to the PC spool
spring preload. At 110 s full pump displacement is achieved again. The pressure and flow
characteristics of the PC control show ideal behavior without overshoot. The speed-pressure
characteristic shows minimal hysteresis in Fig. 4.15b.

The speed ramp measurements confirm similar to the pressure ramp measurements
that the spool PC control shows better performance with minimal pressure overshoots and
minimal hysteresis. This behavior is caused again with the different control approach and
different control proportional gains. The spool of the PC control is able to control the outlet
pressure more precisely than the standard simple PC control due to higher gain.
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Fig. 4.14: Measurement of VCP speed ramp with simple pressure control.

a) Simplified hydraulic circuit diagram used for measurements.
b) Measured speed, charge pressure, pump flow and n-p characteristic.
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Fig. 4.15: Measurement of VCP speed ramp with PC control.
a) Simplified hydraulic circuit diagram used for measurements.
b) Measured speed, charge pressure, pump flow and n-p characteristic.
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4.3.3 Response and Recovery

The last important measurement is a response and recovery test for pressure
compensator control types. The testing procedure is described in standard SAEJ745 [45].
The response and recovery times definition is presented in Fig. 4.16.
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Fig. 4.16: Response and recovery time definition [45].

The simplified circuit diagram of the response and recovery measurement based
on SAEJ745 for the simple pressure control is shown in Fig. 4.17a.

The pump runs at full displacement with constant speed against two orifices, the first
one is part of the shutoff valve and the second orifice is mounted in the line connected
to the tank. The outlet (charge) pump pressure pen, = 11 bar is constant and the simple pressure
control is not active. The shutoff valve is quickly energized and the shutoff valve (orifice) is
closed. The solenoid current to the shutoff valve is shown in Fig. 4.17b. The rapid close
of the shutoff valve at 3 s (and at 11 s) results in a rapid outlet (charge) pressure increase up
to 33 bar which is the setting of the simple PC control. The constant pressure was ensured
by a displacement reduction, visible in Fig. 4.17b. The pump reacts on the shutoff valve
closure with a fast displacement reduction which ensured the outlet pressure at the level
of the simple pressure control setting. At 6 s (and 16 s) the shutoff valve is rapidly opened.
The pump displacement is increased up to the maximal displacement, but it is not enough
to keep the pressure control setting which the pump tries to hold. The outlet pressure settles
at initial outlet pressure level (pen = 11 bar).

It can be seen that the VCP pump with the simple PC control provides sufficient
dynamics for charge pump applications. The pump displacement decrease and increase is very
fast and the pump doesn’t produce any significant outlet (charge) pressure overshoots,
undershoots or any significant lag. In the case of the demand for more ideal response-recovery
behavior, the charge pump system can be equipped with a hydraulic accumulator. The target
of this work isn’t a detail investigation of the pump control. The response and recovery wasn’t
measured for the spool PC control. But experiences from open circuit pumps with spool PC
controls together with performed basic simulations give realistic assumption that the PC
control dynamics will be sufficient too.
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Fig. 4.17: Measurement of VCP response-recovery with simple pressure control.
a) Simplified hydraulic circuit diagram used for measurements.
b) Measured shutoff valve current, charge pressure, pump flow.
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5 PORT PLATE OPTIMIZATION

The port plate optimization is focused primary on the volumetric efficiency
at the maximal pump displacement in this work. Generally, there is a lot of options
for optimization and increase of the overall pump efficiency. The hydro-mechanical
efficiency (mainly friction losses) can optimized by material selection, component design etc.
but volumetric efficiency contributes to also the overall efficiency. Especially the kidney
design of the port plates has a huge impact on the pump volumetric efficiency and pressure
profile in the chambers, which is related with component wear and noise. Due to this,
the volumetric efficiency was selected for optimization, similar to an axial piston pump,
where valve plate design plays a very important role too. The sophisticated way to make
an optimization is a simulation based optimization. The core of each simulation based
optimization is a mathematical simulation model together, with an optimization algorithm
[46]. Generally, three options of simulation model were considered.

The first one is a simulation model based on the one dimensional approach (1-D).
The 1-D modelling theory for the roller pump was described in Chapter 3. The one
dimensional (1-D) approach allows a relatively short simulation time which is ideal
for the port plate simulation based optimization like a standard piston pump valve plate
optimization. This approach includes the hydraulic and mechanic equations. The modelling
approach of the 1-D hydraulic/mechanic model realized in Matlab-Simulink is shown in Fig.
5.1.

Pump Geometry, Input Speed, Ap,
fluid parameters

Matlab-Simulink
(1-D Mechanics, 1-D Hydraulics)

J : ::E' '

N
v

Chamber pressures, Flows, Forces,
Pump Kinematics, Dynamics

Fig. 5.1: One dimensional (1-D) modelling approach for mechanics
and hydraulics in Matlab-Simulink environment.

The second model option is a CFD (Compute Fluid Dynamics) model. The available
CFD software Pumplinx can produce more sophisticated models (three dimensional models)
but the simulation time of these models is much longer and thus not suitable for time
consuming optimization methods and especially dynamics effects like roller movements
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in the slot or very small flow areas can be simulated with significant difficulties only.
The CFD model was set up, but this model was used only for validation of the 1-D simulation
model outputs. The example of performed CFD calculation in Pumplinx environment can be
seen in Fig. 5.2.
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Fig. 5.2: Pressure distribution in gap between port plate and pump
calculated in CFD software Pumlinx for pump speed 3400 min™,
oil temperature 50 T and Ap is 35 bar and different rotor positions.

Developed 1-D model in Simulink can be used for other engineering purposes like
a system simulation or co-simulation with Multi Body Simulations (MBS) software like
an ADAMS. Model approach is shown in Fig. 5.3.

CAD model, Input Pump Geometry,
Speed, Contacts Input Speed, Ap,
Parameters fluid parameters
ADAMS ( Matiab-Simulink \
| (MBS) - (1-D Hydraulics)
‘ (—I Pressure forces |(—— - 'J -
Gaps sizes, > éJ_:: .
Q > Roller positions s
| v
Forces, Pump Chamber pressures,
Kinematics, Dynamics Flows

Fig. 5.3: Model approach for co-simulation between
1-D hydraulic model (Matlab-Simulink) and MBS model (ADAMS).

The hydraulic part of the 1-D simulation model connected with a MBS model can
provide more information about pump mechanics than only a 1-D hydraulics-mechanics
modelling but the complexity of the simulation model provides more unknown parameters
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and lower model stability, especially for a big number of optimization loops. This approach
was tested and provided similar results like a 1-D hydraulic-mechanic model. Co-simulation
can be recommended for an optimization, focused more on the pump mechanics and
dynamics especially for contacts modelling.

The CFD model provided more information about flows and pressure distribution
in comparison with the 1-D hydraulic model, which can be also demanded in some cases.
The CFD simulation and 1-D hydraulic co-simulation with MBS were partially tested and
both methods provide some benefits and can be applied on the variable roller pump
in the future according to specific simulation requests.

The very complex sophisticated simulation and optimization tools for axial piston
machines are developed in Maha Research Center by Ivantysynova and co-authors,
for example in [47], [48], [49]. Andrea Vacca and co-authors work on sophisticated
optimization tools for the gear pumps with very good results [7], [50]. These works are results
of long-time systematic investigation. The successful implementation on the roller pump
principle requires long term studies.

This work uses the 1-D modelling approach [51] (Fig. 5.1) for fulfill thesis goals. This
approach is compromise between the ’’more static’> CFD model and the dynamic
co-simulation between 1-D hydraulic and MBS model. The used 1-D modelling approach
includes a hydraulic and mechanical model in simplified but sufficient way. This model
provides the possibility to make fast dynamic systems (control) simulations and provides
a relatively easy possibility for the port plate simulation based optimization algorithm
implementation. The first step for selected 1-D optimization is 1-D model build up.

5.1 Simulation Method

Fig. 5.4 shows the modeling approach used in the simulation model. All outer and inner
chambers were modeled with pressure build up equations presented in Chapter 3.
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Fig. 5.4: One segment (simplified) of the simulation model.
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Flows from high pressure (HP, outlet) and low pressure (LP, inlet) ports to the inner and
outer chambers through the kidneys were modeled by orifice equations. The leakages
from inner to outer chambers were modeled in the same way. The simulation model
considered internal leakage, compression losses and index losses caused by not ideal timing
between kidney angles and chamber dead point centers. The cylinders in Fig. 5.4 represent
the chambers, modeled with pressure build up equations and the orifices represent the flow
restrictions, modeled with orifice equations.

The model was realized in a Matlab-Simulink environment; (Attachment Al).
The inputs into the model are the parameters (dimensions) of the pump, the inlet pressure p.p
and outlet pressure pyp and the pump rotor speed Nyt

The outputs of the model are the flows through kidneys Qypinn, Qnpinn, QLpouts QHpout, the
slot gap flows Qq, Qgr, the pressures in the chambers pPinn, Pout, the roller radial stroke Xgror,
the speed Xgrrol, the acceleration Xgro and the radial force acting on the roller Fpcam Which is
important for the optimization focused on pump wear. All outputs were arranged as a vector
arrays for easier post processing.

The cam ring dynamics is not included due to fact, that all optimization measurements
are performed with a fixed cam ring, it means that the displacement (PC) control is
not mounted, but the valve plate optimization requires a prediction of the cam ring forces
for the control design. Especially the steady state spring force acting on the cam ring is very
important. The spring force size and direction provides information about the PC control
functionality. It is necessary to ensure, that the resultant spring force will act
against the spring — cam ring pushes towards the spring otherwise the control will not be
functional. The used approach with a fixed displacement enables the optimization
simplification. Especially number of simulation runs was reduced.

The equations for the cam ring forces and finally for the spring force (Chapter 3.4) were
implemented into a Simulink model (Attachment A2), which is also connected
to the hydraulic (chamber pressure calculation) model, developed in previous section.
The input parameters for the spring force calculations are inner, outer pressures Pinn, Pout,
pump geometry, roller forces and speed.

The outputs are pressure forces acting on the cam ring and the spring force acting
on the cam ring. The spring force calculation with a previous part of the simulation model
produces the valuable simulation tool for pressure profiles, outlet flow, internal leakages, and
spring force prediction. The friction between rollers and cam ring was neglected due to higher
speed and stability of the simulation model.

The mathematical description of the simulation model (generally 1-D hydraulic
simulations) demands a variable step and stiff solvers. The used solver was ode23tb as is
shown in Tab. 5.1. It is necessary to ensure that the maximal solver step size will be small
enough to capture all-important dynamical effects in the pump. The simulation stop time was
adjusted according to the pump speed. Each simulation run simulates two rotor revolutions,
during first one revolution, the transient and initialization effects occurred, the second rotor
revolution produced correct results, which were saved and used for result evaluation.
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Tab. 5.1: Solver settings of Simulink model.

Solver Options
Type Variable —step
Solver Ode23tb (stiff/ TR-BDF2)
Max step size le-5
Min step size Auto
Initial step size Auto
Relative tolerance le-4
Absolute tolerance Auto
Solver reset method Robust
Shape preservation Disabled
Number of consecutive min steps 1
Solver Jacobian method auto
Zero-crossing control Local settings
Algorithm Non-adaptive
Number of consecutive zero crossings 1000

5.2 Optimization Method

The optimization in this work is based on the simulation model described in previous
sections and the theory-principle from work [52]. This optimization method was selected due
to good experiences from the axial piston valve plate optimization. The optimization was
driven by two requests. The first one was the increase of the pump volumetric efficiency and
the second was the increase of cross port flow and possibility to make the pressure profile
more smooth and wear marks smaller instead of volumetric efficiency. From the previous
section it is clear that the volumetric efficiency optimization was realized with port plates
(with kidneys design). It means that the output from the optimization has to be a new port
plate design (kidney design) which dimensions are included in optimization result vector.

The optimization result vector contains 20 kidneys variables (port plate design
parameters). Each variable of this vector corresponds to one design parameter such as notch
depth or notch start-end angle. These design parameters fully define each notch design, which
directly influences the volumetric efficiency, roller forces, cross port leakages, pressure
profiles...etc. Each notch is defined by: start angle (rotor angle where notch starts), end angle
(rotor angle where notch ends and main kidney starts) and notch cross section area (depth).
There is an assumption that the outer edge of the notch has the same radial positions as a main
kidney. It is necessary to ensure that the final notch design is realistic and possible
to manufacture what is ensured by constrains in optimization script. The better overview
on the optimized kidney-notch design offers Fig. 5.5.
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Fig. 5.5: Port plate with optimized kidneys - notches.

The quality criteria vector G, consists of nine parameters G;...Gg which are calculated
from simulation results. This vector is necessary for the optimization results evaluation.
The first four variables of this vector are the notches cross port sections and outlet (HP)
charge pressure changes. The next quality criteria variables are the cross-port leakages,
the maximal radial gradient force on the roller, maximal radial force on the roller, minimal
roller radial force and the resultant force on the cam ring spring. The purpose of this quality
criteria vector is to ensure the demanded cross-port flow (volumetric efficiency)
with acceptable pressure profile, roller force and spring force with real port plate design. It
means design which is possible to manufacture. The quality criteria vector gives an overview
about the observed pump parameters during pump optimization. The quality criteria vector G,
is the input to the following equation:

1 ,.Gn
A=Z-In Ze n 5.1)

o

The function 4, called as a parameterizing function, is a function which is minimized
during optimization cycle. The coefficient o is setup to value to 20. The target value vector c;,
has the same length Lg as the quality criteria vector G,. The setting of the target value vector
is one of the most difficult tasks during the optimization. A suitable setup of the value vector
IS a question of experiences.

The resultant value of the function A corresponds to the port plate design quality
according to quality criteria parameters and target values defined in vectors G, and c,. It
means, that port plate design with a lower function A value corresponds more to parameters
defined in the target value vector. Theoretically the minimum of the function 4 corresponds
to the best port plate design according to quality criteria vector.

The previous function A provides only information based on the simulation results
about port plate quality in the way that a lower number means a design which fits target
parameters better. Then the optimization function which minimizes the function value is
aclear solution for optimization cycle. The Matlab function ’’fminsearch’” function
for a similar purpose. This function returns a result vector that is a local minimizer
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of the parameterizing function described in previous lines. The Fig. 5.6 presents graphically
the optimization loop. At the first step initial kidney design parameters are sent to the Matlab
’fminsearch’” function, which calls a function which contains three parts.

Pump Model
in Simulink

KRN

Qutput
Dynamic Model s

Optimization Cycle - Loop Parameterizing

Kidney Cross Section ‘ ) ) S
Runs untill Function Function Definition

Graphic Calculation

: : fminsearch Finds Local .
,m- m=\ Minimum of Parameterizing A=——In

Function A

Matlab Function
fminsearch

< ResultKidneys ________ ‘\ ......... Initial Kidneys
Design Paramaters Design Parameters

Fig. 5.6: Optimization cycle-loop in Matlab-Simulink

The first part is a kidney cross section graphic calculation. The output from the cross
section calculation is sent to the pump model in Simulink. The Simulink pump model
simulates the pump behavior with a defined port plate design, pump design and operating
conditions — typically conditions where charge pump operates (delta pressure about 25 bar,
pump speed 2000 min™ and inlet oil temperature 50 C). The model results are sentto the third
part where the function 1 is calculated based on simulation model results and the user defined
target value vector. All information (port plate/kidney design parameters, quality criteria
vector G, and function A value) are saved and the A value is sent to the Matlab *’fminsearch’’
function, which checks if the actual A value is a local minimum of the parameterizing function
J (which also includes pump model in the end). If this value is a local minimum of this
function, the result kidney design parameters are returned from >’fminsearch’’ and represent
the optimization results. Otherwise, *’fminsearch’’ adjust kidney design parameters and
the optimization cycle runs again. It is necessary to mention that this optimization takes
a lot of time or it is unsuccessful in some cases. Saving of each optimization cycle-loop run
enables to evaluate results manually, interrupt cycle or take sub-results if they are consider
as a sufficient.

5.3 Simulation and Optimization Results

The simulation based optimization produced two port-plate designs. The first design
was focused on the increase of the volumetric efficiency and the second design was focused
on the chamber pressure profile smoothing. The starting point for optimization was the port
plate design A which was designed based on the intuitive approach and testing of many
variants of designed hardware.
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The port plate design B and C were designed by the developed simulation/optimization
tool which significantly shortens port plate design time; especially in comparison with first
design A. Design B was optimized for a higher volumetric efficiency — lower cross port
leakage, design C was optimized for a smooth chamber pressure profile. This pressure profile
smoothing was achieved by a slight increase of the cross port leakage. The initial design A
and both optimized designs B and C are shown in Fig. 5.7.

Port Plate Design A

Port Plate Design B Port Plate Design C
Fig. 5.7: Initial port plate design (A) and two optimized port plate designs (B,C)

The examples of the simulation results are presented in the following figures: Fig. 5.8,
Fig. 5.9 and Fig. 5.10. These presented results show the pump behavior at speed 2000 min™,
delta pressure 25 bar, inlet oil temperature 50 C and free air contain in the oil 1 %. The top
graph in each figure presents the pump effective flow. The second graph presents the total
volumetric losses and the third presents the internal leakage. Significant 11 peaks in each
of these graphs can be identified, caused by 11 rollers in the pump.

The pressure profiles in the outer and inner chambers correspond to the kidney timing
(angles). It can be seen that port plate design B has a higher effective flow and lowest
volumetric losses which was demanded during optimization. The port plate C has the lowest
effective pump flow together with the highest volumetric losses and internal leakage.
The chamber pressure profiles with design C shows a decrease of the pressure overshoots,
also by increase of the internal leakage. The port plate C pressure profile is the smoothest with
an acceptable effective flow.

The main differences between all three designs are in the effective flow. The chamber
pressure profiles were not measured due to difficulty. Generally, it was not required because
all measurements confirmed acceptable a pump wear and pump vibrations. Nonstandard
vibrations, noise or harshness were not observed. System testing confirms noise and
vibrations at the standard level comparable with the standard g-rotor. It is necessary to say
that it is good to have a design with a more smooth pressure profile, especially
for applications which operates in critical conditions. It can happen that some applications
will require different port plate designs due to possible problems with vibration, harshness or
noise. The similar approach is used for axial piston pumps, where the valve plate has to be
sometimes modified. The simulation results of proposed designs fulfill the optimization
requests.

76



5 PORT PLATE OPTIMIZATION

Effective pump flow
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Fig. 5.8: Simulation results of initial port plate A.
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Effective pump flow
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Fig. 5.9: Simulation results of optimized port plate B.
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Effective pump flow
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Fig. 5.10: Simulation results of optimized port plate C.
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The next parameter which was monitored during simulation and can be plotted is
the spring force acting on the cam ring.

Spring Force
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Fig. 5.11: Spring force (top) and chamber pressure (bottom) simulations
at a pump speed of 2000 min™, Ap of 20 bar and maximal displacement.

The cam ring spring force simulation for the port plate design A in Fig. 5.11 shows
the shape of the spring force (at normalized scale) during one rotor revolution at full pump
displacement. Eleven significant peaks can be seen which correspond to the eleven rollers.
A more detail look into simulation results shows 22 peaks, which correspond to eleven rollers
and two transition areas (Outlet >Inlet, Inlet >Outlet). This spring force oscillation is caused
by the pressure profile in the chamber which is changing according to the port plate timing.
The big decrease of the spring force is repeating each approx. 33°, which is corresponding
to the rollers (360°/11 roller), because each 33° of revolution the outer chamber is ported
from low to high pressure, having a direct impact (reduction) on the spring force, down
to negative values. The porting from high to low pressure, visible in the smaller dips down
to 35% has, because of the moment balance, a smaller impact on the spring.
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All simulations of the final port plate design show similar behavior and values
of the spring force during pump revolution, as was demanded, so they are not individually
displayed here.

5.4 Verification Method

Simulation and optimization results are validated in two areas. The first area is
the validation of the volumetric efficiency. This was realized by comparison between
simulation results and measurements of proposed designs. The second validation area is
focused on the spring force (cam ring forces) verification.

5.4.1 Volumetric Efficiency

The variable roller charge pump was mounted into an experimental hardware which
consists of the variable charge pump housing (in this case end cap) and TMP (transit mixer
pump) housing. The TMP housing ensured simple connection to the test stand shaft, but
housings brought some additional friction losses which have to be measured and subtracted
from the measured shaft torque. Both housings can be seen in Fig. 5.12,

\ S A P TMP (Transit Mixer Pump)

Variable Roller Charge §®

Pump Housing Housing

Fig. 5.12: Variable roller charge pump housing mounted on the test stand.

All measurements were performed at the performance test stand. This test stand is
equipped with a main drive an electric motor with 500 kW. The speed of this drive is
controlled precisely with a frequency inverter. The Electric motor with this power offers
sufficiently ideal speed source for the variable roller pump. The test stand is equipped with all
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necessary equipment like another smaller drive for inlet filling issues, tank, filtration, oil
heaters and coolers. It is important to say, that the test stand was developed for similar
measurements and test engineers have a multi-year experiences with similar measurements.
Due to this all efficiency measurements were performed very easily and professionally with
suitable measurements devices. All sensors have a suitable accuracy and resolution for
efficiency measurements.

The new two port plate designs B and C were produced according to the optimization
results in the previous section. The pump prototype hardware with the best manufacturing
tolerances was selected for measurements purposes. During efficiency measurements, only
port plates were changed on the test hardware, minimizing other factors which can influence
measurements results.

12 3
A\
0, <y
14 TN %

o:

13 71 9 1011 5

4 :7 :8

@12
B g

Fig. 5.13: Hydraulic circuit for simulation measurements.
1- variable roller charge pump, 2 — outlet pressure sensor, 3 — outlet oil temperature sensor,
4 — outlet flow meter, 5 — loading relief valve, 6 — tank, 7 — inlet pressure sensor,
8 - inlet temperature sensor, 9 — speed sensor (encoder), 10 — torque sensor, 11 — main electric motor,
12 — case flow meter, 13 — case pressure sensor, 14 — case temperature sensor.

The purpose of the previous hydraulic circuit (Fig. 5.13) is to evaluate (calculate
from measured values) volumetric, hydro-mechanical and overall efficiency of the variable
charge pump system. The best way how to evaluate the efficiency is a measurement
with disabled control. It corresponds to the optimization where maximal displacement was
considered as well.

The simplified hydraulic circuit diagram that was used, is shown in Fig. 5.13. More
detailed hydraulic circuit diagram is attached in the attachment A5. The list of used sensors
and components is shown in Tab. 5.2.
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Tab. 5.2: Used components in the measurements.

No. in
diagram Type Producer Range Accuracy
1 Variable roller charge pump | - - -
2 Pressure sensor P3MB HBM 0...50 bar +0.5%
. )
3 Temperature sensor Pt 100 | Hydrotechnik | -50...200C 1 \/;)a?ufeﬂnal
1..150
4 Flow meter OMG 32 KRAL lmin’s +0.1 % of rate
5 Relief valve VP01 DENISQN - -
Hydraulics
6 Tank EVPU - -
7 Pressure sensor P3MB HBM 0...10 bar +0.5%
0 )
8 Temperature sensor Pt 100 | Hydrotechnik | -50...200C £1 \/;)afjefmal
0...7031 =03 %
9 Speed meter HG18 HUBNER BIPST (Time difference
min
method)
10 Torque meter 1604-2K Honeywell 0...225 N'm +0.25%
11 Electric motor 500kW VUES - -
0.3..45
12 Flow meter OMG 20 KRAL lmin ™t +0.1 % of rate
13 Pressure sensor MBS 33 Danfoss 0...10 bar +1%
0 )
14 Temperature sensor Pt 100 | Hydrotechnik | -50...200C £1 \/;)afjefmal

The measurement system contains a variable charge pump 1 with fixed displacement
connected to the main electric drive 11, which propels the investigated pump 1. The shaft
between the variable roller charge pump and the electric drive is equipped with a speed and
torque sensors (9, 10). The external leakages from the pump are measured with flow meter 12,
The pump case pressure and case oil temperature are measured by sensors 13, 14.
The variable roller charge output is connected to the relief valve 5 which ensures constant
output (charge) pressure at the pump outlet. The relief valve output is connected to the tank 6.
The variable roller charge pump outlet pressure, temperature and flow are measured
with sensors 2, 3, 4. The pressure and temperature sensors (7, 8) measured suction pressure
and oil temperature. During measurements the suction pressure was almost constant; therefore
external inlet charging was not applied. The physical realization of the testing circuit is shown
in Fig. 5.14.

The used sensors are connected to the measuring device CRONOS from IMC which
provides the conversion from analog to digital signals. All channels used Buterworth’s filters.
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Standard sampling time for all sensors is 1 ms. For the less used channels it is possible
to decrease the sampling time (increase the sampling rate). The CRONOS device is connected
to the PC through Ethernet connection. The data are saved on the hard drive, where ONLINE

FAMOS software is installed and used for online measurements processing and monitoring
according to Fig. 5.15.
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Fig. 5.15: Online measurements monitoring.
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The pump efficiency is evaluated from steady state measurements (point
measurements). At first step the pre-defined operation conditions (delta pressure, speed,
displacement, temperature) of the variable roller charge pump are set. Inlet oil temperatures
were set in first case to 50°C and to 80C in second case. The input oil temperature is
controlled by hydraulic oil cooler. The pump displacement was adjusted to three different
displacement values: maximal, half and minimal displacement, ensured by screws which push
against the cam ring. The charge pump delta pressure varies from 10 bar to 40 bar (10, 15, 20,
30, 40 bar), done by a load relief valve. The input shaft speed was set from 400 min™ to 4000
min™ (400, 500, 600, 800, 1000, 1500, 2000, 2500, 3000, 3500, 4000 min™). Thus, for each
temperature 165 measurement points were performed. Together it results into 330
measurements for each port plate type.

The measured device includes not only pump but it includes also parts such as bearings
(shaft bearings in the housings). It is necessary to ensure that the efficiency measurements
include only parts connected directly with investigated pump. The bearing friction torque
characteristic was obtained from measurements where the pump torque is measured
without rollers and no delta pressure for various speeds and oil temperatures. The bearing
friction torque is subtracted from the measured shaft torque. Then the resulting torque value
corresponds to the pump torque only

The selected measurement conditions cover the complete charge pump operation
conditions and present the efficiency measurement matrix. This matrix provides sufficient
overview about the pump performance and efficiency. The conditions which were not
measured are normally interpolated from measured data or approximated according [53]
for example. Correct efficiency measurement is the base for the pump loss modeling
(efficiency) and the performed measurement provides very good base for this purpose. Part of
the measured values was used for optimization result validation in Chapter 3.4. The measured
data were also used for system model build up (based on Polymod [53]).

5.4.2 Control Spring Force

The spring force measurement is one of the most challenging tasks in the test lab.
The circuit configuration was used the same as for efficiency measurements; it means that
the pump is running against an adjustable relief valve. This relief valve enables to change
delta pressure according to measurements needs. The pump speed is controlled by the prime
mover.

Originally there was the idea to measure the spring force with a force transducer, but
this approach wasn’t successful due to design problems and other problems such as vibration
and force transducer range. Later in the Chapter 5.3 in Fig. 5.11 is an example, which shows
that the resultant force significantly varies during rotor rotation and in some rotor positions
this force become negative.

The best possible way is to implement a hydraulic cylinder and a piston on the cam ring
according to Fig. 5.16. The main idea is based on the principle that compression spring is
replaced with hydraulic cylinder and piston, which is jointed to cam ring. The resultant cam
ring forces press the hydraulic fluid in the hydraulic cylinder, which results in a pressure build
up in the cylinder.

Theoretically, at steady state conditions, the pressure in the hydraulic cylinder
multiplied by the piston area corresponds to the mean value of the spring force. The pump has

85



5 PORT PLATE OPTIMIZATION

to be equipped with a displacement sensor for precise cam ring stroke (pump displacement
measurements). The external pressure source allows the cam ring stroking — change pump
displacement, it means that the measurements can be performed for different displacements.

Hydraulic Cylinder
with Piston

Pressure
Sensor

77777777777

Displacement Sensor
(Inductive)

Connection to External
Pressure Source

Fig. 5.16: Schematic view on the pump configuration during spring force measurements.

This simple displacement control shows significant hysteresis behavior due to the pump
control design and the friction between cam ring and port plates. All *’spring force’’
measurements were performed only with port plate design no. 1 with oil temperature 50 C.
The pump speed and delta pressure values were adjusted according to tests demands.

At the beginning of the measurements, the pump was running at the constant speed,
constant delta pressure and in the minimal pump displacement ensured by atmospheric fluid
pressure in the hydraulic cylinder. Slow pressure increase in the hydraulic cylinder caused
a cam ring movement and an increase of the pump displacement. This movement wasn’t
smooth in all conditions. The pump speed, pump flow, delta pressure, suction pressure,
suction oil temperature, outlet oil temperature, pump torque, cam ring displacement (pump
displacement) and hydraulic cylinder pressure were recorded during tests. The sampling
frequencies of channels were 10 ms and sampling frequency for cylinder pressure was 0.1 ms.
The hydraulic circuit diagram is shown in attachment A6.

The Fig. 5.17 shows a picture taken from the spring force measurements. Some devices
on the picture, such as kidney pressure sensors were not connected to the measurement
device. Pump is in the experimental housing connected to the transit mixture pump for easy
coupling with the prime mover. The test stand configuration corresponds to the pump
efficiency measurements presented in previous section.
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Fig. 5.17: The variable charge pump during spring force measurements.

5.5 Verification of Simulation Results

The error of measurement is basically a combination of sensors errors and digital errors
due to A/D conversion of signals. This error has to be evaluated before results verification.
The accuracy of the used sensors, based on the calibration, can be seen in Tab. 5.2.
The accuracy of the perfumed measurements depends on the accuracy of all applied sensors
(Tab. 5.2.) and the discretization error that occurs during the conversion of the analog

into a digital signal. Since each channel has a fixed bit width (12 bits

... 4096 digits)

to represent the measured values, this causes a discretization error for each channel. Tab. 5.3
shows the digital resolution of the measured values.

Tab. 5.3: Digital resolution of the used sensors.

Number
ciri(r:]uit Sensor Final value réos\glil’?ign Digital resolution
diagram
2 Pressure sensor P3SMB 50 bar 5 bar/VV 0.01221 bar/digit
3,14 | Temperature sensor 100C 10C/V 0.02441 C/digit
4 Flow meter OMG 32 150 I'min™ | 1.5 (I'min™)/V | 0.03662 (I'min™)/digit
7 Pressure sensor P3MB 10 bar 1 bar/V 0.00244 bar/digit
9 Speed meter HG18 5000 min? | 50 (min)/V | 1.22070 (min)/digit
10 | Torque meter 1604-2K 225N'm | 225 (Nm)/V | 0.05493 (N'-m)/digit
13 Pressure sensor MBS 33 10 bar 1 bar/V 0.00244 bar/digit
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For every sensor an overall error (Tab. 5.4) is calculated that consists in the majority
of cases of a constant part caused by the discretization error (Tab. 5.2) and a proportional
(Tab. 5.3) to the signal increasing sensor error.

Tab. 5.4: Overall sensor errors.

Number
i Measured Overall error Overall error
L Sensor of the measured of the measured
circuit value .
diagram value (absolute) value (relative)
2 Pressure sensor P3MB 30 bar +0.16221 bar +0.541 %
3,14 | Temperature sensor 50C +0.52441°C +1.049 %
4 Flow meter OMG 32 50 I'min | +0.08662 I'min™ +0.173 %
7 Pressure sensor P3MB 1 bar + 0.007244 bar +0.724 %
9 Speed meter HG18 2800 min™ 9.6207 min™ +0.344 %
10 Torque meter 1604-2K 15 N'm +0.09243 N'm +0.616 %
13 Pressure sensor MBS 33 1 bar + 0.01244 bar +1.244%

ISO 44009 classifies the conditions for steady state measurements according to Tab. 5.5.

Tab. 5.5: Permissible variations of mean indicated values [54].

1SO 4409

Parameter Tolerance Tolerance Tolerance

Class A Class B Class C
Temperature +1K +2K +4 K
Speed +0.5% +1% +2%
Torque +05% +1% +2%
Volume flow rate +0.5% +1.5% +25%
Pressures below 2bar + 0.01 bar + 0.03 bar + 0.05 bar
Pressures above 2 bar +05% +15% +25%

The sensors used within the steady state measurements are able to fulfil
the requirements of the standard 1SO 4409 class B (Tab. 5.5). Except some operating
parameters, which were obtaining the edge of the parameter range, the accuracy of the sensors
exceeds in the majority of test points the requirements.

The first measurements of the prototype pump with different port plates (ver. A, B, C)
were realized on a hydraulic parametric test stand, described in the previous section. All port
plates were tested in the same way. The pump was loaded by a relief valve with constant delta
pressure setting and constant pump speed. The inlet oil temperature was constant at 50 C.

Tab. 5.6 presents example of the results in comparison with simulation results. There is
effective flow difference in simulations and measurements due to differences between real
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pump displacement and calculated pump displacement. The displacement of the pump
approximated from measurements was bigger than volume which was calculated
in the simulation. It was caused by very sensitive part tolerances of the prototype unit.

The measurements show that the effective flow of the pump new design increases or
decreased according to optimization demands (as shown in Tab. 5.6) with acceptable wear
marks. In the end, the measured volumetric efficiency of the pump shows the same tendency
as the simulation results. Simulated flows show lower numbers than measured primary
due to the external leakage neglection. Port plate B measurements show a higher effective
flow for a higher delta pressure than for a lower delta pressure. Probably it was caused
by the different port plate pressure balance, which makes the port plate sealing effect better
at higher delta pressures.

Tab. 5.6: Comparison of simulated and measured effective flows.

Simulation Measurement
port | SPeed >ystem Effective | Volumetric Effective L
pressure Deviation
pla_te flow losses flow
version [~ Ap O Q. Q%

(min™) | (bar) (I'min™) (I'min™) (I'min™) (%)
A 1500 15 24.10 1.39 25.12 -4.1
A 1500 30 23.90 1.59 24.33 -1.8
A 2800 15 45.56 2.01 47.67 -4.4
A 2800 30 45.30 2.27 47.38 -4.4
B 1500 15 24.31 1.18 25.61 -5.1
B 1500 30 24.09 1.40 25.81 -6.7
B 2800 15 45.93 1.64 48.17 -4.7
B 2800 30 45.67 1.90 49.10 -7.0
C 1500 15 23.45 2.04 23.74 -1.2
C 1500 30 22.91 2.58 22.26 2.9
C 2800 15 44.90 2.67 45.61 -1.6
C 2800 30 44.40 3.17 45.01 -14

The volumetric efficiency-tendencies for the designed port plates can be also seen
from measurements in Fig. 5.18, where output flows versus pump speed at constant Ap (top
graph for 15 bar and bottom for 20 bar), maximal pump displacement and constant inlet oil
temperature at 50 C are plotted.

89




5 PORT PLATE OPTIMIZATION

Speed ramp, Ap 15 bar, oil temperature 50°C
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Fig. 5.18: Flow vs. Speed characteristics of tested port plates at different pressures.
Port plate A is red color, port plate B is blue color and port plate C is green color.

The Fig. 5.18 shows a decrease of the volumetric efficiency at higher speeds
due to filling losses especially for the port plate versions A and B. From a system point
of view, the decrease of volumetric efficiency is not significant and occurs at high speeds,
where pump doesn’t operate. These filling losses can be predicted with CFD model.
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The spring force values recalculated from the cylinder pressure at maximal
displacement were used for a comparison between simulations and measurements.
The maximal displacement was used due to good experimental results and simple hysteresis
identification which was subtracted from measured values (to get comparable data
with simulations, which don’t consider friction). The delta pressure values from 15 to 25 bar
and speed values from 1000 to 3000 min™ were selected due to fact, that the charge pumps
operates typically in these conditions.

This comparison in Fig. 5.19 confirms a good agreement between simulations and
measurements. The biggest deviation (at 1800 min™) is probably caused by dynamic effects
which are not included in hydraulic model. It can be caused by many factors such as Eigen
frequencies of the measured system or roller pump.

Spring Force

--{F-Measurement |

—¥— Simulation
0 O S _
] — S SO —— -
i i i
1%00 1500 2000 2500 3000

Speed (min'1)

Fig. 5.19: Comparison between mean spring force simulations and
measurements in normalized scale in different operating conditions.

Generally, it seems that this small deviation at specific speed doesn’t have a significant
impact on the system performance. Similar effects are observed in axial piston pumps where
the control pressure in servo system at specific speed shows also some dynamical system
influences.
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6 MODELLING OF HYDROSTATIC DRIVETRAIN FOR POWER
SAVING EVALUATION

Previous lines confirmed that the variable roller pump can be used in HST (Hydrostatic
transmission). The next lines deal with a variable roller pump application as a charge pump
and its power saving evaluation.

A hydrostatic transmission (HST) is a special kind of continuously variable
transmission (CVT). It allows changing a gear ratio continuously with usage of displacement
control of a pump (eventually of a motor). An example of a HST, shown in Fig. 6.1, is
the variable displacement swash plate pump (1) and variable bent axis motor (2) connected
in a circuit through working loop A and working loop B. The pump is the source of the fluid
energy and the motor is the source of the mechanical energy. Other components in the circuit
are added to obtain certain operating features [2]. The output flow of the axial piston pump is
controlled by varying the swash plate angle per control (in Fig. 6.1 electrical) command,
which is the input for the pump control (3), which controls via servo pressure the pump
displacement. Generally the control command can be electrical, mechanical or hydraulic.

Working Loop B Case Working Loop A (Low Pressure) Servo )
- (High Pressure) Drain - and Charge Pressure |:| Pressure l:l Suction

Fig. 6.1: Hydrostatic transmission produced by Danfoss Power Solutions company [55].
1-variable displacement pump, 2-variable displacement motor, 3- pump displacement control,
4-charge check/high pressure relief valve (HPRV), 5-pressure limiter valves (PL), 6-charge pump,
7-charge pressure relief valve (CPRV), 8-loop flushing shuttle valve, 9-loop flushing relief valve,
10-charge pressure filter, 11-heat exchanger bypass valve, 12-heat exchanger, 13-reservoir.
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The check valve/high pressure relief valves (4) (multifunction valves) have two main
effects. They control (limit) the maximum loop pressure to some design value. This high
pressure protection is fast, but in the end it causes a power dissipation (heat generation), when
the valves are active. The second function of theses valves has to ensure the charging
of the working loops. It means to enable a flow from the charge pump to a working loop,
when the pressure in the working loop is lower than the charge pressure. The next pressure
protection of the working loops is ensured by pressure limiter valves (5). The pressure
limiters are non-power dissipative high pressure controls and therefore limit the heat
generated in the system. Unlike a relief valve, they are a slower protection because
the pressure limiter changes the displacement of the pump in response to a high system
pressure. The charge pump (6) is absolutely necessary in a HST. It has to ensure functions
associated with its volume flow rate and charge pressure. This topic will be discussed more
lately. The charge pressure relief valve (7) ensures maximal charge pressure in the circuit.

The integral part of the motor, loop flushing (LF) shunt spool (8) is used to separate
working loop A and working loop B pressures. The system delta pressure will cause the
shuttle spool to shift, selecting the low system pressure side to flow to the loop flushing relief
valve (9). Use the loop flushing option in Installations that require fluid to be removed from
the low pressure side of the system circuit due to cooling requirements and also used to
facilitate the removal of contaminants from the loop. Some cooling may be achieved by heat
radiation from the housings, pipe work and tank surfaces, and intermittent heat inputs may be
absorbed by the tank volume, but for most mobile machines the worst conditions need to be
catered for (normally road drive). Sufficient charge flow needs to be provided to carry
heat to the cooler fast enough to keep temperatures at acceptable levels. The purpose
of the charge pressure filter (10) in the circuit is to ensure suitable cleanness level
of the hydraulic oil. The next important component in the circuit is the heat exchanger (12),
which has to keep the fluid within recommended temperature limits. The heat exchanger
bypass valve (11) is usually used to limit backpressure during cold starts. The last important
component in the circuit is the reservoir (13), which in addition to the provider of the charge
pump inlet with a constant source of fluid, it also helps remove air from system and cool
the fluid. The reservoir also provides make-up fluid for volume changes associated with fluid
expansion or contraction, possible cylinder flow and minor leakage.

The described type of HST is produced in the different sizes, due to a very big portfolio
of vehicle sizes. The simple connection of a variable pump and a variable motor could be
found mainly in telehandlers, wheel loaders and backhoe loaders. For example, the more
complicated HST could be found in combine harvesters and sprayers. Some vehicle types
equipped with a HST are shown in Fig. 6.2.

Almost all mobile machines equipped with a closed circuit hydrostatic transmission are
powered by the engine. In the simple drivetrain equipped with a hydrostatic transmission
(shown in Fig. 6.1), the engine is connected to the variable pump via input shaft. The gearbox
(wheel) is connected to the motor via output shaft. The displacement control of the pump
determines whether the vehicle is moving forward, backwards or is stationary. The pump
output is increased by pump stroking, thereby increasing the speed of the motor (the speed
of the motor could be also increased by the decrease of the motor displacement).

The result is that the vehicle can be speeded up and slowed down by the pump
displacement control (eventually by motor displacement control). The rotation of the motor
shaft can be reversed by moving the pump swash plate through the neutral position and
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shifting it in the opposite (negative) direction, which causes fluid to flow in the opposite
direction and the motor to rotate in the opposite direction, thus reversing the vehicle [2].

Fig. 6.2: Typical applications of HST.
a) telehandler, b) wheel loader, ¢) combine harvester, d) sprayer.

Basically two types of HST control (control of transmission ratio) are used
in drivetrains. The first type is the primary controls, when the pump displacement is
controlled only. The second type is the combined control when the pump and motor
displacements are controlled [30].

Main advantages are that the HST provides improved maneuverability and CVT
(continuously variable transmission) ability, which are normally demanded for mobile
working machines. The next advantage of the HST is the flexibility of the drivetrain
installation. The good example of the flexible drivetrain installation is a combine harvester or
sprayer, where the installation of the conventional mechanical drivetrain will be very difficult.
The maneuverability, CVT ability and installation flexibility are important for vehicle
productivity, but they are provided at cost. The efficiency of a HST is always lower than
a discrete-gear transmission, which typical value is about 95% or bigger. A hydrostatic
transmission has a total efficiency about 80% and the newer designs up to 90% in some
specific operating conditions, but none can approach the efficiency of a discrete transmission.
Due to higher fuel costs, HST efficiency becomes more important for the vehicle
manufacturer. These situations on the market result in very high pressure on the HST
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manufacturer to increase total the efficiency of HST and thus decrease the efficiency
difference between HST and conventional mechanical (discrete-gear) transmission. This
increase could be achieved by the efficiency increase of the pump and motor but it can be
achieved by other components efficiency increase also, which don’t participate on the power
transmit from the engine to the wheel, but they ensure the correct function of the HST
transmission.

One of these components is a charge pump [2]. The charge pump is a critical component
of the hydrostatic transmission. Without a charge flow and charge pressure, the HST will
cease to function. A charge pump is normally a small fixed pump implemented in the housing
of the pump shown in Fig. 6.1 and in a hydraulic circuit diagram of the simplified HST
in Fig. 6.3. Both pumps (main and charge) operate with the same input shaft speed
due to same shaft.

Pump Motor

1|--

1 1
1 1 &
A 1 K Tl
-, ,
| J_T ]

2

| R |

Fig. 6.3: Hydraulic circuit diagram of the simple HST.
The charge pump purposes connected with charge pump volume flow rate are:
e Replenish loop fluid lost through volumetric efficiency of the pump and motor (and
other components).
¢ Replenish loop fluid lost through the loop flushing valve.
e Provide fluid due to bulk modulus effects.
e Provide flow to activate the servo control units.
e Provide flow to the pump control for proper operation.

e Provide a flow source for auxiliary circuit functions such as parking brake, motor
displacement control...

All these charge flows and charge pressure requirements have to be accommodated
in each mode of system operations, otherwise system provides poor performance and could be
damaged.
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6.1 Variable Roller Charge Pump in HST

Application of a VCP (variable charge pump) instead of a FCP (fixed charge pump)
into standard-conventional charging system (shown in Fig. 6.4) brings design changes
into conventional HST.

- To Check /
High Pressure Relief Valves

)

Charge Pump
RN Relief Valve

1
1
Y

Fixed
Charge Pump

| 1| | | |ToPump Case

Fig. 6.4: Conventional (FCP) charging system for HST (Variant A).

The charge pressure in a conventional charging system (FCP) is controlled by a charge
pump relief valve (CPRV). The charge pressure in HST with a VCP is adjusted by the VCP
control (pressure compensated control), which results in the remove of the charge pressure
relief valve or in a more preferred increase of CPRV setting (safety function). Disabling
of the CPRV function results in a pump flushing flow decrease what is not acceptable
in systems with higher power losses due to cooling requirements. There are generally two
easy possibilities how to provide the pump flushing flow. The first one is to increase
the motor flushing flow and connect the motor drain port with the pump drain. It means that
the hot oil from the motor case will be used for pump case cooling which is not preferred.

The next possibility is to use a simple (bypass) orifice which connects the VCP outlet
with the pump case and ensures constant flushing flow to the pump case. The motor (loop)
flushing system in HST is not influenced by the VCP. The modified system with a VCP and
bypass orifice hydraulic circuit is shown in Fig. 6.5.

- To Check /

High Pressure Relief Valves
L
______ '_ __\ . Charge Pump
: * : *. |Relief Valve
| LT
b ) \?C/\ )( Bypass
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Variable
___________________________ . Charge Pump
| 1| To Pump Case

Fig. 6.5: VCP with bypass orifice application (Variant B).
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These changes enables the operation of a HST with VCP in the similar way as a HST
with a fixed charge pump which was confirmed by a system flywheel test shown in Fig. 6.6.
The first-top graph presents the command to the displacement control of the pump.
The second graph shows servo and charge pressures. The third graph present the pressures
in the working loop (system hoses) A and B. The last graph shows pump and motor absolute
speed.
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Fig. 6.6: Flywheel system test with variable charge pump.
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The presented flywheel system test uses a HST containing a variable displacement
pump (89 cm®) controlled by a manual displacement control and connected via hoses
to the fixed motor (89 cm®), loaded with flywheel with an inertia 3.84 kg'm?® The pump runs
at 1800 min™ constant speed. The motor speed varies according to the pump displacement.
The VCP with a bypass orifice was mounted in the pump housing. It can be seen, that
the charge pressure profile in Fig. 6.6 is not ideal but sufficient for the charge pump function.

This system brings a noticeable a power saving only in the cases when the engine/pump
has a high speed and FCP delivers more flow than required which has to be wasted
in the CPRV valve. The VCP is able to adjust the output flow according to the oil demands
in the circuit and that decreases the power consumption. Probably a similar scenario occurs
when the vehicle is in the idle mode (standing), motor flushing is not active and almost all
FCP flow is wasted in the CPRV because the low HST performance does not require a high
flushing/cooling flow. Theoretically both scenarios provide a potential for power savings but
generally this potential is low because of many mobile machines do not operate long time
in idle mode.

Base on the previous consideration it looks clear that the application of a VCP
with variable pump flushing system (Fig. 6.7) and loop (motor) flushing system (Fig. 6.8)
have a significant effect on the power savings.
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' ' | *+ | Relief Valve Valve
1
i 1
| —
I MW T
i ¢
: iVariable
SR IR iCharge Pump
|_J To Pump Case

Fig. 6.7: Proposed variable pump flushing system (Variant C).
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Fig. 6.8: Proposed variable loop flushing system (Variant C).
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Due to this it is necessary to include a variable flushing system for the pump and
the motor-loop. Ideally, proportional flow control valves, which will adjust the flow
according to the oil temperature or HST performance, could be used. A variable pump
flushing system should decrease the current to the proportional solenoid with pump case oil
temperature increase. The same principle should be used for a variable loop flushing system,
but the solenoid current should be depending on the motor case oil temperature or loop oil
temperature. An intelligent pump and loop flushing system allows less waste of flushing flow
and saving of energy. Cheaper thermostat valves could by also considered.

A better overview about VCP power savings gives the next figure. The Fig. 6.9 presents
the measured potential of power savings achieved with a VCP (displacement 100% and 50%)
in comparison with a FCP (gear rotor with displacement 100%).
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Fig. 6.9: Measured power saving potential.

The measurements were performed with a 17 cm® FCP and VCP units (presented curve
is difference between VCP and FCP power input), charge pressure 31 bar and suction oil
temperature 50 °C. The blue curve in this graph presents a negligible power savings
due to higher VCP overall efficiency and the red curve presents significant power savings
due to displacement decrease. The green area presents possible VCP power savings
with the assumption of a VCP displacement reduction from 100 % up to 50 %.
The area bordered by the red and blue line contains also red area which presents power losses.
These losses occur only in high speeds when the VCP displacement is not reduced and
the VCP efficiency is lower than the FCP efficiency. Practically these conditions don’t occur
often due to the fact that the pump displacement is reduced mainly in high speeds.

It is necessary to consider that a VCP system not only loads the engine with lower

power but the VCP system produces less losses what finally decreases the demand
for flushing flow (cooling flow).

6.2 Simulation Model of the Drivetrains

According to Fig. 6.9 it is clear that the VCP has a power saving potential in HST
drivetrains. The power savings due to the increase of the charge pump efficiency (blue line)
cannot bring a significant effect, especially in low pressure applications and so it is not focus
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of this work. The full VCP power saving potential occurs with the decrease of the VCP
displacement; it means that power saving potential is depending on the real HST demand
for charge pump flow. One possible way how to calculate VCP power savings is a drivetrain
simulation. The modeling of the drivetrain is separated in two parts. The first part is
the hydro-mechanical drivetrain modeling. The output from the first part is coupled
with the output from the second part of the modelling which is the thermal model
of the hydrostatic transmission.

6.2.1 Hydro-Mechanical Drivetrain Model

The hydro-mechanical drivetrain model was developed based on previous papers.
The structure of the simulated drivetrain is shown in Fig. 6.10. The whole model is based
on the one dimensional principle. The model was built modularly and it can be simply
modified. The model parts are described in the following paragraphs. The purpose
of this model was a prediction of the drivetrain efficiency but simple dynamics was also
included.

Hydrostatic
Transmission

(npum: Nmot nchp)

Qpum, BPsys

l

np'um Pwhe
O (-0 ) —
A Dpch
Tpum Vwhe: Fwhe
I__I Pfue E
Fig. 6.10: Simulated drivetrain structure.
e Engine

The engine model is based on the work developed in [5], [6], [56], [57]. This model
equipped with an engine speed regulator considers the engine dynamics based on
measurements. The model includes a map of the engine torque and fuel consumption. The
base equation for the engine shaft speed can be written in this form:

(Ieng + Ipum) ) (bpum = Teng - Tpum - Tdam (6-1)

where leng and lpum represent rotational inertias of the engine and pump. According
to the figure, the pump rotational speed wpum is the same as the engine shaft speed. The engine
produces torque Teng. The HST pump loads engine with torque Tpum (this torque includes also
the torque from charge pump) and damping torque Tgam. In the case of a pump gear between
the HST pump and the engine, the previous equation has to be modified. Inputs to the model
are speed command, HST pump torque and the output is the fuel consumption, actual engine
power and engine/HST pump speed.
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e HST and Charge Pump

The HST efficiency model together with the charge pump efficiency model is based
on Polymod. The Polymod approach, developed by Ivantysynova and Mikeska in [53], is
based on a mathematical approximation of steady state measurements. The similar possibility
how to predict unit efficiency with lower accuracy is descripted in [58]. Losses in the pump,
motor and charge pump model predicts the efficiency of the HST. Losses in the hydraulic
hoses between pump and motor are included too. The model considers the dynamics
of the (HST) pump servo system, pump control, motor control, motor loop flushing system
and charging system (CPRV valve or VCP cam ring dynamics). The dynamic part of the HST
model is based on one-dimensional/ control volume modelling which consists of orifice
equations, pressure build up equations and equations of motion, which can be found in [20],
[21] and [26]. The model parameters were adjusted according to the measurements to achieve
sufficient agreement between measurements and simulations. The VCP simple PC control
model is based on the developed linearized control system model.

e Mechanical Transmission and Vehicle

The model of the vehicle and the mechanical transmission was developed according
to equations mentioned in [5], [6], [59], [57]. The model considers constant mechanical
transmission efficiency and uses a simplified one dimensional vehicle model according
to the equation (6.2).

m 1.) _ Tmot " Imec " Nmec m g
veh " Yveh = — Myen " Y~
Twhe (62)

: Sin(ﬁ) —Myen " 9 ° frol COS(19) - sign (vveh)

An equation neglects an air resistance (which is not significant for mobile working
machines) and use simple calculation of the wheel rolling resistance. The vehicle mass is
represented by myen, vehicle longitude speed by wven, motor torque by Tme, mechanical
transmission ratio by ine., mechanical transmission efficiency by #nmec (or by inverted value
in the case of the braking mode), wheel radius by ryne, slope angle by 9, gravitational constant
by g and rolling resistance coefficient is corresponding to the variable f.,,.

6.2.2 HST Thermal Model

The thermal model coupled with a hydro-mechanical one dimensional model is used
for a determination of the cooling / loop flushing requirements in the HST. Due to simulation
speed requirements the thermal approach is also based on the one-dimensional approach.

Generally, it can be concluded that one dimensional hydro-mechanical model building
is sufficiently described in the available literature. The situation is different with a one
dimensional thermal model of hydrostatic drivetrains. The majority of authors focus
on working hydraulics but the modeling approach can be also used in hydrostatic transmission
modeling. The older works such as [24], [60], [61], [62], and newer from Maha fluid power
research center [63], [64], used for the thermal model development in this work.

The general equation (6.3) of control volume energy E can be written [64]:

dE . . L
Ezzmin'hin_imout'hout-l'q_W (6.3)
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where the input oil mass flow is mj, with the enthalpy hj, and the output oil mass flow
from the control volume is g, with the input enthalpy hoy. The heat rejection rate
from the control volume is ¢ and W is the work rate. After some replacement and
simplification according to [64], final equation can be derived as:

dT 1 . . . . v-y-T dp
Ezp_c_v'(zmin'hin_Zmout'hout+q_w)+ c E (6.4)

where T is the oil temperature, p is the oil density, V is the oil volume, cis the specific heat, p
is the pressure of the oil in the control volume, v is the kinematic viscosity and y is the thermal
volumetric expansion coefficient.

The main advantage of the control volume approach in hydraulic and thermal modelling
is that this approach enables to connect the hydraulic model with the thermal model.
The equation (6.4) is modified according to the simulated vehicle and then this modified
equation is connected with the relevant hydraulic part of the model. The thermal model output
is the oil temperature and the inputs are: ambient temperature, power loss and flows in and out
of the control volume which are assumed as equal. The simulation model assumed that all
power losses (Pjoss) in the circuit are transferred into heat of the hydraulic oil. Each hydraulic
component in the thermal part of the simulation model (hose, pump, motor and tank) is a
connection of two node equations (fluid mass equation and component mass equation) which
are a modification of the equation (6.4) according to Fig. 6.11.
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radiative heat transfer
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Fig. 6.11: Thermal modeling approach for hydraulic components
with fluid mass node and component mass node [64].

The forced convection heat transfer occurs inside of the components and it is
a connection between fluid mass node and component mass node. The conductive and
radiative heat transfer equations connect each component mass node to the surrounding
(with ambient temperature). In the end, this connection gives the fluid mass passive
conductive and radiative cooling () through the component mass node. Base on the Fig. 6.1
and Fig. 6.11, the general thermal model was setup. The model considers only basic
components in the hydrostatic transmission.

The model inputs are flows and pressures calculated in the hydraulic-mechanical model,
power losses calculated from pressure drops over components, efficiency (kit) power losses
calculated in Polymod, material properties, geometric properties and performance properties
(for example cooler power) of used components. Outputs from the model are the temperatures
of the hydraulic oil in the circuit and they are used in the hydraulic-mechanical part
of the model which makes a close coupling between the thermal part of the model and
the hydraulic-mechanical part of the model.
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It is necessary to ensure, that the control volume approach calculates the pressures and
flows corresponding to the thermal model demands. The thermal model has to ensure the law
of mass flow conservation. The used approach is suitable for developing of a thermo-
hydraulic-mechanical model. If fast pressure changes were not expected, the equation (6.4)
can be rewritten to a more suitable form. Following equations and constants are taken
from Al-Natour’s dissertation work [60]. Each component model consists at least from one
fluid mas and one component mass. The general equation for the fluid mass temperature Tr
can be written in this form:

dTF _ Z Qin " Coir " Poit — 2 Qout " Coit * Poir + 2 Pross — Z drc

(6.5)
de V" Poir * Coit

Oil mass flows (flow rate) to the fluid mass (control volume) is Qin, Qou: represent inlet
and outlet oil flows from the fluid mass (control volume). P are efficiency losses which
occur in the hydraulic system. They are calculated from pressure drops and the unit losses
through Polymod. The specific hydraulic oil heat capacity is named as coj and the hydraulic
density as poii. The volume of fluid mass or with other words the control volume fluid volume
is represented like Vg in this equation. The heat transfer between the fluid mass node and
the component mass is named as a grc .This forced convection can be calculated based
on the equation

drc = hf 'Af (Tp — T¢) (6.6)

Where As is the inside surface area used for forced convection, h; is the forced
convection heat transfer coefficient, which depends on the Nusselt number [60].
The component mass temperature (T¢) can be calculated from equation (6.7).

dT .

c_ rc — qca 6.7)

dt me - C.

The right side of this equation contains the component mass m., the specific heat
constant of the component material ¢, the forced convection grc and the natural convective-
radiative heat transfer gca. This convective-radiative heat transfer ¢ca is described in equation
(6.8), where the dependency on the natural heat convection coefficient h,, surface area A,
emissivity of the black body ¢, Stefan-Boltzmann constant osg and temperature difference
between component mass and outside ambient temperature T, can be seen [60].

Gea =hn An - (Tc —Ty) + €055 Ap - (Tc — Ty)* (6.8)

The first part of the equation’s right side corresponds to the convection heat transfer and
the second corresponds to the radiation heat transfer. The radiation heat transfer for low
temperatures can be neglected and normally for low temperatures it is part of the natural heat
convection coefficient h,. The conductive heat transfer between the HST and other vehicle
components was not considered. Conductive heat transfer was used only for the heat transfer
calculation between charge pump housing and pump housing.

Base on the approach described in previous equations, all components shown in Fig.
6.12 were covered. The pump oil case temperature, gallery oil temperature, high/low (system)
pressure hoses oil temperature, motor case temperature, drain hose oil temperature, tank oil
temperature and suction hose oil temperature together with their component mass
temperatures were described. The used approach neglects temperature distribution
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in the components but on other hand, this approach is able to calculate the average oil
temperature in each simulated component. The cooling subsystem consists of the motor and
the pump drain ports which are connected to the tank. The oil from the tank is
cooled in the cooler (heat exchanger) which is located at the inlet of the tank. The cooler
model was implemented as a look up table. The output cooling power is a function
of temperature difference between ambient/air temperature and input oil temperature, fan
speed and cooler flow [65]. The cooler model doesn’t include own dynamics in this
simulation model. Ambient temperatures were assumed as constant. The forced, natural
convection and radiative heat transfer were modelled according to [60]. This work contains
also tables with parameters for the one dimensional thermal modeling. The simulation model
doesn’t consider working hydraulics.

The next Fig. 6.12 shows the structure of the thermal model: the considered hydraulic
oil flows, heat transfers and power losses. The pump at the top left corner consist of the two
fluid nodes and two mass nodes representing the oil pump case volume, the gallery oil
volume, the pump mass and the charge pump mass which are coupled together. Flow inputs
for the gallery fluid node are: the charge pump suction flow from Tank Qg,.cp and the flow
from high pressure relief valves, which flows from the high pressure line through the high
pressure relief valve (HPRV) to the fluid gallery Qupry. The flow outputs are the charge pump
leakage Qcasecp, the pump control flow Qcone (Which firstly flows to the control, which is not
thermally modeled), the charge pump relief valve flow (in case of VCP bypass orifice flow)
Qcprv and the check flow Qcheck. The flows Qcpry, Qcontp, Qeasep With the pump leakage Qjeaxp
deliver oil to the pump case, where this oil is heated up with the part of the pump losses
Plosse= (Kit losses and pressure drops), the pump control losses Pjossconp, the part of charge
pump losses Pjosscp+ and the part of the CPRV losses Pjosscprv+. HOt 0il from the pump case is
drained with Qcasep flow flowing through drain hoses to the tank. The oil in the gallery is
heated up with the Pioshpry, the rest of the charge pump losses Piosscpx and the rest
of the CPRV losses Pjosscprv+. Some energy left the pump housing through the pump surface
according to the Fig. 6.12.

The oil in HP, LP hoses (Loop A, B) is heated up with the part of the pump/motor
losses Pjosspx / Prossm+, the check valves 10sses Piosscheck @and losses which occurs in the hoses
PlossHose- The relatively cold oil from the gallery replace oil losses in the HP, LP hoses, pump,
motor Kits with Qe flow. This flow covers concretely the pump leak flow Qjeaxp,
theoretically the high pressure relief valves flow Qupry, the motor leak flow Qjeaxm, the motor
control flow Qcontm and the loop flushing flow Q. The hose material also provides some
possibility to transfer the part of the heat from the oil to the surroundings. The loop flushing
flow, Q.r, motor control flow Qcontm and Qjeaxm Flows to the motor case, where are heated up
by part of the motor losses Pjossm=, the motor control losses Piossconm and the loop flushing
losses PiossLe. The motor case drain flow Qcasem drains hot oil from the motor case to the tank
together with the pump case drain flow Qcasep. Flows through hose bring some power losses
but on other hand it provides also possibility to cool oil thought the hose-component mass
as an each component. The case flows come to the tank, where the most of the oil is available.
The pump case flow and the motor case flow come to the tank separately through drain hoses.
The oil in the tank is cooled with the cooler P.o and then continues in suction hoses
to the charge pump, finally oil flow loop is closed. Each component provides at least passive
cooling (tank provides active cooling with cooler) with a heat rejection through component
masses. The index * means that the power loss is divided between fluid nodes. For example
the pump loss is divided between the loop node and pump case node.
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This simplified approach calculates oil temperatures for the pump case, gallery, HP/LP
(loop) hoses, motor case, drain hoses and suction hoses. It also provides overview about mass
components temperatures. Developed model provides enough information necessary
for cooling performance evaluation.
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Fig. 6.12:Principle of used HST drivetrain thermal modelling.

6.2.3 Drivetrain Model Implementation

The analyses in this work consider the influence of a VCP application. The whole
evaluation of the power saving potential is based on the system simulation of the combine
harvester and the telehandler, which were chosen for further analysis. So, two different
vehicle types with two different working conditions and different FCP sizes will be analyzed
at the next pages. The base structure of drivetrains is shown in Fig. 6.10. The HST
in the considered drivetrains consists of one motor and pump, where pump is connected
to the engine and the motor is connected to the mechanical transmission which propels
wheels. The cooling system was described in the previous chapter and the cooling structure
was considered the same for the combine harvester and telehandler. Naturally, the simulation
parameters were setup according to the vehicle type and working conditions.

The simulation model was implemented in Matlab-Simulink. The drivetrain models
were built with modular structure which can be seen in attachment A3 (complete drivetrain
model) and attachment A4 (thermal subsystem). The model’s subsystems are built according
to the physical structure of the vehicle. This structure allows an easy model rebuilding and
problem finding is accelerated. Each subsystem in the model contains corresponding set
of the equations, derived in the previous chapters. The telehandler model was built
analogically [66]. The main differences are in the used parameters of the simulated drivetrain
components.
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6.3 Verification of Simulation Model

The verification of the simulation model is primary based on the comparison between
the simulation results and the measurements. The simulation results have to follow
measurements and all simulated characteristics have to have physical background. Intuitive
approach based on the experiences can be also useful. Only some of measurements could be
published due to measurements performed on the customer machines. The dynamic behavior
of the hydro-mechanical model was validated with telehandler measurements.
The measurements were performed for relatively short cycles; due to this the thermal model
validation for these conditions doesn’t make a sense.

An example of the drivetrain model accuracy is shown in Fig. 6.13, where two
acceleration cycles of the telehandler were compared. The telahandler driver controls vehicle
speed via the pedal, which sets demanded an engine speed. The pump and motor
displacements are controlled according to the engine speed and delta system pressure.
The demanded speed was input for the simulation.

First two graphs show the telehandler engine and the vehicle speed. It can be seen, that
the first vehicle acceleration from standing up to 10 km-h™, starts at 9 s and it ends at 27 s.
The second acceleration starts at 38 s and finishes at 60 s. The maximal telehandler speed
corresponds to the first gear, which was shifted during whole drive. The resulting system
pressure Apsys shows a relatively low value due to measurement (and simulation) conditions.
The telehandler was driving on the road without any slope which has direct impact
on the system pressure. The solid surface results in the low wheel rolling resistance
coefficient, which also has a positive impact on the system pressure. The maximum system
pressure value was about 150 bar. The next graph to last presents the charge pressure behavior
where the pump speed dependency can be seen. The maximal charge pressure, more
than 31 bar, occurs at the maximal pump speed. The last graph presents the pump and the
motor displacement behavior. The logic of the motor and the pump displacement control is
depending on the selected control system.

The different example used for the model validation is shown in Fig. 6.14.
The telehandler drives down the hill with shifted second gear. The first graph presents
the engine speed and the second graph presents telehandler speed. The engine speed is
controlled by a driver again. The slight engine speed overshoot between 15 s and 25 s is not
shown in simulation model due to different drag torque used in the simulation. The vehicle
accelerated from 7 s up to 12 s when the speed settled about at 28 km-h™. During acceleration
the system pressure rises up to 250 bar. Due to downhill drive the slight telehandler
acceleration continues up to 22 s when the maximal telehandler speed about 30 km-h™ was
achieved. The negative system delta pressure during the telehandler drive also confirms
downhill drive. The next graph in Fig. 6.14 shows charge pressure behavior. The significant
pump speed dependency can be seen again. This is caused by charge pump relief valve, which
p-Q characteristic is not ideal. The pump displacement and the motor displacement
characteristics can be seen in the last graph. The behavior of the pump and motor is
corresponding to the driving mode which was selected on the vehicle.

Both telehandler simulation results follow measurement results very well. The hydro-
mechanical part of the simulation model was discussed in the past in [56], [59], [66] also and
the general approach was validating in another works such as [5], [6].
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Fig. 6.13: Comparison of telehandler measurements and simulation
during two acceleration and deceleration cycles.
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The thermal part of the simulation was validated with combine harvester simulations.
Steady-state measurements of the combine harvester with FCP were available only. Combine
harvesters measurements simulate steady state combine harvester drive on the road
(transporting) and field with constant speed (harvesting). Measurements were performed
at the customer machine; therefore the details might not be mentioned. Some of the simulation
results which were used for validation are shown in following two figures: Fig. 6.15,
Fig. 6.16.

The first Fig. 6.15 shows hydraulic oil temperatures during field drive - harvesting.
During harvesting combine harvester runs at the constant speed about 8 km-h™. The engine
speed is almost 3000 min™ and the delta system pressure about 150 bar.

Pump case and motor case oil temperatures
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Fig. 6.15: Simulated combine harvester oil temperatures during field drive.

According to the measurements, the steady temperature of the pump case oil is 73.4C
and the temperature of the motor case oil is 82.3 C. The simulation model shows the steady
pump case oil temperature 72.1°C and the steady motor case oil temperature 82.4°C.
The measured steady temperature of the oil in the HP hose is 79°C. The simulation provides
only the average temperature of the oil in the HP and LP hose called as the loop temperature,
which value is 76.2°C. This value lower due to the fact, that the oil in the LP hose has
normally lower temperature. The measured steady temperature of the oil in the tank is 63.9°C
and the simulated temperature is 64.6 C.

The second simulation shown in Fig. 6.16 simulates combine harvester drive (transport)
on the road. The thermal behavior is shown in Fig. 6.16. It can be seen that the temperatures
are lower than during field drive. The engine speed during road drive is constant and its value
is about 1400 min™’. The vehicle speed is about 30 km/h with third gear. System delta pressure
is about 140 bar. Lower temperatures are caused by lower power losses in HST — lower heat
generation.
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Pump case and motor case oil temperatures
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Fig. 6.16: Simulated combine harvester oil temperatures during road drive.

The measured steady oil temperature is 60.5°C in the pump case and 65.7 C in the motor
case. The simulation model shows 58 ‘C the pump case oil temperature and 64.7 C the motor
case oil temperature. According to the measurements, the measured HP hose oil temperature
is 61 C and the simulation provides the average temperature of the both system hoses 59.4 C.
The measured tank oil temperature is 51 C, which is very close to the simulated value 49.9 C.

Generally, the temperatures show very good agreement between measurements and
simulations in the steady state (final) conditions. Simulated oil temperature increase shows
good agreement with measurement too. At the specific conditions, simulations show that the
simulated oil temperature increase up to 10% faster than measurement shows. Probably it was
caused by model simplifying (neglecting of the heat conduction between HST, using only
static model of the cooler or other mentioned above).

All simulation model validations show that the used simulation approach is suitable and
both drivetrain models calculate reasonable and acceptable results especially for VCP power
saving evaluation.
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7 POWER SAVING POTENTIAL

The power saving output is one of the most important outputs of this work.
The resultant power saving potential can be easily recalculated to the energy, fuel, emission or
cost savings if the relevant data are available. The next important outputs from the simulation
are information about the operating parameters like pressures, temperatures, speeds etc.
These parameters provide first information about the VCP system suitability and durability
for the selected vehicle.

The evaluation of the VCP power saving potential is based on the simulations
for typical operating conditions of the selected vehicles [33]. The different vehicle parameters
or the different operating conditions can result into different power savings. Due to this, it is
necessary to determine parameters of the simulated vehicles and their operating conditions,
which are simulated.

7.1 Analyze Vehicles and their Operating Conditions

The first vehicle is a telehandler which is ap?roximately a two times smaller vehicle
with a smaller FCP with the displacement 17 cm?®, but engine speed varies much during
working cycle. Transporting (street drive) was considered also. Parameters of the telehandler
used for the power saving evaluation are shown in Tab. 7.1. Telehandler flushing parameters
are shown in Tab. 7.2. The charge pressure setting was approximately 30 bar. The loading
of the telehandler cannot be considered as a steady state drive because the vehicle speed
varies during this cycle significantly. The ambient air temperature in simulations was assumed
as constant (25C).

Tab. 7.1: Drivetrain parameters of the simulated telehandler.

Telehandler Parameters

Vehicle mass 9000 kg Pump size 78 cm®

Engine power 75 kW Motor size 110 cm®

Wheel radius 0.48 m Number of gears 2

Transporting

Engine speed 2600 min™ Pump stroke 100 %

Vehicle speed 40 km'h™* Motor stroke 50 %
Gear 2nd Ap system 165 bar

Loading

Engine speed  [800...1600 min™ Pump stroke 100 %

Vehicle speed 0...8 kmh™ Motor stroke 25...100 %
Gear 1st Ap system 0...250 bar
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Tab. 7.2: Flushing system parameters of the simulated telehandler.

Telehandler Flushing System Parameters
Flushing cp Bypass orifice Loop flushing
system diameter flow
FCP None L
A 7 em? (flow ensured by the CPRV) 10 1-min
VCP L
B 17 em? 1.8 mm 10 I'min
,él-s """""""""" L
£ =
s E
VCP |2 3
C £ 8
17 cm?| g F
%o —_— R . ﬁo N S b i
£5 60 70 B0 90|50 60 7 8 20
Pump case temperature ("C) Motor case temperature (°C)

The second simulated vehicle is a combine harvester which practically works only
in two modes: harvesting and transporting. The parameters used for the VCP power saving
potential evaluation are shown in Tab. 7.3. Used parameters of flushing systems are shown in

Tab. 7.4. Both modes can be considered as steady state, because the combine harvester
drives with constant speed on fields and streets for longer time. The simulated vehicle
normally uses a relatively big FCP with 40 cm® displacement. The charge pressure setting was

approximately 27 bar.

Tab. 7.3: Drivetrain parameters of the simulated combine harvester.

Combine Harvester Parameters

Vehicle mass 20000 kg Pump size 165 cm®
Engine power 300 kW Motor size 160 cm®
Fr. wheel radius 0.85m Number of gears 3
Transporting
Engine speed 1400 min™® | Pump stroke 100 %
Vehicle speed 35 km'h™ Motor stroke 45 %
Gear 3rd Ap system 170 bar
Harvesting

Engine speed 2100 min® | Pump stroke 100 %
Vehicle speed 8.5 km'h™ Motor stroke 100 %
Gear 1st Ap system 160 bar
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Tab. 7.4: Flushing system parameters of the simulated combine harvester.

Combine Harvester Flushing System Parameters
Flushing Bypass orifice Loop flushing
CP :
system diameter flow
FCP None R
A laoem? (flow ensured by the CPRV) 40 I-min
s VCP il
B 40 om’ 3mm 40 I'min
Eoffo o 40
5 g
2 =
c | VCPIs 2
40 cm’®| o <
© £
o . . =
&0 . R S S— 1| S0 :
50Pum|:?gase tgr?'lperatgpe (OC)90 *- 50 Motc?gase tgr%peratgpe (OC)QO

7.1.1 Telehandler Results for Loading

The first telehandler mode, Y loading cycle (standard working cycle where material is
loading on the trailer by wheel loader/telehandler), was simulated with a standard FCP system
and a VCP system. The simulated Y cycle is shown in Fig. 7.1.

Trailer

Material

@ Telehandler

Fig. 7.1: Simulated telehandler Y loading cycle. I. — forward drive to material,
I1.- slow forward drive — loading, Il1. — reverse drive with material,
IV.-forward drive to trailer, V-reverse drive without material.

This cycle consists of several movements: In the first movement, (I.) telehandler drives
forward to approach the material for loading. The second movement (Il.) presents the slow
forward drive to load the telehandler’s bucket with the material. When the material is loaded
the telehandler has to move away from material which occurs in reverse drive (111.). When
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the reverse drive is finished, the telehandler has to stop. This configuration is shown in Fig.
7.1. The forward drive (IV.) gets the telehandler closer to the trailer where the material is
loaded on the trailer. When the material is on the trailer and the bucket is empty,
the telehandler moves with reverse drive (V.) back to the initial position and the whole cycle
repeats.

For the Y cycle simulations presented in Fig. 7.2 and Fig. 7.3, a constant oil
temperature of 70C is assumed due to the short Y cycle. The rolling resistance corresponds
to the asphalt road surface. In this case the power saving potential for the VCP system
with the standard loop flushing system and pump bypass orifice for the Y cycle is
up to 0.4 kW, depending on the vehicle performance. The highest power savings occur during
the pump speed increase when the FCP system delivers more flow than required. This
additional flow is then used for pump flushing but the VCP destrokes in these conditions and
ensures an almost constant flushing flow for the pump, in similar way the loop flushing
works. The Fig. 7.3 shows the telehandler Y cycle simulation with disabled flushing flows
which represents the situation the when oil temperature is lower than setting and the variable
flushing orifices are closed. The power saving for these (more theoretical) conditions was up
to 1.3 kW again in dependence on the vehicle performance during the cycle.

Previous simulations give the idea about the power savings borders than the idea about
real power savings in the operating conditions. Normally the oil in the circuit heats up and
power savings change with oil temperature. Due to this, 100 loading cycles were simulated.
These simulations, for the standard FCP system and VCP system with standard loop flushing
system and 1.8 mm bypass orifice, are shown in Fig. 7.4. The ambient temperature was
assumed constant 25 C. The mean power saving at 10" cycle is 0.33 kW and at 100" cycle is
0.28 kW. The oil temperature for VCP and FCP are almost identical. In this case the cooling
performance of the VCP with 1.8 mm bypass orifice corresponds to the standard FCP system.
Temperatures curves are almost identical. Base on this, it can be concluded that the achieved
power saving is based on the VCP efficiency increase, not on the cooling reduction

The variable flushing system simulation for 100 loading cycles is shown in Fig. 7.5.
The mean power saving at 10" cycle is 0.9 kW and at 100" cycle it is 0.6 kW. The power
saving and oil temperature differences between 10™ and 100" cycle are more significant. This
was caused by the variable pump and loop flushing system which openings are almost closed
at 10" and the VVCP displacement is significantly reduced. The maximal power saving occurs
at the beginning when the flushing flow is reduced and the oil heats up quickly. At these
reduced conditions, vehicle runs only for limited time, thus the saved energy in the CP is not
significant. At the beginning, the main pump and motor can bring some additional power
saving due to the fast increase of the loop temperature, which has a positive impact
on the overall HST drivetrain efficiency.

Following increase of the oil temperature results into demand for more cooling flow and
the VCP displacement increase which increases the power consumption and decreases
the power saving. The absolute mean power saving with variable flushing is still higher than
the flushing system with a bypass orifice what is paid by an acceptable increase of the oil
temperature (set by the variable flushing system setting).

From previous Y cycle telehandler simulations can be assumed that the maximal VCP
power saving for simulated conditions varies between 0.3 kW and 0.9 kW according to the
cooling performance. The mean power saving 0.3 kW is possible to achieve without increase
of the oil temperature. The further power saving increase requires oil temperature increase.
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Fig. 7.2: Telehandler Y cycle simulations for the standard FCP system (A) and VCP system (B)
with the standard LF system and pump bypass orifice (1.8 mm) with constant oil temperature.
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Fig. 7.3: Telehandler Y cycle simulations for the standard FCP system (A) and VCP system (C)
with disabled pump and LF (or fully closed variable flushing system) with constant oil temperature.
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Fig. 7.4: Telehandler Y cycle simulations for the standard FCP system (A) and VCP system (B)

with the standard LF system and pump bypass orifice (1.8 mm) with variable oil temperature.
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Fig. 7.5: Telehandler Y cycle simulations for the standard FCP system (A) and
VCP system (C) with variable pump and LF system (fully opened at 80 C).
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7.1.2 Telehandler Results for Transport

The second telehandler mode is the maximal speed road drive (Tab. 7.5). This cycle
corresponds to the fast telehandler drive on the road. The transport drive confirmed that
the flow used for the pump flushing can be at maximal engine speed reduced. The VCP
displacement could be reduced also which brings the power saving of approximately 1.2 kW.
The variable flushing system with 80 C setting brings power saving of 1.4 kW in simulated
conditions.

Tab. 7.5: Telehandler transport drive simulations.

A: FCP 17cm®
(standard system)
Charge pressure | 29.9 bar | Pump case temperature 57.8T
Displacement 100 % | Motor case temperature 81.6T
Pump case flow 28.0 I'-mint
Power in 3.11 kW .
Motor case flow 13.2 I'min’
B: VCP 17cm®
with bypass orifice
(1.8 mm bypass orifice)
Charge pressure | 29.6 bar | Pump case temperature 63.2TC
Displacement 59 % Motor case temperature 82.1C
Pump case flow 11.2 I'min*
Power in 1.94 kW )
Motor case flow 13.2 min
C: VCP 17cm’
with variable pump and loop
flushing system, (settings 80 °C)
Charge pressure | 29.6 bar | Pump case temperature 67.5C
Displacement 51 % Motor case temperature 829C
Pump case flow 7.4 I'min™
Power in 1.74 kW
Motor case flow 13.2 I'min*

7.1.3 Combine Harvester Results for Transport

The first harvester simulation is transport drive, where the combine harvester drives
at max speed on the road, after 30 minutes’ drive simulation results were taken. The street

drive represents approximately 40% of the vehicle working time.
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Tab. 7.6: Combine harvester transport drive simulations.

A: FCP 40cm’
(standard system)
Charge pressure | 23.7 bar | Pump case temperature 56.3C
Displacement 100 % | Motor case temperature 65.5°C
Pump case flow 275 I'mint
Power in 4.37 KW
Motor case flow 45.1 I'min™
= B: VCP 40cm’

with bypass orifice
(3 mm bypass orifice)

A

Charge pressure | 27-5bar | pymp case temperature 56.6 C
Displacement 99 % Motor case temperature 64.7 C

Pump case flow 25.8 I'min™
Power in 4.54 kW —

Motor case flow 47.8 I'min’

C: VCP 40cm®
with variable pump and loop
flushing system, (settings 80 C)

Charge pressure | 27.6 bar | Pump case temperature 75.1 C
Displacement 45 % Motor case temperature 77.4 C

Pump case flow 8.6 I'min™
Power in 2.36 kW

Motor case flow 37.3 I'min™

The power saving of the VCP (Tab. 7.6) without variable flushing flow (bypass orifice
and standard loop flushing system) is a negative value -0.17 kW; it means that VCP is not
able to save power on the transport driving in comparison to the FCP, which is caused
by higher charge pressures. The PC control of VCP is able to keep the charge pressure
at a higher level than the charge pressure with the FCP. If the PC control of the VCP will be
set lower (at the same level as the FCP), then the VCP will be able to save small amount
of input power due to the higher overall efficiency. The biggest impact on the drivetrain
at transporting drive has a variable flushing system (orifices). Both variable flushing systems
(motor and pump flushing) have thermal setting at 75-80 C (from closed to full opened flow
area). This change allows controlling the flushing flow based on the motor/pump case
temperature and brings a power saving about 2 kW with acceptable temperature (1.25 kW
for variable flushing setting 65-70C).
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7.1.4 Combine Harvester Results for Harvesting

The next mode (Tab. 7.7) is harvesting mode (60% of working time) where the bigger
VCP power saving about 1.7kW (without the wvariable flushing systems)
occurred due to a decrease of the VCP displacement. It can be seen, that the pump and motor
case temperatures are comparable to the FCP system.

Tab. 7.7: Combine harvester harvesting simulations.

A: FCP 40cm® E
(standard system) alﬁ
Charge pressure | 27.5par | Pump case temperature 62.6C
Displacement 100% Motor case temperature 77.3C
Pump case flow 54.0 I-min?
Power in 7.35 kW
Motor case flow 50.9.1 I-min™
= B: VCP 40cm® _ﬁ
with bypass orifice
(3 mm bypass orifice,)
Charge pressure | 27.6 bar | Pump case temperature 66.6 C
Displacement 73% | Motor case temperature 76.7 C
Pump case flow 28.3 I'min?
Power in 5.65 kW
Motor case flow 47.8 I'min’t
= C: VCP 40cm® _m
with variable pump and loop
flushing system, (settings 80 C)
Charge pressure | 27.6 bar | Pump case temperature 765 C
Displacement 56 % Motor case temperature 794 C
Pump case flow 13.4 I'min*
Power in 4.58 kW
Motor case flow 45.2 I'min™

The variable flushing system results in a decrease of the VCP displacement (reduction
of the flushing flow) and finally, the VCP with a variable flushing system brings power
saving up to 2.8 kW with the motor and pump case temperatures up to 80 C.

Previous simulations show different power savings in dependence on the vehicle type,
conditions and charging system configuration but all results show significant dependency
of the power saving on the cooling (flushing) performance.
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7.2 Recommendations for Sizing of a VVariable Charge Pump in HST

The previous experiences from a VCP system modelling can be concluded into some
recommendations for the VCP sizing. In the past, the standard FCP was normally sized as a
10% of pump and motor total displacement [2]. According to this rule, HST circuit with the
78 cm® pump and 110 cm® requires the 19 cm® charge pump. A more detailed approach
quantifies all leakages and flow consumption which occurs in the circuit. Together with the
detail knowledge of the vehicle application, following approach is proposed.

The leakages of the pump and motor (whole HST) can be simply measured or calculated
as a function of the pump speed and the system pressure with the highest oil temperatures
which can occur in the selected application. The consumption of the pump control and other
subsystems like a motor control, parking brake and other systems can be clearly calculated or
measured. During the pump or motor displacement change, the servo pistons oil consumption
calculation is necessary to consider as part of the control consumption (Qcontv, Qcontp)-
Due to fluid compression losses bulk modulus effects has to be added to the total losses which
has to be cover with charge pump as well.

The previous investigations can be done with measurements or simply calculated but
the charge pump application requires a loop flushing flow definition. If this flow is unknown,
it has to be measured or calculated. The standard FCP is normally oversized and the flow
which is not used for covering losses in the circuit flows through the CPRV to the pump case
where it helps to cool the pump case. Sometimes, the motor drain is connected to the pump
case and this motor case flow, which also contains loop flushing flow, ensures the pump case
cooling.

The total demand for cooling flow can be calculated from all power losses which occur
in a HST. The power losses can be specified in three ways; experimentally, by rough
estimation (about 25-30% of HST input power) or simulated with Polymod [53] or similar
tool [58]. The specification of the power losses in the HST has to consider not only the losses
in the pump and motor but it has to consider all losses which occur in hoses, fittings and also
valves. The used approach assumed that all power losses in a HST convert to increased oil
temperature. The maximal oil temperature in the circuit is defined according to the component
specification. Normally, the hottest spot in HST is a motor case but for the calculation it is
better to use the oil temperature in a system hose (loop temperature) Tiep. FOr each
application, we have also a defined maximum temperature of the hydraulic oil. Then the
rough estimation of the cooling flow Qcr, demanded for heat removal from the HST, can be
written as:

Q _ (PlossPTotal + PlossMTotal + PlossHose)
CF —
(TLoop - TTank) " Poit " Coil

(7.1)

where the total pump 10ss Piossprotal 1S @ 10ss which occurs in the pump housing, which means
it is the sum of kit and pressure drop losses, control losses, charge pump losses, CPRV
(bypass, in the case of the VCP) losses, check valve losses and HPRV losses. Similarly, total
motor losses Piossmrotal iNClude Kit losses and pressure drops, loop flushing losses and motor
control losses. These losses used in the numerator of the equation (7.1) can be measured,
calculated using efficiency data or simply estimated with overall efficiencies. Losses, which
occur in hoses, are included in Pigsshose- The sum of all losses in the HST is represented
by the numerator of the equation (7.1). The denominator contains the oil density poi, the oil
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specific heat c,; and the difference between the tank and loop oil temperatures. This
temperature difference (Tioop — Trank) provides information about the cooler effectivity.
The hot oil is removed from the HST through the case flows. Thus the sum of the pump case
flow and the motor case flow has to be equal to the cooling flow according to:

Qcr = Qcaser + Qcasem =
= (QCPRV + Qcontr + Qreakp + QcaseCP) + (7.2)
+ (QLF + QcontM + QleakM)

The equation (7.1) can be plotted again as a function of the pump speed and it has
to be calculated for some typical system delta pressures and maximal allowed temperatures.
The calculated cooling flow Qcr includes pump case leakages, motor case leakages according
to equation (7.2). The difference between calculated cooling flow and case leakages (Qcontp,
Qcontm, Qieakp, Qleakm, Qcasecp) has to be divided between the loop flushing flow Q.r and the
CPRYV flow Qcpry (bypass flow in the case of the VCP). The LF valve setting and bypass
orifice sizing have to be based on simulations or measurements, because it is difficult
to estimate how much of the total unit loss is converted into heat in the case and into the heat
in the loop oil. The LF setting and bypass sizing are also based on oil temperatures (pump
case, motor case, loop) requirements. The VCP sizing depends on the whole cooling flow Qcr
demand, not on the cooling flow redistribution between the pump case and motor case.

The sum of all leakages and flows mentioned in the previous lines can be plotted
as a function of the pump speed as shown in Fig. 7.6. The yellow line (1.) represents the HST
charge flow demand without demand for cooling (LF flow and bypass flow). The red curve
(2.) represents the HST demand for a cooling flow (from equation (7.1)). Normally the
difference between the red curve (2) and the yellow curve (1) is covered by the loop flushing
flow and the CPRV flow in the HST.

Charge A
pump flow Flow
Reduction

2 4. Flow of selected FCP

*
-,

g 3. Flow of selected VCP

2. Calculated maximal demand

VCP Flow (Qvcpge) for cooling flow Q. at maximal

at idle spead allowed loop temperature
FCP Flow (QFCPME)/ . Maximal loop flushing flow Q; £ and
at idle speed maximal CPRV (bypass) flow Qcpry demand
|
| Ch -
Idle speed Max speed arge
pump speed

Fig. 7.6: Charge pump flow demands in dependence on the speed.
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The flow curve of the designed FCP has to be higher than the red curve.
In the presented case the flow curve (4) of proposed FCP is plotted with dotted green line.

The VCP can be designed based on the yellow (1.) curve. The maximal difference
between the red (2.) and the yellow (1.) curve is shown by the double arrows in the figure.
This flow, which includes the flushing flow and the bypass flow, is taken as constant and
added to the yellow line (1.). This results to the blue dotted line (3.) which represents the flow
of the proposed VCP.

It can be seen that the VCP flow curve (dotted blue) doesn’t follow the red curve
ideally, what is caused by the LF and bypass flow, which are considered as constant
due to constant charge pressure ensured by the VCP. This caused that the VCP with standard
LF system and bypass orifice delivers more flow than is required and more flow than the FCP
(red area named as Flow Increase). Theoretically, it can occur only in very rare conditions and
probably in the real situations it will never occur. The flow reduction caused by the VCP
displacement reduction (green area in the graph) is more significant and it will occur more
often. This was also confirmed by previous simulations. The ideal red-curve-following can be
ensured only by a variable (intelligent) loop and pump flushing system with a thermal settings
corresponding to the maximal allowed oil temperature. The size of the VCP with a variable
flushing system should be equal to the VCP size with the bypass orifice and the standard LF
system.

The geometrical displacement of the proposed FCP pump or the VCP can be simply
calculated from Fig. 7.7. This figure shows recalculated theoretical VCP and FCP
displacements in the dependence on the pump speed. These displacements were obtained
from Fig. 7.6. VCP and FCP flows from previous figure (green and blue dotted lines) were
divided by the pump speed. In Fig. 7.7 it can be seen that the FCP displacement is constant
and for the VCP displacement, the maximum displacement value has to be chosen. Selected
FCP and VCP displacements have to be adjusted according to charge pump volumetric
efficiencies.

Charge pump A
Displacement

VCP
Displacement

4. Vg of selected FCP

FCP - - S~
- o e e L e e
Displacement ~
~ -~ —
~~a__ _
3. Vy of selected VCP
| |
i | >
Idle speed Max speed ~ Charge
pump speed

Fig. 7.7: FCP and VCP displacement in dependence on the speed.

126



7 POWER SAVING POTENTIAL

It necessary to mention, that the suitable charge pump sizing has to be performed
for vehicle operating conditions, where the maximum demand for the charge flow occurs.
After the suitable VCP sizing the one dimensional thermal simulations should be performed
to confirm the VCP system sizing. Due to the high system complexity measurements will be
also required.

The presented approach shows only one example how to set up the charge, LF and
bypass system in a HST. Each application can be different and the flow demands of a charge
pump can be different in their different operation conditions. Due to this, graphs or
calculations shown in Fig. 7.6 and Fig. 7.7 have to be evaluated for each application.

This approach doesn’t consider effects like heat rejection by componets, heat
conduction and etc. But the proposed recommendations for the VCP sizing are on the safe
side from the design; of course some safety can be added to the calculation nonetheless.
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8 CONCLUSION

The presented thesis gives a holistic view about variable roller charge pumps.
At the beginning, the work deals with the theory connected to the selected pump and then
continue with the volumetric efficiency modelling and measurements. The work continues
with the pump control force analysis and the control comparison. These analyses approach
the end with system investigations and finish with the evaluation of the variable charge pump
power saving potential in selected mobile machines. The whole thesis can be separated into
two parts. The first part is primary focused on the roller pump and the second part is focused
on the system application and power saving evaluation.

At the first part of this thesis, the roller pump functionality was described and
the methodology of a 1-D simulation model was developed. The developed simulation model
could be used for pressure profile prediction, roller force prediction and cross port leakage
prediction which has direct impact on the total volumetric efficiency. The simulation model
was successfully used as a tool for optimization of the port plates which was confirmed
by several tests. The measurements confirmed the tendency of the effective flow behavior
between simulation results and measurements. The developed tool could help to predict
the variable roller charge pump volumetric efficiency and in the end, it provides better port
plate designs for the roller pumps and solves possible future problems related to the pressure
profile. This work provides a good base for next developments in the area of roller pump
simulations.

The next model improvement could be achieved by including the external leakage into
the model. It should help to calculate more accurately the volumetric efficiency in the
simulation model. The implementation of the torque calculation and total efficiency
calculation should be a future step in the model development.

Another advantage of the developed model is the cam ring force prediction which could
help to improve the performance of actual controls. Also this part of the model was verified.
The work deals also with possible controls which can be applied on the variable roller charge
pump. Performed basic measurements compared two types of the control and confirmed that
the variable roller charge pump is able work in transmissions with both types of the control.
Simulation models provided also explanation of the root reasons for different control
performances.

The second part of the work analyzed the potential of a variable charge pump for two
typical mobile applications. This part required to perform a 1-D drivetrain simulation model
together with thermal behaviour analysis of the HST. The drivetrain simulation of the VCP
charging system with a bypass orifice confirms higher power savings only in cases when
the pump speed was significantly higher than normal speeds and a relatively constant flushing
flow through the bypass orifice to the pump case still ensures suitable cooling. The best
simulation results were achieved with variable flushing flows, where the demand for charging
flow was adjusted (decreased) according to the HST cooling requirements.

Performed simulations show maximal steady state power savings about 2.8 kW
for combine harvester (maximal engine power 300 kW) and about 1.4 kW for telehandler
(maximal engine power 75 kW) at simulated conditions. Theoretically further acceptable oil
temperature increase could bring further VCP power savings (savings are paid by an oil
temperature increase). This idea has to be investigated more because of the leakage increase
and other parameter changes due to the oil temperature increase.
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Based on previous simulation results, the VCP can only be effective or offer an added
value in systems (vehicles) where the full (or a large amount) of the charge flow is not needed
in the majority of machine operating time. For example the suitable application could be
a HST system where a significant amount of the operating time, the pump runs at zero or very
small angle, for example differential steering at track type vehicles or suitable HST
application with an oil temperature dependent intelligent flushing (cooling) system. Especially
the combination of a suitable HST system and the intelligent variable flushing flow could
make with the VCP an interesting solution aimed to decrease the power consumption and
in the end the fuel consumption. Theoretically, next system improvements can be achieved
with an electronically adjustable PC control, which is able to adjust charge pressure according
to the HST demands.

These VCP systems and intelligent flushing (cooling) systems are not used in today’s
standard HST. The next step is to design and simulate the VCP with the concrete intelligent
variable flushing flow and compare fuel savings and VCP system costs, if the VCP
implementation is profitable. The electronically controlled PC control for the VCP requires
further investigation too.

8.1 Contribution of Doctoral Thesis

From the state of the art point of view, this work brings relatively complex investigation
of the variable charge pump design and its system application together with a power saving
evaluation. The developed theory and tools will extend the existing state of the art connected
not only with the roller pump topic but mainly with variable charge pump systems. The main
contribution of this work can be separated into the following points:

e Extension of the variable roller pump theory, which was confirmed by comparison
between measurements and simulations [51].

e Development of a methodology for the variable roller pumps optimization with focus
on the volumetric efficiency [51].

e Cam ring forces (control spring force) derivation, validated by measurements [34].

e Comparison of selected pressure compensator controls for a variable charge pump and
their analysis through linearized VCP control models.

e Novel proposal of variable charge pump implementation into HST [66].
¢ Power saving potential evaluation for two types of vehicles [66]:

= Telehandler.

= Combine harvester.

e Recommendations for pump sizing and proposal of a system layout together
with suitable charge systems for maximization of the variable charge pump power
savings (variable flushing flow).

The whole work presents a guideline for a sophisticated variable (roller) charge pump
development and covers empty spots in the theory. Additionally, methodologies dealing
with the variable charge pump design and system applications were shown. Kinematic
equations and tool for cross section areas calculation were also implemented into graphic user
interface, which is successfully used for VCP design calculations. The value of the knowledge
included in this work is highlighted by a real market demand.
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ATTACHMENTS

ATTACHMENTS

Al: Roller pump simulation model in Simulink (Chapter 5.1).
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ATTACHMENTS

del in Simulink (Chapter 5.1).
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ATTACHMENTS

A3: Drivetrain simulation model in Simulink (Chapter 6.2.3).
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ATTACHMENTS

A4: Thermal simulation model in Simulink (Chapter 6.2.3).
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ATTACHMENTS

A5: Test stand hydraulic diagram for efficiency measurements (Chapter 5.4.1).
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ATTACHMENTS

AG6: Test stand hydraulic diagram for spring force measurements (Chapter 5.4.2).
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