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ABSTRACT  

For decades, ejector technology was considered as a potential alternative for 

conventional compressor cooling technology due to its promising features. For instance, 

ejector refrigeration cycle can be driven by renewable heat sources with high stability and 

maintenance. With the current climate change issues, the demand for sustainable cooling 

technologies using an environmentally friendly working fluid becomes stronger than ever.  

The present thesis aims a comprehensive investigation into ejector cooling technology 

using numerical and experimental methods. The numerical method was employed to 

understand the influences of various parameters to the system performance, such as the 

superheating, generator temperature, the heat exchangers size. A theoretical design of an 

ejector refrigeration system with a novelty environmentally friendly as the working fluid 

was a major objective of the thesis. Experimental assessments of the solar ejector cooling 

system were performed to reveal the system behaviors under real conditions. 

 A prototype of an ejector refrigeration system (ERS) with R600a as the working fluid 

was used to study the system performance at various working conditions. The behavior of 

the ejector at on-design and off-design conditions was investigated. The experimental results 

were used to fine tune and validate the mathematical model of the ejector cooling cycle. The 

mathematical model developed considers the ejector cooling cycle in detail, including the 

plate heat exchangers. The model enables to study the cooling cycle from various aspects, 

such as the influence of heat exchanger design to the performance of the system, or the 

degree of superheat at the ejector inlets on the system behavior. The mathematical model 

was used to assess four novel refrigerants of the hydrofluoroolefin group: R1234yf, 

R1234ze(e), R1234ze(z), and R1233zd(e). A study using computational fluid dynamics was 

carried out to validate the results from the mathematical model.  

 The experimental results using a variable geometry ejector (VGE) in an ERS clearly 

showed the benefit of the design. The improvement of the system performance was up to 

42% when compared to a conventional ejector. It was observed that the coefficient of 

performance was inversely proportional to the secondary inlet pressure when the ejector 
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works at the off-design regime. The results from mathematical work well agreed with the 

experimental results, within ±15% of tolerance.  

The mathematical model also confirmed that a variable geometry ejector is necessary, 

for all selected working fluids, to obtain desirable cooling performance when the working 

conditions vary. The influences of the working temperatures to the system performance were 

considerable. The sizes of the heat exchangers significantly influenced the effectiveness and 

the pressure drop of the refrigerant flow. The assessment pointed out R1234ze(e) and 

R1234yf were the most desirable working fluids. The work with computational fluid 

dynamics supported the results of the mathematical model.  

 

Keywords: ejector cooling technology, variable geometry ejector, renewable energy, 

plate heat exchanger, R1234ze(e), R1234yf, hydrofluoroolefins, R600a.  
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Anotace  

Ejektorový chladicí technologie je považována za potenciální alternativu ke 

kompresorové chladicí technologii díky některým svým výhodám. Mezi ně patří možnost 

ejektorového chladicího okruhu (ECO) být poháněn obnovitelnými zdroji; navíc je ECO 

stabilní a má jednoduchou údržbu. Silněji než kdy dříve nyní zaznívá požadavek na všechny 

chladicí technologie používat ekologickou pracovní látku z důvodu rychlých klimatických 

změn a problémů z nich plynoucích. 

Cílem této práce je detailní výzkum ejektorové chladicí technologie prostřednictvím 

numerických a experimentálních metod. Numerická metoda byla použita k pochopení vlivů 

nejrůznějších parametrů, např. přehřátí, teploty generátoru, velikost výměníků tepla aj., na 

výkon systému. Dalším cílem práce je teoretický návrh ejektorového chladicího systému 

využívajícího ekologická chladiva. Bylo provedeno experimentální vyšetřování 

ejektorového chladicího systému poháněného solární energií za účelem posouzení výkonu 

systému za reálných podmínek. 

 Ke studiu výkonu systému při různých pracovních podmínkách byl použit prototyp 

ejektorového chladicího systému s pracovním chladivem R600a. Bylo zkoumáno chování 

ejektoru v návrhových podmínkách (on-design) a nenávrhových podmínkách (off-design). 

Výsledky experimentu byly použity k doladění a ověření matematického modelu 

ejektorového chladicího cyklu zahrnujícího všechny součásti systému včetně deskových 

výměníků tepla. Uvedený model umožňuje studovat chladicí cyklus z různých hledisek, jako 

je vliv konstrukce výměníků na výkon systému nebo vliv stupně přehřátí na chování 

systému. Model byl rovněž použit k posouzení čtyř nových chladiv ze skupiny 

hydrofluoroolefinů: R1234yf, R1234ze(e), R1234ze(z) a R1233zd(e). Jako doplněk byla 

provedena numerická studie proudění reálného plynu v ejektoru. 

 Výsledky experimentu jasně prokázaly přínos ejektoru s proměnlivou geometrií. 

Zlepšení výkonu systému bylo až 42% vůči ejektoru s pevnou geometrií. Výsledky 

matematického modelu souhlasily s experimentálními výsledky v rozmezí tolerance ± 15%. 

Matematický model rovněž potvrdil, že při měnících se pracovních podmínkách je 

nutné k zajištění požadovaného výkonu použít ejektor s proměnlivou geometrií. Toto platí 
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pro všechna zkoumaná pracovní chladiva. Vliv pracovních teplot na výkon systému byl 

značný. Velikosti výměníků významně ovlivnily účinnosti přenosu tepla a tlakovou ztrátu. 

Studie ukázala, že R1234ze (e) a R1234yf jsou pro ejektorový chladicí systém 

nejperspektivnější pracovní látky. Výsledky matematického modelu byly podpořeny 

numerickými výpočty (CFD). 

 

Klíčová slova: ejektorový chladící technologie, ejektor s proměnném geometrii, 

obnovitelný energie, plechový výměník, R1234ze(e), R1234yf, hydrofluoroolefin, R600a.  
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1 INTRODUCTION 

1.1 Contextualization of the thesis 

Air conditioning (AC) plays an essential role in modern society, as it was clearly stated 

by Lee Kuan Yew, the first Prime Minister of Singapore in his biography [1]: “Air 

conditioning was a most important invention for us, perhaps one of the signal inventions of 

history. It changed the nature of civilization by making development possible in the tropics. 

Without air conditioning, you can work only in the cool early-morning hours or at dusk. The 

first thing I did upon becoming prime minister was to install air conditioners in buildings 

where the civil service worked. This was key to public efficiency.”  

Air conditioning of the indoor space is fundamental for well-being and productivity in 

the hot and humid parts of the World. Whereas the demand for space cooling is driven by 

economic and population growth. Nowadays, 99% of private dwellings in Singapore are 

equipped with an air conditioner, which are on for most of the time when the apartment is 

occupied [2]. In contrast, only 4% of households in India possess an air conditioner, despite 

having high cooling needs [3]. There are about 1.6 billion air conditioners in use worldwide, 

dominated by China, United States of America (USA) and Japan. However, the economic 

growth in developing countries and the global warming will lead to massive expansion of 

the air conditioning market in the upcoming years. For example, India had nearly 30 million 

AC units in use in 2016, which was predicted to increase to over 1 billion units by 2050 [4].  

Electricity use for space cooling (air conditioners, household fans, dehumidification 

systems) is becoming the largest share of electricity consumption in buildings as shown in  

Figure 1.1. Forecasts indicate that air conditioners approximately will reach 5.6 billion 

installed units on a global scale by 2050. Considering their actual energy efficiency, air 

conditioning will consume about 620 TWh of electricity, equivalent to about 30% of total 

electricity use in buildings (see Figure 1.1) [3]. 
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Figure 1.1 Forecast of the share of global electricity use in building by 2050 (data extracted 

from IEA [3]). 

A projection of the electricity consumption for space cooling up to 2050 is shown in 

Figure 1.2 in comparison to the scenario of 2016 for different regions of the Globe. It is clear 

from the figure that there is a strong increase in the expected electricity consumption for all 

the countries indicated. According to this projection, India will be the world leader 

corresponding to an increase over 40-fold in a period of about 30-years, from 39.5 TWh to 

839 TWh. This is equivalent to one-third of the net electricity generation of 28 countries of 

the European Union (EU-28) in 2018 [5]. Consequently, air-conditioning is one of the major 

causes of carbon dioxide emissions. 

Most current air-cooling technologies use electricity (e.g. vapor compression 

technology); and over 65% of electricity globally is produced from burning fossil fuels 

(2016) [6]. Even though the World is moving towards a larger share of renewable energy 

conversion, electricity generation relies heavily on fossil fuels; e.g. 87.7% and 71.2% in 

China and EU-28 in 2014, respectively [7]. Space cooling is foreseen to produce 2070 Mt 

carbon dioxide in 2050, nearly twice as much (1135 Mt) as in 2016 [3]. The total amount of 

greenhouse gas emissions in carbon dioxide equivalent (CO2-eq) was 4224 Mt in Europe in 

2017 [8]. 
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Figure 1.2 Global electricity use for space cooling in building in 2050 (data extracted from 

IEA [3]). 

Considering market expansion and existing air conditioning technologies, space 

cooling is one of the major causes of global warming on the planet. It is estimated that AC 

applications alone will be responsible for a temperature rise of 0.5°C [4] in the total projected 

of 3 - 5°C by the end of this century [9]. Carbon dioxide emissions, by burning fossil fuels, 

contribute to unwanted greenhouse effects, which in turn provoke unsustainable climate 

change manifesting on the daily basis by e.g. the rise of sea level, extreme weather events 

(flood, storm, etc.). Figure 1.3 presents the global risks landscape published by the World 

Economic Forum [10]. The risks were ranked based on their possibility to happen 

(likelihood) and their effects to the human life (impact). According to Figure 1.3, extreme 

weather events (denoted as the green mark at the top-right corner) certainly happen and they 

strongly impact on human life. 

It has been realized by policymakers, scientists, and the public in general that actions 

must be urgently taken in order to reverse the actual climate trends. These actions include 

shifting primary energy source usage towards renewables, improving energy conversion 

efficiency, reducing the emission of greenhouse gases. In other words, the climate change 

could be slowed down by reducing the emission of CO2 and other greenhouse gases. 
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Figure 1.3 The global risks landscape (2019) by World Economic Forum [10]. 

Besides electricity generation, direct emission of greenhouse gases, such as 

refrigerants used as working fluids in cooling systems, contribute to the climate change 

problem. The European regulation 517/2014 [11] on the reduction of fluorinated greenhouse 

gases (F-gases) emissions is a good example of the efforts to contradict unwanted tendencies 

in the European Union (EU). According to this regulation, the developed countries should 

reduce greenhouse gas emissions by 2050 to 80% - 95% of the levels of 1990 [11]. Therefore, 

a roadmap was defined for replacing 79% of these refrigerants on the market by 2030 

(compared to 2015), as shown in Figure 1.4. The regulation states that refrigerators and 

Likelihood 

Im
p

ac
t 



Hydrofluoroolefins as working fluids for ejector refrigeration technology 

32 

freezers for commercial use will not be permitted to operate in new installations with 

working fluids representing a global warming potential index (GWP) of 150 or higher by 

January 2022. Currently, most commonly used refrigerants have a GWP considerably higher 

than this limit. For example, HFC refrigerant R134a has a GWP of 1430, while HFC blend 

R410a has an even higher value of 2088). The regulation no. 517/2014 represents a strong 

constraint for the refrigeration industry, and thus concerns the research and development of 

new refrigeration technologies. 

 

Figure 1.4: Expected phasing out process of the F-gases according to regulation no. 

517/2014 of the EU [11]. 

Cost-effective alternative solutions are required to reduce the electricity stress caused 

by the increased demand for space cooling because of the unsustainable nature of the current 

electricity consumption trends. Moreover, renewable energy is abundant in many (hot) 

regions of the world, but their use for driving air conditioning equipment is rather limited. 

A heat-driven cooling system, such as ejector refrigeration can play a key role in the air 

conditioning market of the near future. The most attractive feature of the ejector refrigeration 

is the possibility of using low-grade thermal energy to drive the system instead of electricity. 

Widely available low-grade heat sources such as solar heat, geothermal energy, waste heat 

from power plants, etc. can be used. Solar energy is accessible everywhere, especially in hot 

regions where air conditioning is needed. Unlike biomass, solar thermal energy is pollution-

free, no greenhouse gases are produced during utilization. In addition, the operating and 
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maintenance costs of solar collectors are low. The ejector cooling technologies powered by 

solar thermal energy offer clean, highly accessible solutions for air-conditioning.  

In a study of a solar-driven ejector refrigeration system (SERS) for office buildings, 

Guo and Shen [12] claimed that the system could save up to 80% electric energy compared 

to conventional refrigeration. The benefits of using ejector cooling are significant. They are 

thoroughly presented in the literature review of Chapter 2. The ejector refrigeration has a 

strong potential to reduce the electric energy stress associated with the fast increase of air-

conditioning applications worldwide. The growth of this technology could contribute to the 

effort towards decelerating the climate change.  

1.2 Objectives of the thesis 

The work has been carried out focusing on three principal objectives:  

1. Development of a simplified mathematical model of ejector cooling cycle (ECC) 

is aimed that is capable to predict system operation with an acceptable accuracy. 

This model is then applied to carry out a comprehensive study, addressing the 

influence of ejector geometry and operating conditions on the overall system 

performance.  

2. Assessment of the application of new environmentally friendly working fluids for 

ejector cooling technology. Qualified refrigerants must fulfill criteria of 

thermodynamic performance, and requirements of the regulation 517/2014 of the 

European Union.  

3. Development a design tool for suitable thermodynamic design of the ECC with a 

qualified refrigerant.  

Another objective of the work is to perform experimental assessments of the 

performance of the solar ejector cooling system (SERS), aiming to reveal the system 

behaviors under real conditions. Experimental results are also used for validating the 

mathematical model of the ejector cooling cycle. 
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1.3 Research methodology  

An important aim of the thesis is to develop a capable mathematical model to 

accurately predict ejector cooling system (ECS) performance for a set of working fluids and 

operating conditions and then use this model as a design tool for the individual components 

of the cooling cycle. Additionally, experimental and computational fluid dynamics (CFD) 

techniques were also employed to support and to validate the mathematical model. In the 

following text, each means will be individually discussed. 

a. Theoretical work 

Theoretical analysis was carried out using a mathematical model. Models are fast, cost-

effective and flexible tools for assessing different working conditions, refrigerants and 

system configurations, which would be otherwise difficult or impossible using an 

experimental approach. The ejector cooling cycle (ECC) model is built by combining sub-

models of its major components. The basic ECC consists of an ejector, three heat exchangers 

(i.e. vapor generator, condenser, evaporator), an expansion valve, and a refrigerant pump. It 

is believed that the ejector device is quite sensitive to the working pressures, especially the 

backpressure, (the pressure at ejector diffusor) when the system works at the critical point 

(detailed discussion is in chapter 2). If the pressure loss through the heat exchangers are well 

estimated, the system behaviors can be better predicted.  

The mathematical model developed is based on basic conservation laws of 

thermodynamics: energy, momentum, and mass conservation.  

It is aimed to address the influences of heat exchanger geometry and operating 

conditions on the overall system performance. The heat exchangers are comprehensively 

modeled. Each of these heat exchangers is divided into single-phase sections and phase-

change section. Suitable correlations are applied to define the heat transfer coefficients and 

Fanning friction coefficients for each section. The heat transfer rate and pressure drop are 

then calculated. By determining the refrigerant pressure drop through heat exchangers, 

ejector inlets and outlet pressures are more accurately calculated and thus, the model 

accuracy is improved. Subcooling of the liquid refrigerant at the condenser outlet and 

superheating at the generator and evaporator outlets are considered in these heat exchanger 

models. 
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Thermodynamic design of the major components is proposed depending on required 

technical demand (e.g. cooling capacity, the temperature of chilling media at the condenser, 

and refrigerant temperature at generator inlet, etc.) and applied working fluid.  

The mathematical model is implemented in commercial software called Engineering 

Equation Solver (EES - Fchart, USA). All properties of working fluids are obtained from the 

real-gas database of the software. Since the flow inside the ejector is supersonic and involves 

a series of shock waves, it is highly compressible. Thus, the use of the real-gas database is 

an essential requirement for having an accurate mathematical model. Furthermore, the real-

gas database is also used in treating the raw experimental data. 

Additionally, CFD is applied as a tool for validating the ejector geometry resulting 

from the mathematical model. A mesh sensitivity study is first performed. The integrated 

real-gas database (NIST REFPROP) in Fluent (Ansys, USA) is used for the fluid physical 

properties.  

b. Experimental work 

Experimental work on a solar ejector cooling system is carried out with the objective 

to study the influence of key factors such as backpressure and nozzle exit position on the 

system performance. Thermocouples and pyranometer were carefully calibrated by the team 

members of the project solar ejector refrigeration system. An uncertainty analysis is 

performed in EES so that confidence limit for the experimentally obtained data are 

quantified. These estimates are also needed for the mathematical model validation. Besides, 

the experimental work provides references for the mathematical model, such as degrees of 

superheating at ejector inlets and the ejector efficiency.  

1.4 Structure of the thesis 

The thesis is composed of eight chapters, as presented in the flowchart of Figure 1.5. 

Chapter 1 is an introductory chapter providing a general context for the work. The objectives 

of the dissertation are identified, and the followed methodology is presented.  

Chapter 2 focuses on the background of ejector cooling technology. A short review of 

the historical development of ejector refrigeration is presented. A critical review of the 

existing literature is carried out to support the objectives of the present Ph.D. work.  
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Chapter 3 describes the details of the mathematical model development for the 

theoretical analysis of the ejector cooling cycle.  

Chapter 4 gives a detailed description of the solar-driven ejector cooling test facility, 

which was used for the experimental work. The corresponding results are analyzed and 

discussed in Chapter 5. The validation of the mathematical model with experimental results 

is presented in the same chapter. 

In Chapter 6, a parametric study is carried out for assessing the performance of novel 

environmentally friendly refrigerants on these types of systems and focusing on a suitable 

design for the heat exchangers of the cooling cycle.  

Chapter 7 is dedicated to the validation of the mathematical model developed in 

Chapter 3 by the CFD technique.  

Finally, Chapter 8 summarizes the most important conclusions of the thesis and 

provides suggestions for future research dealing with ejector refrigeration technologies. 
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Figure 1.5 Flowchart of the thesis structure.  



Hydrofluoroolefins as working fluids for ejector refrigeration technology 

38 

2 LITERATURE REVIEW 

2.1 Background 

 A brief on the history of ejector cooling technology 

Ejector technology has been known for more than a century. In 1858, Henri Giffard 

obtained a patent for the steam-injector, which uses a steam jet to pump liquid water to a 

boiler. His theoretical and experimental studies established an initial background for the 

development of more advanced ejector technology. The invention of the converging-

diverging nozzle (de Laval nozzle) in 1889 [13] led ejector technology a step forward, since 

supersonic state motive jet considerably improved the suction effect.  

Ejector technology has been applied in many areas of engineering, such as 

petrochemical processes, eatable oil deodorization, fertilizer plant, water distillation, etc. 

Refrigeration was one of the first applications of ejector technology. Maurice Leblanc built 

the first successful steam jet refrigeration system in Paris in 1908 and obtained the patent in 

the United State of America (USA) in 1911 [14]. Steam jet refrigeration was installed in 

some buildings in the USA in the 1930s [15].  

Despite the domination of mechanical vapor compressor-based refrigeration 

technology in the past century, ejector refrigeration remained an attractive topic to 

researchers. Because of the environmental concerns, increased attention towards the 

development of improved performance ejector refrigeration can be observed. Over the last 

decade, several dozens of papers on ERS are published annually in the open literature. 

Scientists have been trying to improve the stability and performance of the ejector device by 

focusing on system configuration, ejector geometry, working fluid selection amongst others.  

 General operating principle of an ejector cooling cycle 

The principal components of the ejector cooling cycle are the refrigerant pump, vapor 

generator, ejector, condenser, expansion valve, and evaporator, as shown in Figure 2.1. 

Please note that single letters in circles refer to the refrigerant states at the outlet of the 

components. ERS operation can be roughly described as follows.  
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The vapor generator is used to supply heat to the high-pressure liquid refrigerant using 

an external heat source. The refrigerant evaporates and it reaches a superheated vapor state 

at the generator outlet (G). As the high-pressure vapor from the generator (also referred to 

as primary stream) goes through the primary nozzle of the ejector, it is accelerated to 

supersonic speed. Because of the expansion, a low static pressure and high-velocity (high 

kinetic energy) primary jet is obtained around the primary nozzle outlet region. Because of 

that the working fluid from the secondary inlet (evaporator outlet – E) is entrained into the 

suction chamber and then accelerated by tangential forces that are generated by the primary 

jet leaving the nozzle. The cooling effect (𝑄𝑒) in the evaporator is proportional to the mass 

flow rate of the secondary stream. After mixing between the primary and secondary streams, 

static pressure of the flow increases through a series of shock waves and the flow becomes 

subsonic. The pressure further undergoes raise in the subsonic diffuser to the required level 

of the condenser of the ejector cycle (D). the ejector here acts like a compressor device 

without moving parts, since it increase the pressure of the working fluid from a low lever 

(E) to a higher lever (D). In the condenser, heat is rejected to the environment or to a coolant 

so that the working fluid is in a liquid state as it leaves the heat exchanger (C). A portion of 

the liquid is then pressurized by the refrigerant pump before entering the generator (P), and 
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Figure 2.1 Principal components of an ejector refrigeration cycle (single letters refer to 

refrigerant states). 



Hydrofluoroolefins as working fluids for ejector refrigeration technology 

40 

the remaining liquid expands through an expansion valve and enters the evaporator in a 

liquid-vapor state (V). This completes the ejector refrigeration cycle.  

 The ejector and ejector performance indicators 

The ejector is a simple device with no moving parts. The principal parts of an ejector 

are the primary nozzle, suction chamber, constant area section, and diffuser (see Figure 2.2). 

As it was mentioned before, the basic role of the ejector is to transport and to compress the 

secondary fluid from the evaporator (suction) pressure to the condenser pressure 

(backpressure), similarly to a compressor but without shaft work. The lack of moving parts 

leads to little need for maintenance and long shelf life. 

Entrainment ratio (ER) is one of the most important parameters describing the ejector 

performance. It is the ratio of the secondary mass flow rate (𝑚̇𝑒) and the primary mass flow 

rates entering the ejector as: 

𝐸𝑅 =
𝑚̇𝑒

𝑚̇𝑔
 . (2-1) 

For a given set of operating conditions and working fluid, the ER depends on ejector 

geometry. High entrainment ratio indicates better ejector performance. 

Constant area
 section Diffuser

Secondary inlet Ejector outlet

Primary inlet
Primary nozzle

Suction
chamber

 

Figure 2.2 Schematic view of a typical ejector.  

Under steady-state conditions, the coefficient of performance (COP) is the ratio of 

evaporator heat (𝑄̇𝑒) to the total energy input rate required to drive the cycle: 

𝐶𝑂𝑃 =
𝑄̇𝑒

𝑄̇𝑔 + 𝑊𝑝̇

 ≈
𝑄̇𝑒

𝑄̇𝑔

   (2-2) 

Where, 𝑄̇𝑔 is the generator heat, and 𝑊𝑝̇ is the pump work of the pump. Usually, 𝑊𝑝̇ 

is negligible compared to the heat input (𝑄̇𝑔), as it is shown on the right-hand side of 
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equation (2-2). The COP is directly proportional to the ejector entrainment ratio and the 

enthalpy difference ratio between the enthalpy change in the evaporator and the generator 

as: the enthalpy difference ratio is the ratio between the enthalpy difference of evaporator 

outlet - expansion valve outlet, (ℎ𝑒 − ℎ𝑣); and enthalpy difference of generator outlet -  

pump outlet, as shown in the following expression: 

𝐶𝑂𝑃 ≅
𝑚̇𝑒 ∙ (ℎ𝑒 − ℎ𝑣)

𝑚̇𝑔 ∙ (ℎ𝑔 − ℎ𝑝)
= 𝐸𝑅

(ℎ𝑒 − ℎ𝑣)

(ℎ𝑔 − ℎ𝑝)
  (2-3) 

The enthalpy change (ℎ𝑒 − ℎ𝑣) numerator in equation (2-3) presents the specific 

cooling effect (specific cooling capacity) generated by one kilogram of refrigerant produced 

as it goes through in the evaporator (specific cooling capacity); while the denominator 

(ℎ𝑔 − ℎ𝑝) is the amount of specific heat received by the working fluid in the generator from 

an external heat source. It indicates the amount of required heat for heating one kg of 

refrigerant to the state at the generator outlet.  

 Heat exchangers in an ejector refrigeration system 

A heat exchanger is a device for thermal energy transfer from a warmer fluid to another 

colder one [16]. Most of the ejector refrigeration systems (ERSs) found in the literature used 

plate heat exchangers. Occasionally, other types of heat exchanger (HEX), such as pipe and 

tube heat exchangers [36], were also applied. Plate heat exchangers (PHEs) consist of a set 

of thin metal plates that allow for the hot stream to transfers heat to the cold stream with low 

thermal resistance. The plates are stamped with certain patterns to enhance heat transfer 

effectiveness. PHEs are preferred for ejector cooling because of their relative compactness 

and high heat transfer capacity and heat transfer efficiency [17]. Plate heat exchangers can 

operate with small temperature differences of only 2-3°C between the hot and cold sides 

[18]. Heat losses are negligible because only the plate edges are exposed to the environment. 

Fouling in PHE is low due to high turbulence and short residence time. However, high 

turbulence flow inside PHE causes a higher pressure-drop compared to other heat exchanger 

types. Plate heat exchangers are lightweight, being about one-sixth compared to the shell-

and-tube heat exchanger of equivalent capacity [19]. 

The heat exchangers in the ERS are called as the generator, condenser, and evaporator, 

representing their function in an ejector cycle (see Figure 2.1). The generator is the heat 

exchanger for vapor generating by adding heat to the working fluid. The condenser is the 
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heat exchanger for condensing the vapor to a liquid state by taking the heat energy out of the 

working fluid. The evaporator is the device where the low temperature working fluid 

evaporates due to the low-pressure level (vacuum).  

 The idealized thermodynamic cycle of an ejector cooling system 

The ideal (reversible) thermodynamic cycle of an ejector cooling system can be 

considered as a combination of two thermodynamic cycles: the motive (work) cycle and the 

refrigeration cycle (as visualized in Figure 2.3). The motive cycle consists of a refrigerant 

pump, generator, ejector and condenser (P-G-D-C on the temperature-entropy diagram in 

Figure 2.3). The motive cycle generates work (𝑊𝑚) that is required to drive the refrigeration 

cycle. The efficiency of the ideal motive cycle is the Carnot efficiency expressed as:  

𝜂𝑚,𝑖𝑑𝑒𝑎𝑙 =
𝑊𝑚

𝑄𝑔
=

𝑄𝑔 − 𝑄𝑐

𝑄𝑔
=

𝑇𝑔 − 𝑇𝑐

𝑇𝑔
  (2-4) 

The difference of 𝑄𝑔 and 𝑄𝑐 is the useful work to the ideal motive cycle.  

The refrigeration cycle consists of an expansion valve, evaporator, ejector and 

condenser (V-E-D-C in Figure 2.3, accordingly). It generates the cooling load from the heat 

energy from the conditioned space and generates the cooling effect. The COP of a reversible 

refrigeration cycle (𝐶𝑂𝑃𝑟,𝑖𝑑𝑒𝑎𝑙): 

𝐶𝑂𝑃𝑟,𝑖𝑑𝑒𝑎𝑙 =
𝑄𝑒

𝑊𝑟
=

𝑄𝑒

𝑄𝑐 − 𝑄𝑒
=

𝑇𝑒

𝑇𝑐 − 𝑇𝑒
 . (2-5) 

The efficiency of the idealized ejector cycle is then [20]:  

𝐶𝑂𝑃𝑒𝑗,𝑖𝑑𝑒𝑎𝑙 = 𝜂𝑚,𝑖𝑑𝑒𝑎𝑙 𝐶𝑂𝑃𝑟,𝑖𝑑𝑒𝑎𝑙 =
𝑇𝑔 − 𝑇𝑐

𝑇𝑔

𝑇𝑒

𝑇𝑐 − 𝑇𝑒
   .  (2-6) 

Equation (2-6) can be used to establish the maximum limit for the efficiency of a real 

ejector cycle for given working temperatures. It also indicates that the higher 𝑇𝑔 and 𝑇𝑒 are, 

the better the cycle COP  since 𝑇𝑔> 𝑇𝑐>𝑇𝑒. The influence of the working conditions at 

condenser (𝑇𝑐, 𝑃𝑐) on the system performance is complex because firstly, the influence of 𝑇𝑐 

to the 𝐶𝑂𝑃𝑒𝑗,𝑖𝑑𝑒𝑎𝑙 as shown in equation (2-6); secondly 𝑇𝑐 and 𝑃𝑐 are correlated due to the 

phase change (𝑃𝑐 is a function of the saturation temperature at the condenser), and 𝑃𝑐 strongly 

influences the ejector performance. 
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Figure 2.3 Ideal ejector refrigeration cycle in T-s diagram [20, 21]. 

2.2 Key hypotheses in ejector modeling  
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Figure 2.4 Schematic of constant-pressure area ejector (a) and constant-pressure area ejector (b). 

Ejector for cooling applications can be classified based on several criteria such as the 

nozzle position, nozzle design, the number of phrases [22]. Based on the nozzle position, 

ejectors are classified as constant-pressure mixing ejector (CPME) and constant-area mixing 
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ejector (CAME) [22]. The basic difference between the two is the position of the primary 

nozzle. The primary nozzle exit of the constant-pressure mixing ejector is located within the 

suction chamber while in a  CAME, it is placed within the constant-area section (see Figure 

2.4). The CPME is preferred over the CAME because it can operate with higher backpressure 

levels without reducing the ejector performance. According to Tashtoush et al. [23], it 

happens because the shockwave at the downstream of the primary nozzle raises the fluid 

pressure to a higher level than in the case of CAME. Nevertheless, the CAME is believed to 

have a better entrainment ratio than CPME [24–26]. 

The ejector device has been extensively studied, leading to a considerable amount of 

publications in the open literature. The following text summarizes some of the key 

hypotheses that are fundamental for the development of the ejector model in this work. Table 

2.1 summarizes the important point of the hypotheses.  

 

Table 2.1 Summary of the hypotheses 

Hypothesis Key Novelties  

Keenan model 

• Using conservation laws of mass, momentum, and energy for 

ejector model. 

• The processes in the ejector were considered as isentropic, 

excepts where the transverse shock occurs. 

Stoecker model • Using Fanno and Rayleigh theories to describe shockwave.  

Munday and Bagster 

model 

• The primary flow remains as an identifiable jet for some 

distance after the nozzle exit. 

• Introduced the concept of the hypothetical throat cross-section. 

• The two flows complete the mixing process until the end of the 

constant-pressure mixing section. 

Huang model 

• Proposed that the hypothetical throat is located in the constant-

area section.  

• The effects of frictional and mixing losses are clearly 

considered. 
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 Keenan model (1950) 

 

Figure 2.5 Schematic view of the ejector by Keenan et al. [24]. 

Keenan et al. [24] were one of the firsts to analyze the ejector flow mathematically 

[20]. Their model was based on ideal gas thermodynamics and the one-dimensional 

conservation laws of mass, momentum, and energy. During the development of the model, 

the ejector was divided into a several sections, as shown in Figure 2.5. It was assumed that 

the inlet pressures of the primary and secondary streams are uniform downstream of cross-

section “x” (nozzle exit plane); and the two flows become completely mixed at section “1” 

(constant pressure mixing). The processes in the ejector were considered as isentropic, 

excepts in section 2 (see Figure 2.5), where a transverse shock occurs. The shockwave results 

in the pressure leap of the mixed flow between the points before and after section 2. 

However, the nature of the shock wave was not described in detail. Instead, the pressure rise 

of the mixed flow at the cross-section 3 was defined by the energy equation between the 

fluid states at cross-section 1-3, assuming adiabatic flow. The model did not accurately 

predict the entrained flow rate and the pressure level at the ejector outlet [27].  

 Stoecker model (1958) 

Stoecker [15] gave a clearer description of the shockwave occurring in a supersonic 

ejector after the mixing process using the Fanno and Rayleigh theories, as shown in Figure 

2.6. Figure 2.6a shows the Mollier chart by Stoecker explaining the pressure profile of flows 

inside an ejector. Like Keenan model, Stoecker assumed that the mixing process starts from 

the nozzle exit and finishes by the end of the constant-pressure mixing section (as illustrated 

in Figure 2.5).The high stagnation the pressure  𝑃𝐺   expands through the primary nozzle to 

the pressure 𝑃𝑁𝑂 (somewhere in constant pressure mixing section). 𝑃𝑁𝑂is assumed to be 

identical with the stagnation pressure at secondary inlet (𝑃𝐸) and the pressure of the mixed 
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flow (𝑃𝑀). The shockwave results in the pressure rise from 𝑃𝑀 to 𝑃𝑆, somewhere at the 

diffusion section. The flow is further compressed to 𝑃𝐷 as it goes through the diffuser. 
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Figure 2.6 Mollier chart by Stoecker theory (A) and Munday & Bagster theory (B) [28]. 

 Munday and Bagster model (1977) 

Munday and Bagster [28] argued that when operating with the condenser pressure (𝑃𝐷) 

lower than the design value, the actual performance of the system was considerably lower 

than the one calculated by the Stoecker model. Also, the pressure loss of the secondary flow 

between secondary inlet 𝑃𝐸 and at the hypothetical throat (𝑃𝑌) should be taken into 

consideration, which is not the case of the Stoecker model. 

Munday and Bagster [28]proposed that the primary flow remains as an identifiable jet 

for some distance after the nozzle exit, which confirmed by Fabri and Sienstrunck [29] using 

the flow visualization method. As shown in Figure 2.7, Munday and Bagster [28] assumed 

that the two flows start to mix at a hypothetical cross-section (Y-Y) and complete the process 

until the end of the constant-pressure mixing section. The location so called  hypothetical 

throat is assumed where the secondary flow reaches the sonic velocity. It is not located at a 

certain place in the converging section, as suggested by Munday and Bagster [28], rather the 

hypothetical throat varies within the end part of the converging section, depending on the 

working pressures at the inlets and outlet. Munday and Bagster [28] did not present the 

procedure to calculate the hypothetical throat area (𝐴𝑌). Instead, the ratio between AY and 
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the throat area (𝐴𝑇) was given based on experimental observations. They suggested that for 

a given steam ejector, the optimal ratio of 𝐴𝑌/𝐴𝑇 remains approximately constant.  
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Figure 2.7 Schematic view of an ejector by Munday and Bagster [28]. 

 

Both Stocker [15] and Munday & Bagster [28] considered steam as the working fluid. 

The primary and secondary streams at the inlets were considered as saturated vapors (without 

superheating). Under such conditions the working fluid would undergo phase change during 

the flow path as indicated by the different fluid states identified on the Mollier (see Figure 

2.6). The influence of the presence of liquid droplets on ejector performance is significant 

[30–32]. However, the models mentioned above do not consider the effects of the phase-

change phenomenon.  

 Huang model (1999) 

Huang et al. [33–35] investigated both theoretically and experimentally an ejector 

cooling system with R141b working fluid. Based on isentropic relations for an ideal gas, 

Huang et al. [34] presented a detailed ejector model, where some modifications were 

proposed to the model of Munday & Bagster [28]. The most important modifications are 

explained with the help of Figure 2.8. First, the hypothetical throat, where the secondary 

flow reaches sonic velocity, is assumed to be located in the constant-area section. This 

hypothesis allows for determining the secondary and primary flow areas at the hypothetical 

throat in a relatively straightforwardly fashion. Secondly, the mixing process of the two 

flows occurs in the constant-area section [28-29] with a uniform pressure (instead of the 

mixing section, as proposed by the earlier works). The Huang model can be used to predict 

the ejector performance in critical mode (more about the critical mode operation is presented 
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in section 2.3). Ejector operation modes are discussed in details in the subsection 2.1.3. The 

effects of frictional and mixing losses are considered by applying empirical constants 

(efficiencies), to be determined experimentally. Ejector efficiencies, however, may depend 

on the operating temperatures, ejector geometry, working fluid, etc. [36–38]. Huang et al. 

[34, 35]  also found that the degree of superheating at the ejector inlets can influence the 

performance. However, the superheating was not considered in his mathematical model [34].  
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Figure 2.8 Schematic view of the ejector model by Huang et al. [34] 

2.3 Working regimes of an ejector 

For constant primary and secondary inlet pressures, the performance of a given ejector 

depends on the backpressure level. A typical ejector operation curve is shown in Figure 2.9. 

Accordingly, three regimes can be distinguished: on design, off-design, and reverse flow.  

For low backpressures, the entrainment ratio remains constant. It is because both 

primary and secondary flows reach sonic conditions (double choking) along the flow path. 

Under these circumstances, the entrainment ratio depends on the upstream conditions only, 

thus becomes independent of the backpressure. This phenomenon is represented by the 

horizontal part (on design) of the operating curve in Figure 2.9.  

The highest limit of the backpressure under which double-chocking remains is called 

the critical backpressure (𝑃𝑐𝑟𝑖𝑡). In fact, the critical point is the ejector’s optimal performance 

point, where the working pressures just meet the conditions for the double-choking 

operation. 

Beyond 𝑃𝑐𝑟𝑖𝑡, the secondary stream does not reach sonic velocity and its flow rate 

becomes a function of the differential pressure between the inlet and outlet. Consequently, 
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ER sharply drops to zero when the backpressure reaches 𝑃𝑏𝑟𝑒𝑎𝑘. Beyond this point, reverse 

flow occurs at the secondary inlet and the ejector fails to operate (ER < 0).  

Critical point

On-design regime Off-design

BackpressurePcrit Pbreak

Reverse flow

 

Figure 2.9: Ejector performance curve for constant 𝑃𝑔 and 𝑃𝑒. 

When the ejector works at on-design regime, the primary flowrate increases as the 

primary inlet pressure reaches higher value. In case the ejector geometry is fixed, the raise 

of the primary flowrate reduces the effective area and thus, decreases the secondary flow 

rate. Detailed discussions on the ejector performance with variation of the working 

conditions are presented in chapter 6.  

2.4 Idealized working principle of an ejector under on-design 

conditions 

Figure 2.10 illustrates the pressure and velocity distribution along an idealized 

constant-pressure mixing ejector at on-design operating regime The working fluid at the 

ejector can be characterized three working pressure levels: high-pressure at the ejector 

primary inlet, low-pressure level at the ejector secondary inlet, and the intermediate pressure 

level at the ejector outlet. The high-pressure vapor enters the primary nozzle. It is accelerated 

in the convergent duct until sonic velocity in the primary nozzle throat (denoted as “T”). In 

the divergent section of the primary nozzle, the working fluid expands reaching supersonic 

velocity the outlet. The static pressure of the motive stream decreases along with the primary 

nozzle until its exit point (NO) to a level that is somewhat below the static pressure in the 

suction chamber (and the secondary inlet). This pressure difference draws the secondary 

vapor into the suction area. Additionally, part of the kinetic energy of the primary stream is 
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transferred to the secondary stream by momentum exchange. Therefore, the secondary flow 

is accelerated by primary flow at the downstream of the converging section.  
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Figure 2.10 The velocity and pressure profiles of the flows as they go through the ejector. 

The velocity of secondary flow becomes equal to the speed of sound at the hypothetical 

throat [28]. The two flows start to mix at the hypothetical throat cross-section (Y) with a 

uniform pressure [34, 39]. The constant-pressure mixing process is assumed to occur and 

complete (M) in the constant-area section of the ejector [34] just before the occurrence of a 

normal shock. The normal shock takes place somewhere downstream of the constant-area 

section, before the ejector diffuser (the cross-section S in Figure 2.10) [40]. The intensity 

and location of the shockwave depend on the magnitude of the backpressure [20, 41]. The 

shock causes the velocity of the mixed fluid to drop below sonic level that is accompanied 
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by a sudden rise of static pressure [28, 42], the pressure recovery. The static pressure of the 

working fluid is then further recovered in the subsonic diffuser while the flow velocity 

gradually decreases.  

2.5 Heat exchangers in ERS 

 Heat transfer mechanisms 

Conduction and convection are the two major mechanisms of heat transfer in heat 

exchangers. Thermal conduction occurs due to atomic interactions within a body or between 

two objects that are physically contacted. Convection is thermal energy transfer between a 

solid surface and a fluid by in motion. In the ejector cycle, forced convection occurs in the 

heat exchangers since the fluid motion is usually induced the pump and the ejector itself. In 

indirect heat exchangers, thermal energy is transferred from the hot fluid to the wall by 

convection, through the wall by conduction, and from the wall to the cold fluid by 

convection.  
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Figure 2.11 Heat transfer mechanisms of plate heat exchanger. 

Along with the conduction and convection, the fouling in heat exchanger also 

influences the overall heat flux. Fouling is caused by the accumulation of fluid impurity on 

the plate surface. The influence of fouling on heat transfer is expressed by the fouling factor. 
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This is usually given an empirical value because it is a complex function of numerous factors 

like fluid density, purity, temperature, etc. Figure 2.11 illustrates the heat transfer 

mechanisms, including the fouling layers over the two sides of the plate of a plate type heat 

exchanger. The overall heat transfer coefficient (𝑈), which refers to how well heat is 

conducted through over a series of resistant mediums, can be expressed as follows: 

 
1

𝑈
=

1

ℎ𝑒𝑐𝑜
+

1

ℎ𝑒ℎ
+

𝑡

𝑘
+ 𝑅𝑓𝑜𝑢,𝑐𝑜 + 𝑅𝑓𝑜𝑢,ℎ ,    (2-7) 

where, ℎ𝑒𝑐 and ℎ𝑒ℎ are the film heat transfer coefficients of convections on the cold 

and hot side, respectively. 𝑡 and 𝑘 are the thickness and thermal conductivity of the plate 

heat exchanger. 𝑅𝑓𝑜𝑢,𝑐𝑜 and 𝑅𝑓𝑜𝑢,ℎ are thermal resistances caused by the fouling on the cold 

and hot side of the plate, respectively.  

The overall heat transfer coefficient is one of the key performance indicators. The 

second indicator is the heat exchanger pressure drop of the working fluid. The third indicator 

is the effectiveness (𝜖), which is defined as the ratio of the actual heat transfer (𝑞𝑎𝑐𝑡) to the 

maximum possible heat transfer (𝑞𝑚𝑎𝑥): 

𝜖 = 𝑞𝑎𝑐𝑡/𝑞𝑚𝑎𝑥 (2-8) 

 Plate heat exchanger (PHE) 

The flow in plate heat exchanger is highly turbulent with low fouling, which enhances 

heat transfer. However, the pressure-drop throughout a PHE can be higher compared to other 

heat exchanger types [17, 19].  

Based on the assembling method, plate heat exchangers can be classified into three 

groups: gasketed plate-and-frame, welded or brazed PHE. Gasketed PHE consists of a stack 

of pressed plates in a bolted frame. Inter-plate gaskets are used to ensure sealing between 

flows (as shown in Figure 2.12a). With this configuration, maintenance is relatively simple. 

Typical operating pressures and temperatures can be up to 25-30 bar and 260°C, respectively 

[19]. Brazed PHEs (see Figure 2.12b) and welded PHEs offer higher maximum operating 

pressure levels, up to 40 bar and 30 bar [17], respectively. Also, their operating temperatures 

can be significantly higher than the gasketed configuration, up to 350ºC [38].  
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Two widely used arrangements for single pass PHEs are the U-type and Z-type as 

shown in Figure 2.13. The flow distribution inside the U-type PHE is less uniform than for 

the Z-type. However, it is preferred because all four ports in this arrangement are fixed on 

one side of the frame, thus maintenance is simpler [19, 45].  

 

A B

 

Figure 2.13 Typical pass arrangements used in PHE, U-type (A) and Z-type (B)  

Flow in heat exchangers can be arranged into three basic types: counter-flow, parallel-

flow, and cross-flow The parallel-flow arrangement can be mostly found in shell and tube 

HE. This arrangement can be beneficial where the operating temperatures are extreme.  

The effectiveness of cross-flow heat exchange is better than parallel-flow [19, 46]. 

Cross-flow HEX allows for a more compact and multi-pass design. This type of arrangement 

is preferred when the cooling media is abundant, like air.  

B
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Figure 2.12 Illustration of (A) gasketed plate-and-frame heat exchanger [43] and (B) 

brazed plate heat exchanger (Alfa Laval [44])  
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The counter-flow arrangement has some key advantages over the parallel flow. First, 

the temperature difference (gradient) between the hot and cold fluid along the heat exchanger 

length remains large and more uniform (see Figure 2.14). Thus, the overall heat transfer 

coefficient is considerably higher [47], and it also produces a more uniform heat flux along 

with the heat exchanger. Second, the outlet temperature of the cold fluid can reach a higher 

value, close to the inlet temperature of the hot fluid. Due to these advantages, the counter-

flow arrangement is preferred over the others in many applications, including ejector 

cooling. Thus, the counter-flow arrangement is selected in analyzing the system performance 

in the present study. 

Th,in Th,in

Th,out
Th,out

Tc,out

Tc,out
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Figure 2.14 Temperature profiles  of parallel-flow (A) and counter-flow (B) heat exchanger. 

2.6 Classification of refrigerants  

A refrigerant is a pure substance or mixture used in refrigeration systems, usually 

undergoing of one or more phase-change processes. Refrigerants can be classified according 

to several criteria. One of the possible classification methods considers two categories: 

synthetic and natural refrigerants. Synthetic refrigerants are substances that do not occur in 

nature, they were developed by humans for industrial purposes. in contrast, natural 

refrigerants are those that occur in nature[48].  

 Synthetic refrigerants 

The most typical synthetic refrigerants can be classified according to their chemical 

composition as halocarbons. A halocarbon is a chemical compound of carbon and one or 

more elements of the halogen group, usually, fluorine (F) and chlorine (Cl). A halogen has 
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a strong tendency to share a single electron with another atom to create a covalent bond and 

form a stable compound, as illustrated in Figure 2.15.  

ClH

covalent bond
 

Figure 2.15 Illustration of a covalent bond between atomic Hydrogen and Chlorine. 

Generally, using halocarbon refrigerants in refrigeration system offers some favorable 

properties, e.g., ability to reach sub-zero temperature, under moderate operational pressures. 

Halocarbon refrigerants can be classified into the following groups: chlorofluorocarbons 

(CFCs), hydrochlorofluorocarbons (HCFCs), hydrofluorocarbons (HFCs), and 

hydrofluoroolefins (HFOs).  

CFCs consist of chlorine, fluorine, and carbon (R12, R13 etc.). They were widely used 

for domestic, automotive, commercial cooling purposes since they are non-toxic, non-

flammable and stable substances. However, the emission of CFCs into the atmosphere 

seriously damages to the ozone layer. Consequently, the commercialization of CFCs has 

been banned since 1987 in developed countries [49], and they are subjected to complete 

phase out since 2008. 

When one or more chlorine element is substituted by hydrogen in a CFC compound, 

the resulting working fluid is called a hydrochlorofluorocarbon (HCFC). The most common 

HCFCs are R22, R123, and R141b. They are low-toxic, low-cost, chemically stable and 

typically non-flammable fluids, developed with the intention to substitute CFCs. Because 

they may contain chlorine, their ozone depletion potential (ODP) is still relevant (only about 

10% compared to CFCs). Because of the negative impact on the environment, HCFCs have 

been completely banned from the market under European regulation 2037/2000 since 2015 

[50], as illustrated in Figure 2.17.  

HFCs do not contain chlorine among the constituents; therefore, their ODP is 

essentially zero. The most common HFCs are R23, R134a, and R410a (a mixture of R32 and 

R125). They are mostly non-flammable, stable and nonreactive, providing high cooling 

performance when applied in refrigeration systems. Moreover, they usually have a lower 

global warming potential (GWP) than HCFCs refrigerants. Because of these properties, 

HFCs have been widely applied as working fluids in ejector refrigeration systems. 
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Nevertheless, under the current European regulation 517/2014 [11], these refrigerants are 

being phased out. The use of HFCs with a GWP index ≥ 2500 are banned since 2020 in the 

European Union.  

Hydrofluoroolefins are considered as the new generation of halocarbons. In terms of 

chemical compounds, HFOs are similar to HFCs: they are also composed of hydrogen, 

fluorine, and carbon. The basic difference between them lays in the unsaturated bonds (at 

least one double bond) that HFOs have in their chemical structure. Unsaturated bond means 

reduced chemical stability such that their lifespan in the atmosphere is short, typically less 

than one month. This short lifespan also contributes to their negligible GWP. Figure 2.16 

shows the chemical structure of R1234ze(e), R1234ze(z) and R1234yf, each having a double 

bond  
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Figure 2.16 Chemical structure of R1234ze(e) and its isomers: R1234ze(z) and R1234yf.  
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Figure 2.17: Evolution of refrigerants since 1900s, adapted from [49, 50]. 
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 Natural refrigerants 

Natural refrigerants are environmentally friendly substances when released to the 

atmosphere. They can be classified into organic and inorganic groups. Organic refrigerants 

contain molecules of hydrogen and carbon (hydrocarbons), e.g., propane (C3H8) and 

isobutane (C4H10). Hydrocarbons were introduced as alternatives for halocarbons due to their 

excellent thermodynamic properties [51–53]. However, they are used with caution because 

of their flammability.  

Inorganic refrigerants were broadly applied before halocarbons became widely 

available in the 1950s. Typical inorganic refrigerants are ammonia, water, and carbon 

dioxide. Ammonia (NH3) has excellent thermodynamic and transport properties compared 

to halocarbons. However, it is a highly toxic refrigerant classified as a fluid (its safety 

classification is B2L [54]). Carbon dioxide (CO2) is non-toxic, non-flammable fluid. As a 

positive aspect, CO2 has very high volumetric cooling capacity. Disadvantage of using CO2 

as the working fluid is associated to its very high vapor pressure [55] and low critical 

temperature, which makes it inappropriate for ejector cooling. Since the end of the 17th 

century, water has been used as a refrigerant industrial scale in absorption systems [56]. 

Water is widely availability, low cost, zero impact on the environment, a high heat of 

vaporization. On the downside, water has a large specific volume, demanding large 

equipment. Water cannot operate at sub-zero temperatures and requires vacuum conditions 

at most operating conditions.  

2.7 Characterization of refrigerants according to their environmental 

impact and safety  

 Ozone depletion potential index 

Ozone depletion potential index (ODP) of a given substance is the ratio of integrated 

loss (over time) of ozone due to that substance and integrated loss of ozone due to 

trichlorofluoromethane (CFC-11, the reference substance) of the same mass [57]. 

The Earth is surrounded by the atmosphere, which is composed of several layers. The 

ozone layer is a thin layer located in the stratosphere, about 12 to 50 km from the surface of 

the planet. The ozone layer protects all living organisms on Earth by absorbing most of the 
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ultraviolet radiations coming from the Sun. When ozone-depleting substances leak to the 

stratosphere from human appliances; ultraviolet radiation ruptures carbon-chlorine bonds 

and releases atomic chlorine. The atomic chlorine acts as a catalyst, breaking down ozone 

(O3) to oxygen (O2). 

CFCs are the highest ozone-depleting substances. They are also chemically stable in 

the troposphere (the lowest layer of Earth’s atmosphere). Particularly, CFC-11 has ODP 

index of 1, and the lifespan is 640 years (see Table 2.2). HCFCs have significant lower ODP 

index and lifespan in the troposphere, making them much less harmful to the ozone layer 

compared to CFCs. The two other synthetic halocarbon groups (HFCs and HFOs) have zero 

ODP index.  

 Global warming potential index 

The GWP index of a gas is defined as its greenhouse effect relative to carbon dioxide 

[58]. It is also common practice to access GWP100 that is the global warming potential 

integrated for a 100-year period. In many cases, the abbreviation “GWP” is incorrectly used 

for GWP100 in published documents. Table 2.2 presents GWP100 values of some common 

halogens used as refrigerant according to [58]. 

Table 2.2 Ozone depletion potential and global warming potential index of some 

commonly used halogen refrigerants. 

ODP [13] GWP100 [12] Lifespan (year) [14,15]

CFC-R12 0.73 10200 100

CFC-R11 1 4660 640

HCFC-R22 0.034 1760 12

HCFC-R141b 0.102 782 9.3

HFC-R134a 0 1300 14

HFC-R152a 0 138 1.4

HFO-R1234ze(e) 0 1 0.05

HFO-R1233zd(e) 0 1 0.07
 

The atmosphere is a mixture of gases. Some gases have the ability to absorb infrared 

radiation and thus preventing the emission of the infrared radiation from the surface the Earth 

into space. These gases are called greenhouse gases and their absorption of infrared radiation 

is called the greenhouse effect, which is directly linked to global warming. 
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The greenhouse effect of a given gas is characterized by two key properties: the ability 

to absorb energy and its lifetime (how long its chemical structure lasts) in the atmosphere. 

The global warming potential index (GWP) was introduced to quantify the greenhouse effect 

of gases. 

Table 2.2 presents ODP and GWP index of commonly halogen refrigerants. The CFCs 

have extremely high environmental impacts compared with HCFCs and HFCs. In contrast, 

HFOs have mostly zero impact on the environment. 

 Refrigerant safety considerations 

Toxicity and flammability are the two crucial factors in classifying refrigerant in terms 

of safety. A toxic substance can damage living organisms in case of exposure. A refrigerant 

is classified as highly toxic when it causes damage already with short exposure time in a low 

concentration. 

Flammability of a refrigerant is its ability to burn or ignite, causing fire or combustion. 

It is defined by the flash point, and an upper and lower flammability limits. The flash point 

is the absolute lowest temperature of the refrigerant at which it vaporizes into a flammable 

mixture with air. Autoignition temperature is the lowest temperature that refrigerant 

spontaneously ignites without a source of ignition. The lower flammability limit is the 

minimum concentration (in volumetric percent) of the refrigerant necessary to support its 

combustion in air. Similarly, the upper flammability limit is its maximum concentration that 

can support the flame ignited in air.  

According to the American Society of Heating, Refrigerating and Air-Conditioning 

Engineers (ASHRAE) standard [59], refrigerant safety classes are represented by a capital 

letter and a number. Toxicity is classified into two groups. The refrigerants in group A have 

low or nontoxicity when the concentration of the refrigerant is less than 400 ppm. Group B 

is assigned to the fluids with high toxicity, with harmful effects even in concentrations below 

400 ppm. Flammability is classified into four groups: Group 1 – non-flammable; group 2 – 

mildly flammable; group 2L – mildly flammable with lower burning flame velocity than 

group 2; and group 3 – highly flammable. For example, R1234yf is classified to A2L group, 

which stands for low toxicity (“A”), and low and difficult to ignite (2L). In practical terms, 

an A2L fluid leaking from a running air conditioner does not represent a fire hazard (for 

more details, the reader is referred to [60]).  
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 Slope of the saturated-vapor line  

Typically, ejector in ERS works in the superheated region in order to ensure system 

stability operates. A more detailed discussion on the influence of superheating is presented 

in section 2.11. The superheated region is the area on the right-hand side of the saturated-

vapor line in the temperature-entropy diagram (see Figure 2.18). Based on the slope of the 

saturated-vapor line (SSL), refrigerants can be classified into three types: wet, dry, and 

isentropic. Wet fluids are those that have a saturation vapor curve of negative slope (e.g., 

R134a – see Figure 2.18). Dry fluids have a positive slope saturation curve, and in case of 

an isentropic refrigerant SSL is nearly vertical. This is important since an isentropic 

expansion of a saturated vapor, which appears inside the supersonic ejector, may lead to 

partial condensation [34]. For example, it can be seen in Figure 2.18 that the isentropic 

expansion process from 1 to 2s of a wet fluid (R134a) ends at the liquid-vapor region.  
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Figure 2.18 Temperature-entropy diagrams of R134a and R1234yf. 

In contrast, the expansion in the dry fluid (R1234yf) ends in the superheated region. 

The condensation could lead to unstable ejector operation when the ejector is designed to 

work in a single-phase mode. Thus, depending on the nature of a refrigerant, some degrees 

of superheat are required to avoid this problem. It was reported that the superheat of the 

primary inlet flow can increase the ejector entrainment ratio [61, 62]. For example, 

superheating was applied in an ERS with R600a, which has positive-slope of saturated line, 

as working fluid in the works of Varga et al. [63, 64].  
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2.8 The influence of ejector geometry on its performance 

One of the fundamental factors influencing the ejector refrigeration system (ERS) 

performance is the ejector geometry [65], leading to a considerable number of publications 

on this subject over the last two decades. He et al. [66] used the so called “the grey relation 

analysis” for studying the ejector geometry, more specifically the area ratio and the primary 

nozzle exit position (NXP). Area ratio of an ejector is the ratio of the constant area section 

to the primary nozzle throat area (see Figure 2.4). When the ejector works at its optimal 

performance point (critical point), the area ratio is considered the optimal area ratio. It was 

concluded that although AR was the dominating factor for the cycle performance, NXP also 

was relevant. Zhu and Cai [67] studied NXP and convergence angle of the mixing section 

(𝛽) (see Figure 2.4) by using CFD technique. It was found that both parameters had a 

significant impact on system performance. The results indicated that the entrainment ratio 

(ER) varied as much as 26.6% by changing 𝜃 alone. Yan and Cai [68] emphasized the 

influence of AR on the ejector performance in a study considering R134a as the working 

fluid. In another study by Yan et al. [69] using CFD method concluded that 𝜃 influenced the 

ejector performance up to 15%. 

Most studies indicate that geometrical factors AR and NXP have the highest impact 

on the ejector performance. Based on the theoretical study, considering six commonly used 

working fluids, Varga et al. [70] quantified  the extent in which optimal AR varies under 

non-constant operating conditions depending on the type of the refrigerant. Experimental 

data [65, 71, 72] also confirms that ejector AR strongly influences its performance. However, 

there is little consensus regarding the contribution of NXP, converging angle, etc. to the 

ejector performance, as cited above. This lack of agreement is most likely because previously 

mentioned these studies employed different working fluids and operational pressure levels, 

which led to different flow structures inside the ejector. In an optimization study, Hewedy 

et al. [73] concluded that for a particular operating condition, there is only one single optimal 

ejector geometry. This statement is supported by numerical analysis by Varga et al. [70]. 

Sun et al. [74], therefore, suggested using an ejector with variable geometry. It was found to 

perform better under varying operating conditions when compared to a fixed geometry 

device.  
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2.9 Alternative system configurations of ERS 

Ejector 

refrigeration 

systems

1. Single ejector refrigeration 

system

2. Solar-powered ejector 

refrigeration system

3. Pumpless ejector 

refrigeration cycle 

4. Ejector-absorption 

refrigeration system
6. Compression-ejector 

refrigeration system

8. Transcritical ejector 

refrigeration system

7. Multi-components ejector 

refrigeration system

5. Ejector-adsorption 

refrigeration system

 

Figure 2.19 Classification of system configurations of ejector refrigeration [75]. 

 

Figure 2.19 gives a general overview regarding the diversity in existing ERS 

configurations. The standard ejector refrigeration system was discussed in section 2.1.2. It 

is the most used in experimental studies because of its simplicity. A few alternative 

technological solutions are discussed in the following subsections. 

  Solar-powered ejector refrigeration system 

Solar-powered ERS configuration is a combination of a standard ERS with a solar 

collector cycle (as shown Figure 2.20).  The overall COP of the solar-powered ERS is the 

product of the COP of the standard ERS and the solar collector-efficiency as: 

𝐶𝑂𝑃𝑡𝑜𝑡 = 𝐶𝑂𝑃 𝜂𝑠𝑜𝑙𝑎𝑟 (2-9) 
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Huang et al. [33] assessed a solar-powered ERS using refrigerant R141b. The authors 

claimed that the COP of the standard ERS could reach 0.5 at a generator temperature of 

90°C, condenser temperature of 28°C and evaporator temperature of 8°C. The overall system 

efficiency (including COP and the solar thermal efficiency of the solar collector) of the 

system could be as high as 0.22. Varga et al. [63] presented an experimental study on solar-

powered ERS with R600a as the working fluid, claiming that the average overall COP was 

0.26. The system showed high operation stability for generator temperatures above 70°C and 

the condenser temperatures up to 34°C. The condenser temperature was limited by the 

pressure head of the circulator pump in the ejector cooling cycle. 

Variation of solar radiation during operating period of the system is inevitable. 

Without an auxiliary heat, this variation directly influences the generator temperature level 

and therefore the performance of the cooling cycle. Integrating of a hot/cold thermal storage 

system to the solar-powered ERS is one of the solutions to mitigate the issue [63, 65, 76]. 

Cold storage tank with the use of phase change material (PCM) was proposed to obtain a 

desired energy storage density [77, 78]. 
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Figure 2.20 Schematic of a solar-powered energy driven ERS with a hot storage tank 

integrated.  
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In addition, auxiliary heater and cooler (also called pre-heater and pre-cooler) can be 

employed to maintain the stability of the cooling supply, for example in the works of Huang 

et al. and Pridasawas [33, 65]. 

 Pumpless ERS 

 Another interesting system uses no mechanical pump to increase the pressure level of 

the primary fluid from the condenser to the generator. The refrigerant pump requires the 

most maintenance in the ERS cycle because of its moving parts. Pumpless ERS would be of 

great value especially in isolated locations where electrical energy is not available. 

Researchers proposed several solutions to materialize this concept. Nguyen et al. [79] 

studied a steam ejector with a cooling capacity of 7 kW. The working fluid is transferred 

from the condenser to the boiler by using the gravity head, as shown in Figure 2.21.  

 

 

Figure 2.21 Pumpless ERS using gravity as the driving force [79].  
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The vertical distance (h) between the condenser and the boiler was about 7 m. The 

system achieved the COP up to 0.3. Despite of the clear advantages, the system has several 

drawbacks. Because of the configuration, the equipment requires a considerably larger space 

compared to conventional systems. In addition, the large system volume means large thermal 

inertia, which increases start-up and shut-down times to an impractical level. The cycle 

works under high levels of vacuum, which causes system failure every time that air leaks 

into the system. 

Riffat and Holt [18] introduced a novel heat pipe/ejector cooler. The ejector is 

constructed of a heat pipe with internal wick (see Figure 2.22). The tube has high thermal 

conductivity, being filled with a refrigerant. As heat is applied to the generator section of the 

closed heat pipe, the refrigerant inside the wicked structure gains pressure. The refrigerant 

evaporates and expands though the primary nozzle. The expanded primary flow entrains the 

working fluid from the evaporator. The mixture from the ejector outlet reaches the 

condenser, where the heat is released from the cycle. The working fluid condensed on the 

pipe wall of the condenser section. The condensed refrigerant is absorbed back to the wicked 

pipe. Due to the wicked structure, the liquid refrigerant returns through the wick by capillary 

force to the generator section of the pipe. Using mathematical analysis, the authors 

emphasized the practicability of this cooling system. They claimed that the system could 

reach a high COP, (e.g., COP ≅ 0.4 at 𝑇𝑔 = 80°C, 𝑇𝑒 = 10°C, 𝑇𝑐 = 28°C, ethanol as the 

working fluid).  

Another variant of pumpless ERS was proposed by Wang and Shen [80]. In their 

system, two ejectors were mounted at the inlet and outlet of the generator. The work was 

carried out was a theoretical approach; however, this concept has not been validated using 

experimentation.  

 

Figure 2.22 Pumpless ERS - heat pipe/ejector cooling system [18].  
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Figure 2.23 Schematic of double-evacuation-chambers ejector cooling system [81]. 

Ejector cooling system with thermal pumping effect is another interesting solution. 

Huang et al. [82] introduced a prototype using a multi-function generator to eliminate the 

need for a mechanical pump. The multi-function generator serves as both a pump and a vapor 

generator. The experimental results indicated that the coefficient of performance reached 

0.185. Zhang and Cheng [81] used thermal pumping effect by applying two parallel 

evacuation chambers shown in Figure 2.23. The evacuation chambers were installed between 

the condenser and generator with a set of nine solenoid valves. By evacuating the refrigerant 

at the condenser outlet, the pressure at the ejector outlet can be reduced and thus, improving 

the ejector performance. Also, this configuration makes use of the heat from the ejector outlet 

flow and reduce the heat input to the generator. The study was based on mathematical 

modeling and was validated by experimental data from the works of Huang et al. [82] and 

Wu et al. [83]. The model developed was based on the mass and energy conservation laws 

without detailed mathematical description of the individual cycle components. The authors 

claimed that the average model predictions error for the entrainment ratio was only 2.7% in 

comparison with experimental results of Selvaraju and Mani [84] .  
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 Absorption-ejector refrigeration system and adsorption-ejector 

refrigeration system 

Other interesting hybrid solutions are the absorption-ejector refrigeration system and 

adsorption-ejector refrigeration system. These systems can be considered as two distinct 

cycles, an ejector cycle and an absorption/adsorption cycle. The coupling of an absorption/ 

adsorption cycle to an ejector cycle tries to exploit the advantages of the two systems. It 

results in a higher temperature, lower pressure of adsorbent and increased system 

performance than the standard ERS. For examples, the increase of the COP up to 10% and 

60% were reported in the absorption-ejector systems by Chen et al. [85], and Majdi [86], 

respectively. It is noted that all studies on this topic in the open literature are theoretical 

works [86–88] without experimental verification.  

 Compression-ejector refrigeration cycle 

Sokolov and Hershgal [89–91] presented a mathematical and experimental study on a 

hybrid mechanical compressor and ejector cycle for air-conditioning. This cascade 

refrigeration system is composed of a compression cycle and an ejector cycle, which are 

linked together by an intercooler (Figure 2.24). The conventional vapor compression cycle 

transfers the heat from the evaporator to the intercooler; the heat is then transferred to the 

condenser by the ejector cycle. The indicated that the system operated with an electric COP 

of 6 using with R114 refrigerant and operating temperatures at the generator (𝑇𝑔) of 98°C, 

and at the evaporator (𝑇𝑒) of 8.8°C. The authors concluded that the proposed system is highly 

competitive due to its high efficiency, despite of any temperature fluctuation at the ejector 

primary inlet. However, coupling the ejector cycle with the vapor compression cycle can be 

challenging and may cause control issues, as reported in another study by Dorantes et al. 

[92]. 
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 Multi-components ejector refrigeration system 

Jianlin Yu et al. [93] introduced an ejector cooling system with an additional ejector, 

as shown in Figure 2.25. The pressurized liquid at the pump outlet is divided into two flows: 

one going to the generator (4A) and another going to the jet-pump ejector (4B). The 

secondary inlet for the jet-pump is the outlet stream from the conventional single-phase 

ejector. Based on mass, momentum, and energy conservation equations, a mathematical 

model was developed to study the system performance. Compared with the conventional 

configuration, the COP was improved up to 57% and 46% with R134a and R152a as the 

working fluids, respectively. 
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Figure 2.24 Schematic view of a compression enhanced ejector cooling system.  
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Figure 2.25 Schematic of ejector cooling cycle with an additional ejector [93]. 

Performance improvement of using multi-ejector systems was confirmed by a number 

of studies. Zhu et al. [94] claimed that their system outperformed the conventional ejector 

refrigeration cycle by 5.5% and 8.6% with R152a and R22 as working fluids, respectively. 

Wang et al. confirmed that their solution was able to reduce total energy consumption by up 

to 7.4% for nominal conditions [95]. Lin et al. [96] experimentally studied an ERS with one 

compressor, two ejectors, three evaporators, aiming for high performance at various 

evaporator temperatures. One of the ejectors is variable ejector, which maintains the primary 

inlet pressure in design value when the primary flowrate varies with the cooling load. 

However, the authors reported that the pressure recovery fails when the spindle blocks 50% 

or higher the cross-section area of the primary nozzle.  

 Transcritical refrigeration system with an ejector for expansion work 

recovery 

A transcritical refrigeration system may use an ejector for expansion work recovery. 

Figure 2.26 shows the schematic view of a transcritical ejector cooling system and the 

corresponding pressure-specific enthalpy diagram. The major components are the 

compressor, gas cooler, ejector, gas separator, expansion valve, internal heat exchanger, and 

evaporator. The ejector is used to recover expansion work otherwise lost during the 

expansion process. Through the action of the ejector, the compressor suction pressure is 

higher than it would be in a standard cycle, resulting in required compression.  
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Figure 2.26 Schematic view of a transcritical CO2  ejector cycle (upper) and the corresponding 

pressure-specific enthalpy diagram (lower) [97]. 

The high-pressure refrigerant flow at the gas cooler outlet, is expanded to the wet vapor 

state as it passes the primary nozzle of the ejector, becoming the driving force to entrain and 

compress the vapor refrigerant from evaporator outlet. The flow inside the ejector is two-

phase and phase-change processes occur along the flow path. A liquid/vapor separator is 

installed in order to separate the flow at the ejector outlet. The saturated vapor from the 

separator enters the internal heat exchanger and the compressor to become the ejector 

primary flow. The saturated liquid enters the expansion valve and evaporator and becomes 

the ejector secondary flow.  
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A theoretical study of Li and Groll [98] showed that the transcritical CO2 refrigeration 

cycle with ejector-expansion device (EVCS) offered a 17% higher COP than the 

conventional transcritical compression cycle. Wang and Zhou [99] compared the 

performance of low critical temperature refrigerants, including CO2, R143a, R32, R1270, 

using simulations. It was found that R1270 (Propylene) yielded the best performance 

amongst them. However, in practical applications carbon dioxide (CO2) is usually preferred 

for transcritical EVCS, e.g. [99–101]. Danfoss (Denmark) is known as a pioneer in 

developing and applying transcritical ERS using CO2. A transcritical CO2 system was 

commercially operated since March 2007 in a small supermarket, and approximately 50 

systems more were installed in the same year [102]. The systems showed desired reliability 

and energy consumption. Transcritical CO2 consumed about 96% energy compared with a 

conventional compressor-based refrigeration system with R404a as the working fluid [102].   

2.10 Overview of the refrigerants previously applied in ERS 

The choice of the working fluid has a strong impact on the ejector design and other 

system components. Nevertheless, one of the advantages of ejector cooling is the relative 

freedom for the selection of the refrigerant, e.g. when compared to an absorption machine 

[75, 103]. This led to published studies applying a wide range of working fluids, Table 2.3 

introduces some studies on ejector cooling technology with the use of various working 

fluids. It summarizes the operating conditions and system performance of each studies. A 

detailed discussion on the refrigerants used in ejector cooling technology is given in the 

following sections. 

 Natural refrigerants 

Ammonia (R717) has high performance, better than R134a (HFC) and most CFCs 

[104]. An experimental study of Sankarlal and Mani [105] showed that R717 could work 

with a rather low-temperature source (𝑇𝑔 = 60 ÷ 72°𝐶). The corresponding COP was 

(0.1 − 0.21) for 𝑇𝑐 = 33°𝐶, 𝑇𝑒 = 10°𝐶. However, the use of ammonia is limited due to its 

high toxicity. 

Water  (R718) has been used as the working fluid in a number of studies on ERS, e.g. 

[25, 74, 106–108]. Water could be an attractive choice since it is highly available, zero-cost, 

non-toxic and environmentally friendly. However, the pressure levels in a system using 
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water are well below the atmospheric pressures. Any air infiltration leads to system fault 

[79]. Some of the studies concluded that water did not yield desirable performance [70, 104]. 

The optimal area ratio of ejectors that uses water as the working fluid significantly varies 

with the operating temperatures [70, 108]. Also, R718 is not suitable for application where 

evaporator temperatures below 0oC are needed. 

As mentioned before, carbon dioxide was usually used in transcritical refrigeration 

systems, where ejectors are used for expansion work recovery. Transcritical cycles using 

carbon dioxide achieve a favorable performance, with COPs of 3-5 [98, 109, 110]. 

Nevertheless, the system requires a robust construction since the ERS using carbon dioxide 

operates at high pressures, up to 12.4 MPa [97, 100, 111]; and the heat transfer process is 

challenging as the phase-change phenomenon of the working refrigerant does not occur in 

the gas cooler.   

Hydrocarbon refrigerants (e.g., R290, R600 and R600a) are considered as suitable 

suitable substitutes for the halocarbons. Hydrocarbons have zero impact on the ozone layer, 

very low GWP, non-toxicity, good thermodynamic performance under moderate operating 

pressures. On the other hand, they are classified as flammable gases [112]. Thus, particular 

care must be taken when manipulating a system using a hydrocarbon fluid and specific safety 

measures must comply. There are several theoretical studies about hydrocarbons as working 

fluids for ERS, including the work of Pridasawas and Lundqvist [113], Petrenko and 

Volovyk [114], Roman and Hernandez [115]. According to their results, the performance of 

R290 and R600a are comparable with HFCs, e.g., R134a, R152a. Smierciew et al. [116] 

claimed that their system obtained the COP of 0.15 ÷ 0.2 for low generator temperatures 

(~55 ÷ 63°𝐶) and 𝑇𝑐 = 24 −  34°𝐶. They suggested that ERS with R600a is competitive 

to absorption cooling since the required heat source temperature can stay below 80°C. 

Pereira et al. [117] presented an experimental study on ERS with a variable geometry 

ejector using R600a. The work demonstrated that by adjusting the ejector geometry, the 

system was able to achieve near optimal performance for different ejector outlet pressures. 

Later, this unit was integrated into SERS for air-conditioning, which was believed as the 

first variable geometry ejector application working under real operating conditions [63]. The 

results showed good stability and performance of the system.  
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 Synthetic refrigerants  

Before the early 2000s, CFCs have been applied in several studies on ERS. For 

example, mathematical and experimental studies in [21, 76, 118] using R11, R12, R113. 

Despite of having a favorable performance, these refrigerants were abandoned due to their 

negative impact on the environment.  

Hydrochlorofluorocarbons (HCFCs) and hydrofluorocarbons (HFCs) were frequently 

used in ejector refrigeration system because of their relatively high performance. HFCs are 

the most common refrigerants that can be found in both experimental units and commercial 

applications, including R134a, R410a, R245fa, and R407c. Without being exhaustive, R134a 

was used in a theoretical study by Khalil et al. [119] and in an experimental work by Yan 

and Cai [69]. R245fa was applied by Huang et al. [120] in their experimental work. Several 

studies using HCFCs can also be found in literature, such as the experimental study by Yapici 

[121] with R123, the theoretical work by Zhu and Jiang [94] using R22, and Huang et al. 

[33] applying R141b. Generally speaking, these working fluids yielded good system 

performance; however, due to their negative environmental impact, they will be phased out 

and eventually banned according to the current refrigerant regulation 517/ 2014 of the 

European Union [11].  

Among HFCs, R134a and R152a are the most favorable refrigerants used in ERS. They 

provide high performances with all types of ERS technologies [75, 115, 122]. R134a is 

probably the most commonly used fluid in the refrigeration industry due to its high thermal 

performance[69, 123–125]. The major drawback of applying R134a is its high GWP index, 

which resulted in the phasing out by the latest refrigerant regulation, as mentioned 

previously. In contrast, R152a has a relatively low GWP index of 138 (based on AR5). This 

refrigerant yielded similar performance to R134a [52] or even slightly outperformed R134a 

under the same conditions [93, 126]. These both refrigerants are wet, thus require a certain 

amount of superheat at the ejector inlets. 

HFOs are considered as the fourth-generation halogen refrigerants. They have zero 

OPD and extremely low GWP indexes. Some HFOs are still not widely available, e.g., 

R1234ze(e). Only a few studies on ejector refrigeration with HFOs as working fluid were 

found in the open literature. Fang et al. [127] presented an experimental study using 

R1234ze(e) for an ERS, which was originally designed for R134a. Replacing a working fluid 

to a system designed for another working fluid is also called as drop-in technique. According 

to the authors, system performance with replaced refrigerant was only slightly affected since 
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important properties (e.g., working pressures, critical temperatures) of these refrigerants are 

not very different.  

Table 2.3  Previously applied  working fluids in ejector refrigeration and their operation 

characteristics. 

Refrigerant Dry/wet  Method 𝑻𝒈    

(°C) 

𝑻𝒄 

(°C) 

𝑻𝒆 

(°C) 

𝜟𝑻𝒔𝒖𝒑 

(K) 

COP             

(-) 

CC 

[kW] 

R717 [105] dry exp 60-72 30-36 5-15 - 0.1-0.21 - 

R718 [128] wet exp 40-70 12-32 10 - 0.18-0.27 up to 

0.7 

R600a [63, 117] dry exp 87 29 6 5-15 0.2-0.31 1-2 

R600 [129] dry the 60-200 40 10 - 0.05-0.32 - 

R11 [130] wet the 60-90 30-35 -5-14 - 0.15-0.4 - 

R113 [21] dry exp 65-100 42-50 5-18 - 0.1-0.2 - 

R134a [68] wet exp 72-78 31 10 - 0.1-0.35 0.25-

1.3 

R152a [115] wet the 70-100 25-35 5-15 5 0.35-0.75 1 

R245fa [131] dry exp 80-105 24-42 4-20 5-7 0.25-0.45 4-7 

R141b [33] dry exp 90-100 30-32 6-8 - 0.5-0.6 10.5 

 

 

2.11 The importance of superheating and subcooling of the working 

fluid at the ejector inlets and outlet  

One of the issues concerning single-phase ejectors is the possibility of condensation 

during the expansion in the primary nozzle or in the mixing section. Generally speaking, 

condensation should be avoided, especially in the primary nozzle, in order to ensure stable 

system operation [106]. Thus, a certain degree of superheat at the primary inlet of the ejector 

is required [132, 133]. The amount of superheat of a working fluid is the temperature 

difference between its vapor temperature and its saturation temperature. The degree of 
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superheating depends on refrigerant properties. Wet fluids require a higher value of 

superheating compared to dry or isentropic fluids [34]. Wang and Gao [61] presented a 

numerical work on the effect of superheat on the ejector performance in the range of 5-30 K 

and concluded that increasing the degree of superheat of the primary flow increased the 

entrainment ratio and system stability. Working with a mathematical model of ERS with 

R134a as working fluid, Khalil et al. [119] showed that when the degree of superheating 

varied from 0 to 15°C, , ER increased by 13.3% while COP remained essentially constant. 

Zegenhagen and Ziegler [134] experimentally proved that by increasing the superheat degree 

up to 14 K at the primary inlet using R134a , the entrainment ratio slightly increased. In 

contrast with a low level of superheat, phase-change may occur [135], especially at the outlet 

of the primary nozzle, where strong shockwaves occur. The refrigerant density intensively 

shifts between low to high as droplets are formed. The shear momentum can change 

abruptly, leading to instability. However, a very high-degree of superheating is also not 

recommended because it increases the heat input needed to drive the system without further 

increase of the entrainment ratio [61, 136].  

Despite the significance of superheat on the system performance, few studies gave 

adequate attention to superheat. As can be seen in Table 2.3, only a few studies   mentioned 

about superheat. 
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3 MATHEMATICAL MODEL OF THE 

EJECTOR COOLING CYCLE 

In this chapter, the details of the developed mathematical model for the simulation of 

the ejector cooling cycle is presented. Specific models for the ejector and heat exchanger 

components were elaborated. The expansion valve and refrigerant pump were modeled by 

fundamental thermodynamic relations considering losses.  

The mathematical model was implemented in the Engineering Equation Solver (EES) 

software (Fchart, USA). EES solves a set of linear and non-linear algebraic and differential 

equations. Unlike other widely used software packages in engineering,, equations in EES 

program may be entered in any order without effect on the solution [137]. Another key 

advantage of EES is the high accuracy database of thermodynamic and transport property 

database of hundreds of substances is integrated [137]. 

3.1 Ejector model 

 Assumptions of the ejector model 

The ejector model of the current work was developed based on the Huang model [34], 

with two additional assumptions on the pressure and the superheating of primary and 

secondary inlet flows. The Huang model was discussed in Chapter 2, the two assumptions 

are: (i) The pressures of the secondary flow at the inlet (𝑃𝑒) and at the nozzle exit cross-

section (𝑃𝑒,𝑁𝑂) are identical. This assumption is valid when the ejector steadily works at the 

critical regime. (ii) A certain degree of superheat at the ejector inlets are assumed in order to 

avoid the phase change during the processes in the ejector. 

Figure 3.1 shows the schematic view of the current ejector model. Ejector inlet and 

outlet velocities at the two inlets (points G and E) and outlet (point D) of the ejector are 

neglectable.  
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Flow irreversibility inside the ejector tackled considering empirical efficiency 

constants from the literature. It was further assumed that ejector walls are adiabatic. The 

flow inside the ejector is steady and one dimension. The kinetic energy at the ejector inlets 

and outlet are negligible. 

The hypothetical throat (2), where the secondary flow reaches sonic velocity, is 

assumed to be in the constant-area section, as shown in Figure 3.1. Downstream this location, 

the mixing process of the two inlet streams starts with a uniform pressure level and finishes 

at point 3. The shockwave of the mixed stream occurs at the end of the constant-area section 

(4).  

The mathematical model assumed that the system works at a steady-state; transient 

operating conditions are not considered.  

 

const. area section diffuser

const. pressure

 mixing

completely 

mixed

shockwave

suction chamber

G 

E 

D

effective area

t NO 2 3 4

 

Figure 3.1 Schematic view of the current ejector model   

 The limitations of the mathematical ejector model 

The ejector geometry acquired from the mathematical model the optimal geometry, 

which allows the ejector to operate at the critical point. The thermodynamic performance of 

selected refrigerants is compared under the same operating conditions, the mathematical 

model.  

The energy losses in the ejector due to irreversible processes are accounted for by 

using empirical isentropic coefficients. The specific value of these coefficients may vary 

depending on the working fluid used, ejector geometry, operating conditions [37, 138]. In 

the developed model, fixed isentropic coefficients were applied for direct comparison.  

The models of the heat exchangers were validated with the data found in the literature. 

The model was validated for separate components, i.e., ejector and heat exchangers. 
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 Detailed description of the mathematical model 

Figure 3.1 shows the different sections inside the ejector that were considered to 

formulate the problem. The fluid flow at these sections are governed by the conservation 

laws of mass (continuity), momentum, and energy that can be written as follows:  

Continuity equation: 

∑𝜌𝑖𝐴𝑖𝑣𝑖 = ∑𝜌𝑖+1𝐴𝑖+1𝑣𝑖+1   . (3-1) 

Linear momentum equation 

𝑝𝑖𝐴𝑖 + ∑𝑚̇𝑖𝑣𝑖 = 𝑝𝑖+1𝐴𝑖+1 + ∑𝑚̇𝑖+1𝑣𝑖+1   . (3-2) 

Energy equation: 

∑𝑚̇𝑖 (ℎ𝑖 +
𝑣𝑖

2

2
) = ∑𝑚̇𝑖+1 (ℎ𝑖+1 +

𝑣𝑖+1
2

2
)  . (3-3) 

 In the equations above, p refers to the absolute pressure, 𝜌 and h are fluid density and 

enthalpy. 𝑚̇ and v are the mass flow rate and average fluid velocity, respectively. 𝑖 is the 

location along the ejector axis. 

3.1.3.1 Primary and secondary flow in the suction chamber 

The primary mass flow rate through the nozzle throat under chocking condition is 

defined by the following ideal gas dynamic equation: 

𝑚̇𝑔 = 𝐴𝑡

𝑝𝑔

√𝑇𝑔 + 𝑇𝑠𝑢𝑝

√𝜂𝑡

𝜅

𝑅
( 

2

𝜅 + 1
)  

𝜅+1
𝜅−1   , (3-4) 

In equation (3-4), 𝑝𝑔 is the primary inlet pressure and 𝑇𝑔 is the saturation temperature at 

pressure 𝑝𝑔. 𝑇𝑠𝑢𝑝 is the degree of superheat in the primary flow. In the equation, constant 𝜂𝑡 

presents the isentropic efficiency of the primary nozzle. In equation (3-4), 𝜅 and 𝑅 denote 

the heat capacity ratio  and gas constant of the working fluid.  

The relationship between the nozzle outlet area (𝐴𝑁𝑂) and throat area (𝐴𝑡) is obtained 

by the following equation:  

𝐴𝑁𝑂 = (𝐴𝑡/𝑀𝑎𝑁𝑂) [
2

κ + 1
(1 +

κ − 1

2
𝑀𝑎𝑁𝑂

2 )]
(

κ+1
κ−1

)/2

   , (3-5) 

𝑀𝑎𝑁𝑂 is the Mach number at the nozzle outlet. 
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The pressure at the nozzle outlet is a function of the primary inlet pressure (𝑝𝑔) and 

M𝑎𝑁𝑂 by the following equation: 

𝑝𝑁𝑂 = 𝑝𝑔 (1 +
𝜅 − 1

2
𝑀𝑎𝑁𝑂

2 )

−𝜅
𝜅−1

  . (3-6) 

When the ejector works at the critical point (see Figure 2.9), the static pressure after 

the primary nozzle outlet (𝑝𝑔𝑁𝑂
) is approximately equal to the secondary inlet pressure and 

the secondary stream at the same cross-section (𝑝𝑒𝑁𝑂
) [15, 24, 28], as illustrated in Figure 

2.10. 

The pressure at the secondary inlet of the ejector (𝑝𝑒) is at saturation state. Therefore, 

it can be obtained for a given working fluid by:  

𝑝𝑒 = 𝑓(𝑇𝑒,𝑠𝑎𝑡) . (3-7) 

3.1.3.2 Hypothetic throat  

The secondary flow at the hypothetical throat (section 2 in Figure 3.1) is assumed to 

be choked under at critical mode [28]: 

𝑀𝑎𝑒2 = 1  . (3-8) 

The secondary flow pressure at the hypothetical throat (𝑝𝑒2) can be determined the 

following expression: 

𝑝𝑒2 = 𝑝𝑒 (1 +
𝜅 − 1

2
𝑀𝑎𝑒2

2 )

−𝜅
𝜅−1

   . (3-9) 

According to the constant pressure mixing assumption, the primary (𝑝𝑔2) and 

secondary (𝑝𝑒2) pressures at the hypothetical throat area taken as equal[28] 

The cross-section area   that the primary jet occupies at section 2 (𝐴𝑔2) can be 

determined from the isentropic relation: 

 𝐴𝑔2 =
𝜙𝑝 𝐴𝑡

𝑀𝑎𝑔2
[

2

𝜅 + 1
(1 +

𝜅 − 1

2
𝑀𝑎𝑔2

2 )]
(

𝜅+1
𝜅−1

)/2

  . (3-10) 

In equation (3-10), M𝑎𝑔2 is Mach number of primary stream at section 2, and ϕ𝑝 is the 

efficiency of the primary flow from the nozzle outlet to the hypothetic section. 
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From the required cooling capacity (𝑄̇𝑒), an input parameter of the model, the 

secondary flow rate (𝑚̇𝑒) can be defined as  

𝑚̇𝑒   =
𝑄̇𝑒

(ℎ𝑒 − ℎ𝑣)
  ,   (3-11) 

ℎ𝑒 in equation (3-11) is the enthalpy at the outlet of the evaporator and ℎ𝑣 is the enthaly at 

the outlet of the expansion valve. These parameters are called from the real gas database. 

The hypothetical area of the secondary flow 𝐴𝑒2 assuming choking can be calculated 

by: 

 𝑚̇𝑒 = 𝐴𝑒2

𝑝𝑒

  √𝑇𝑒 + 𝑇𝑠𝑢𝑝,𝑒

√ 𝜂𝑒

𝜅

𝑅
(

2

𝜅 + 1
)

𝜅+1
𝜅−1

 , (3-12) 

In equation (3-12), 𝑇𝑒 and 𝑇𝑠𝑢𝑝,𝑒 are the saturation temperature of the working fluid and the 

applying degree of superheat, respectively.  η𝑒  is the isentropic efficiency defined for the 

entrained flow between points E and 2.  

The temperature of the primary flow at section 2 can be computed from the 

temperature at the primary inlet using: 

𝑇𝑔2 =
𝑇𝑔 + 𝑇𝑠𝑢𝑝

1 +
𝜅 − 1

2 𝑀𝑎𝑔2
2

  . (3-13) 

Stream velocities at the hypothetical throat can be obtained as follows: 

𝑣𝑔2 = 𝑀𝑎𝑔2√𝜅 𝑅  𝑇𝑔2  

and 

(3-14) 

𝑣𝑒2 = 𝑀𝑎𝑒2√𝜅 𝑅  𝑇𝑒2   . (3-15) 

The required cross-section area of constant area section (𝐴2 =  𝐴3) is obtained by total 

of the two jet cross sections as: 

𝐴2 = 𝐴𝑔2 + 𝐴𝑒2  . (3-16) 

3.1.3.3 The mixing process in the constant-area section 

The mixing process takes place between section 2 and 3 at a constant and uniform 

pressure while the primary flow transfers kinetic energy to the secondary stream. The mixing 
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process is assumed to be completed at section 3. The resulting flow is supersonic (𝑀𝑎3 >

1). The velocity of mixed flow (𝑣3) is calculated by the relation that was proposed by [139]:  

𝑣3 = (𝑣𝑔2 + 𝐸𝑅  𝑣𝑒2)
√𝜙3 

1 + 𝐸𝑅
  , (3-17) 

𝛷3 is the isentropic efficiency of the mixing process.  

The Mach number at section 3 is given by: 

𝑀𝑎3 =
𝑣3

√𝜅  𝑅  𝑇3

  . (3-18) 

The temperature of mixed flow (𝑇3)  is obtained by applying the energy balance between 

section 2 and 3: 

(𝑚̇𝑔 + 𝑚̇𝑒) (𝑇3 𝑐𝑝3
+

𝑣3
2

2
)

= 𝑚̇𝑔 (𝑇𝑔2  𝑐𝑝𝑔2
+

𝑣𝑔2
2

2
) + 𝑚̇𝑒 (𝑇𝑒2  𝑐𝑝𝑒2

+
𝑣𝑒2

2

2
)  .   

(3-19) 

3.1.3.4 Normal shockwave  

The mixed flow is assumed to undergo a normal shockwave between section 3 and 4. 

The shockwave occurs along an infinitely short ejector length accompanied by a sudden 

change of the fluid properties such as pressure, temperature, velocity, and density.  

The mathematical relationship between the static pressure before and after the 

shockwave (𝑝3 and 𝑝4) can be written as:  

𝑝4 = 𝑝𝑔2 (1 +
2

𝜅 + 1
 𝜅 (𝑀𝑎3

2 − 1))  , (3-20) 

In equation (3-20) it is considered that 𝑝3 = 𝑝𝑔2 

The Mach number after the shockwave has relation is given M𝑎3 by:  

𝑀𝑎4 = √
1 +

𝜅 − 1
2 𝑀𝑎3

2

𝜅 𝑀𝑎3
2 −

𝜅 − 1
2

  . (3-21) 
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3.1.3.5 Ejector diffuser section 

Assuming that the process of mixed flow through the diffuser is an isentropic process 

with accounting an isentropic coefficient of the diffuser section η𝐷, the pressure at the exit 

of the diffuser 𝑝𝐷 is defined by: 

𝑝𝐷 = 𝑝4 (1 + 𝜂𝐷

𝜅 − 1

2
𝑀𝑎4

2)

𝜅
𝜅−1

  . (3-22) 

3.2 Heat exchangers 

Heat exchangers are important components of the ejector refrigeration cycle. The 

performance of heat exchangers could influence the overall performance of the ejector 

cooling system. The pressure variations drop in the condenser, generator and evaporator 

influences ejector inlet and outlet conditions and thus the entrainment ratio which is directly 

related to the cycle COP (see equation (2-3).  

 Heat exchanger model assumptions 

Both sensible and latent heat transfer occurs in the heat exchangers on the working 

fluid side. It is common practice to model these processes separately in order to simplify 

their model description.  The actual thermophysical properties of the refrigerant vary along 

the heat exchanger length, primarily depending on local temperature, pressure, vapor quality 

and heat transfer coefficient. In the simplified approach, the heat exchanger is treated by 

considering three distinct sections along the heat exchanger length: sensible heat exchange 

in gas phase, latent heat exchange and sensible heat transfer in liquid phase.  

Each section of the heat exchanger is treated as an individual heat exchanger connected 

in series. In the model, appropriate correlations are applied to each. The correlations were 

selected according to the flow properties and thermo-physical properties of the working 

fluid. This approach is illustrated in Figure 3.2 for the generator. In the figure,  𝐿𝑣,𝑙, 𝐿𝑣,𝑡𝑝, 

and 𝐿𝑣,𝑣𝑎 represent the heat exchanger length of the liquid, two-phase, and vapor sections, 

respectively. The two-phase process occurs in the two-phase section, where the saturated 

liquid refrigerant changes to saturated vapor. The added heat to the refrigerant is in the latent 

form. The refrigerant temperature does not vary in the process. The temperature refrigerant 

is called the saturation temperature, which is a function of the working pressure and the 
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working fluid. On the contrary, the absorbed heat in the two single-phase processes results 

in the temperature gain of the refrigerant in the liquid-phase and vapor-phase section (see 

the temperature-entropy diagram in Figure 3.2). The accumulated thermal energy is in the 

form of sensitive heat. 
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Figure 3.2  Illustration of the considered hypothetical heat exchanger sections for the 

generator. 

Also, two other major assumptions considered during the development of the model: 

(i) steady-state operation and (ii) no heat loss to the environment.  

 Overall heat exchanger energy balance  

Under steady-state conditions, the first law of thermodynamics can be written as: 
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 𝑄̇ = 𝑚̇ℎ(ℎℎ𝑖𝑛
− ℎℎ𝑜𝑢𝑡

)  = 𝑚̇𝑐𝑜(ℎ𝑐𝑜𝑜𝑢𝑡
− ℎ𝑐𝑜𝑖𝑛

) . (3-23)  

In equation (3-23), ℎℎ𝑖𝑛
 and ℎℎ𝑜𝑢𝑡

 are the inlet and outlet enthalpies of the hot fluid; ℎ𝑐𝑖𝑛
 

and ℎ𝑐𝑜𝑢𝑡
 are the inlet and outlet enthalpies at the inlet and outlet of the cold fluid, 

respectively. 

 Mathematical description of the heat exchanger plate geometry 

Section A-A

Section B-B

t

p
it

 

Support point

Wavy flow 
channel

Chevron angles of 
adjacent plates 

Support point

Developed 
dimension

Projected 
dimension

b

2θ
 

B

A

 

Figure 3.3 Schematic 2D view of chevron corrugated plate heat exchanger (a) and 

corresponding 3D model (b)[44]. 

Plates are available in a wide range of corrugation types on the market; however, the 

chevron type is perhaps the most common. Adjacent chevron plates are reversely assembled, 

resulting in two key characteristics. First, the plates are clamped together with many support 

points, as illustrated in section A-A in Figure 3.3a. These points ensure increased mechanical 
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resistance with reduced plate thicknesses (t) when compared with other corrugation types. 

Second, the generated flow channels have a wavy shape, as shown in cross-section B-B in 

Figure 3.3, so that the flow between the plates is highly swirled, and turbulent even for low 

flow velocities leading to up to five times higher Nusselt numbers compared to flat-plate 

channels [19]. It should be noted that the pressure drop is also higher, 1.3 - 44 times higher 

than in flat-plate channels [19], thus optimal design should be selected depending in the 

requirements of a given application. 

The heat transfer coefficient depends on many factors including: the surface 

enlargement (𝜙𝑝𝑙), corrugation profile, gap (𝑏), the chevron corrugation angle (𝜃), size of 

chevron pitch (𝜆), plate thickness (𝑡), and others. The geometrical factors are shown in 

Figure 3.3. 

θ 

A

B

 

Figure 3.4 Schematic view with the basic dimensions and the photograph actual chevron 

plate considered  in the thesis. 
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Figure 3.4 shows the basic geometry of a chevron corrugated plate. The surface 

enlargement factor of the plate (𝜙𝑝𝑙) is defined as the ratio of the real heat transfer area (𝐴) 

to the projected are (𝐴′) as: 

𝜙𝑝𝑙 =
𝐴

𝐴′
  . (3-24) 

 𝐴 is typically given by the plate manufacturer. 𝐴′ is approximately the product of the port 

distance 𝐿𝑝 and the plate width 𝐿𝑤, and it can be determined from: 

𝐴′ = 𝐿𝑝 𝐿𝑤 ≅ (𝐿𝑣 − 𝐷𝑝)(𝐿ℎ + 𝐷𝑝)   .  (3-25) 

Chevron corrugated plate is characterized by the dimensionless parameter (𝑋) that is 

defined as:  

𝑋 =
Λ

λ
=

2𝜋 𝑏

λ
  . (3-26) 

In equation (3-26), the ratio of developed dimension (Λ) being the circle circumference 

with radius b is the projected dimension of the corrugated area. Parameters 𝜆 and 𝑏 are 

illustrated in Figure 3.3. X can be applied to determine the surface enlargement factor as 

[17]: 

𝜙𝑝𝑙 ≅
1 + (1 + 𝑋2)0.5 + 4 (1 +

𝑋2

2
)

0.5

6
  .   

(3-27) 

The channel hydraulic diameter (𝐷ℎ) is defined by: 

𝐷ℎ =
4 𝑏 𝐿𝑤

2(𝑏 + 𝐿𝑤 𝜙𝑝𝑙)
  . (3-28) 

Finally, the number of channels per pass (𝑁𝑐𝑝) is given by: 

𝑁𝑐𝑝 =
𝑁𝑝𝑙 − 1

2𝑁𝑝
  . (3-29) 

In equation (3-29), 𝑁𝑝 is the number of passes. The present mathematical model was 

developed for a single pass (𝑁𝑝 = 1) configuration for all ejector cycle heat exchanges.  
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 Definition of the chevron corrugated dimensionless numbers  

Dimensionless numbers provide a physical understanding of the essential characters 

of the flows in heat exchangers [140]. They also permit to simplify the governing equations 

by reducing the number of total variables [141, 142].  

3.2.4.1 Reynolds number 

The Reynolds number is the ratio of the inertia forces to the viscous forces of the fluid 

and it is defined as:  

𝑅𝑒 =
inertia forces

viscous forces
=

𝜌 v 𝐿𝑐

𝜇
  , (3-30) 

𝐿𝑐 is the characteristic length, 𝜇  is the dynamic viscosity, v is the average velocity of the 

fluid. 

The Reynolds number is used to characterize the flow regime. Flow in PHE reaches a 

turbulent state at a relatively low Reynolds numbers in the range of 10 to 400. The Reynolds 

number can also be expressed as a function of by the mass velocity (𝐺) as: 

𝑅𝑒 =
𝐺 𝐷ℎ

𝜇
  , (3-31) 

3.2.4.2 Nusselt number 

The Nusselt number (𝑁𝑢) is the ratio of convection to conduction heat transfer at a 

boundary in the fluid boundary layer [17, 19] 

𝑁𝑢 =
convection heat transfer

conduction heat transfer
=

ℎ𝑒 𝐷ℎ

𝑘
  . (3-32) 

In equation (3-32), he is the film coefficient (𝑊 ∙ 𝑚−2 ∙ 𝐾−1) and k is the thermal 

conductivity of the fluid. 𝐷ℎ is the characteristic length, which is channel hydraulic diameter 

of the heat exchanger in this case. 

A Nusselt number of value 1 represents heat transfer across the boundary layer by pure 

conduction. A larger Nusselt number indicates more dominating effective convection over 

the conduction.  

3.2.4.3 Prandtl number  

Prandtl number is the ratio of kinetic viscosity (𝜗) (momentum diffusivity) to the 

thermal diffusivity (𝛼).  
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𝑃𝑟 =
𝜗

𝛼
  . (3-33) 

Heat of the working fluid diffuses quickly if 𝑃𝑟 is less than 1, and slowly if 𝑃𝑟 is 

greater than 1. 

3.2.4.4 Bond number  

Bond number (𝐵𝑑 or Eotvos number) is used to measure the importance of 

gravitational forces compared to surface tension forces in two-phase flows. It is defined as: 

𝐵𝑑 =
Δ𝜌 𝐺𝑟𝑎 𝐿𝑐

2

𝛾
  . (3-34) 

In equation (3-34), Δ𝜌 is the density difference of the two phases, 𝐺𝑟𝑎 is gravitational 

acceleration, 𝛾 is surface tension. 

If 𝐵𝑑 < 4, the heat exchanger channel is considered as microscale; if 𝐵𝑑 ≥ 4,  as 

macroscale [143, 144]. Accordingly, an appropriate correlation is applied to estimate the 

two-phase Nusselt number.  

3.2.4.5 Boiling number  

Boiling number (𝐵𝑜) is used to account for the effect of the heat flux, mass flux, and 

latent heat on the heat transfer rate in the phase-change process of the refrigerant. The boiling 

number is defined as used in the phase-change process of the refrigerant: 

𝐵𝑜 =
𝑞𝑟,𝑡𝑝

𝐺 ℎ𝑙𝑣
  . (3-35) 

In equation (3-35) 𝑞𝑟,𝑡𝑝 is the heat flux,  of the refrigerant in the two-phase section. ℎ𝑙𝑣 is 

the latent heat required of vaporization of the refrigerant.  

3.2.4.6 Weber number  

Weber number is a dimensionless number used in analyzing interacting flows of two 

different fluids (or phases of a single fluid) that interfere with each other. Weber number is 

the ratio between the inertial (kinetic) force and the surface tension force of the two-phase 

flow. It indicates whether the kinetic or the surface tension energy is dominant. The 

homogenous Weber number (𝑊𝑒𝑚) is defined by: 

𝑊𝑒𝑚 =
G2  𝑑ℎ

𝛾  𝜌𝑚
  . (3-36) 
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The homogeneous density  (𝜌𝑚) is calculated from the vapor quality (𝑥𝑞𝑢𝑎), the density of 

saturated vapor (𝜌𝑠𝑎𝑡.𝑣𝑎) and the saturated liquid (𝜌𝑠𝑎𝑡.𝑙𝑖𝑞) as follow: 

𝜌𝑚 = (
𝑥𝑞𝑢𝑎

 𝜌𝑠𝑎𝑡.𝑣𝑎𝑝
+  

1 − 𝑥𝑞𝑢𝑎

 𝜌𝑠𝑎𝑡.𝑙𝑖𝑞
)

−1

 , (3-37) 

3.2.4.7 Fanning friction factor 

Fanning friction factor (𝑓) is the ratio between the local shear stress and the local 

kinetic energy density as:  

𝑓 =
2𝜏

𝜌 v2
  , (3-38) 

v is the average flow velocity, and 𝜏 is the local shear stress. 

 Brief review of existing heat exchangers models  

The heat transfer efficiency and pressure drop of flow in heat exchangers are functions 

of many factors. A number of empirical correlations are proposed in the literature, resulting 

from experimental data obtained under a well-defined range of operating conditions. The 

validity of these correlations is, therefore, limited to cases within these conditions. The 

following subsections provide a short review of published correlations, with the intuition to 

select the most suitable correlations for the ejector cycle heat exchangers. 

3.2.5.1 Single-phase heat transfer 

Several sensible heat transfer and pressure drop correlations for plate heat exchangers 

can be found in the open literature, e.g. [145–147]. Kumar [145] introduced the first 

empirical correlations for plate heat exchangers, which was considered in many later studies. 

The author proposed various correlations to cover wide range of operating conditions. In 

later work, Neagu et al. [148] experimentally validated the correlations by Kumar [145] and 

Muley [147] with many working fluids at various operating pressures and flow rates. It was 

concluded that the correlations by Kumar significantly overpredicted the pressure drop, up 

to 191%. Experimental validations by Akturk et al. [149] came to a similar conclusion. 

Besides, Kumar’s model considerably underestimates the heat transfer coefficient. The 

reasons may be that Kumar’s model does not account for geometrical details of the plate, as 

the corrugation pitch and the surface enlargement factor. 
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Muley and Manglik [147] proposed correlations for the heat transfer coefficient (ℎ𝑒) 

and pressure drop (Δ𝑃) for heat exchangers with chevron angle of 30° and 60°, and Reynolds 

numbers in the range of  30÷1000. Surface enlargement factor and viscosity ratio were also 

considered in the correlations. Muley’s correlations [147] were validated in [148, 150, 

151]for a wide range of geometry configurations and flow conditions. These correlations 

were experimentally proved to be suitable for predicting single-phase process in plate heat 

exchanger. For example, Nusselt number correlation by Muley’s model was about 114% 

error [144];  the predicted error of the pressure drop was -2%÷11.7% [149].  

3.2.5.2 Empirical correlations during the phase-change  

Amalfi [144] employed a high-precision experimental setup using high-resolution 

infrared cameras to measure the heat transfer coefficient and pressure drop during phase-

change in PHEs. Thousands of measurements on a wide range of test conditions and plate 

geometry configurations were performed, e.g., chevron angles from 27° to 70°, phase-

change temperatures from -25°C to 39°C, various working fluids, and mass fluxes were 

performed. The author claimed that the developed correlation approximated the 

experimental pressure drop data with a maximum and relative error of ± 30%, and 10%, 

respectively. The Nusselt number correlation during phase-change predicted 92.3% of total 

data points within ± 50% error, mean absolute error of 22.1%, as shown in Figure 3.6.  

 

Figure 3.5 Mass flux distribution and working fluids used and working fluids used in the experimental 

study of Amalfi [144]. 
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Figure 3.6 Predicted against experimental Nusselt numbers during the phase-change by 

Amalfi [144]. 

The later work of Tao and Ferreira [152] developed correlations of ℎ𝑒 and Δ𝑃 of the 

condensation process in PHEs These correlation were based on a large experimental dataset 

using various working fluids, including HFCs, HCs, HFOs, at a wide range of mass flow 

rates, chevron angles. The correlations of the work well agreed with  Amalfi correlations 

[144] 

In this thesis, the correlations of Muley [147] and Amalfi [144] were adapted for 

single-phase and phase change process, respectively.  

 Heat transfer analysis of plate type heat exchangers 

3.2.6.1 Heat transfer analysis methods 

The two commonly used methods for heat transfer analysis are the LMTD and the 

effectiveness-NTU methods. Whichever is the best suited for a given analysis depends on 

the available input. The application of the LMTD method is preferred when the inlet and 

outlet temperatures and flow rates are known. In contrast, when the outlet temperatures are 

unknown, the effectiveness-NTU method is preferred, because of its ability to predict these 

temperatures without using an iterative procedure. 
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LMTD method is based on the calculation of the logarithmic mean temperature 

difference between the hot and cold sides of the exchanger. In the developed model, it was 

assumed that the temperature at the heat exchanger inlets and outlet are known. Therefore, 

the LMTD method was selected. For more details on the effectiveness-NTU method, the 

reader is referred to [19]  
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Figure 3.7 Temperature profiles inside a counter-flow heat exchangers for sensible heat 

transfer (a) and with phase-change on the cold side (evaporation) (b)  

Figure 3.7a illustrates the temperature profiles inside a counter-flow heat exchanger 

undergoing sensible transfer only. Figure 3.7b illustrates the temperature profiles when the 

cold stream undergoes phase-change, namely evaporation. When the hot stream undergoes 

the phase-change from vapor to liquid state (at the condenser), it is called condensation. A 

detailed modeling of the three heat exchangers in the ejector cooling system are presented 

in the Appendices.  The logarithmic mean temperature difference calculated depending on 

whether sensible or latent heat occurs in the heat exchanger. Without phase-change, the 

LMTD is calculated  as follows [45]:  

𝐿𝑀𝑇𝐷𝑠𝑔 =
(𝑇ℎ,𝑜𝑢𝑡 − 𝑇𝑐𝑜,𝑖𝑛) − (𝑇ℎ,𝑜𝑢𝑡 − 𝑇𝑐𝑜,𝑜𝑢𝑡)

𝑙𝑛 (
𝑇ℎ,𝑜𝑢𝑡 − 𝑇𝑐𝑜,𝑖𝑛

𝑇ℎ,𝑜𝑢𝑡 − 𝑇𝑐𝑜,𝑜𝑢𝑡
)

  . 
(3-39) 

In case of latent heat transfer, LMTD is given by [45]: 

𝐿𝑀𝑇𝐷𝑡𝑝 =
𝑇ℎ,𝑖𝑛 − 𝑇ℎ,𝑜𝑢𝑡

𝑙𝑛 (
𝑇𝑐𝑜,𝑡𝑝 − 𝑇ℎ,𝑖𝑛

𝑇𝑐𝑜,𝑡𝑝 − 𝑇ℎ,𝑜𝑢𝑡
)

  . 
(3-40) 

The heat transfer rate between the hot and the cold stream can be calculated by: 
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 𝑄̇ = 𝑈 ∙ 𝐴 ∙ 𝐿𝑀𝑇𝐷     (3-41) 

3.2.6.2 Heat transfer analysis in a heat exchanger with simultaneous latent and sensible 

heat transfer 

In heat exchangers where both sensible and latent heat transfer occurs can be modeled 

by the total heat transfer area of three sections: liquid section, two-phase section, and 

superheated vapor section. These sections are modeled separately as individual units 

connected in series [19]. 

In this section, the procedure applied for the vapor generator is presented as an 

example. In the generator of the ejector cooling cycle, heat is transferred from the hot fluid 

(for example, water) to the refrigerant. The temperature profiles of the hot and cold streams 

along the generator length (also called heat exchanger area) are shown in Figure 3.8. 

Assuming no thermal losses to the environment, the heat transferred from the hot stream to 

the refrigerant is given by:  

𝑄̇𝑔 = 𝑚̇𝑤 (ℎ𝑤,𝑖𝑛 − ℎ𝑤,𝑜𝑢𝑡)  ; (3-42) 

𝑚̇𝑤 is the mass flow rate of hot water, and (ℎ𝑤,𝑖𝑛 − ℎ𝑤,𝑜𝑢𝑡) is the enthalpy difference 

between the inlet and outlet. The total generator heat (𝑄̇𝑔) transferred between the two 

streams can be considered the sum of the individual heat rates corresponding to the sections 

where the refrigerant is liquid, two-phase, and vapor states as: 

𝑄̇𝑔 = 𝑄̇𝑙 + 𝑄̇𝑡𝑝 + 𝑄̇𝑣𝑎  . (3-43) 

The energy balance can be applied to compute the temperatures at the inlet and outlet 

of each section. On the hot side, the heat transfer fluid usually is in the liquid phase thus, 

assuming constant specific heat capacity. The heat flow within each section is function of 

the temperature variation as: 

𝑄̇𝑙 = 𝑚̇𝑤 𝑐𝑝,𝑙 (𝑇𝑤,𝑡𝑝,𝑜𝑢𝑡 − 𝑇𝑤,𝑜𝑢𝑡) (3-44) 

  

𝑄̇𝑡𝑝 = 𝑚̇𝑤 𝑐𝑝,𝑤,𝑡𝑝 (𝑇𝑤,𝑡𝑝,𝑖𝑛 − 𝑇𝑤,𝑡𝑝,𝑜𝑢𝑡) (3-45) 

  

𝑄̇𝑣𝑎 = 𝑚̇𝑤 𝑐𝑝,𝑤,𝑣𝑎 (𝑇𝑤,𝑖𝑛 − 𝑇𝑤,𝑡𝑝,𝑖𝑛)  . (3-46) 
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Figure 3.8  Temperature profiles in a counter-flow generator.  

 

On the refrigerant side the heat is given by:  

𝑄̇𝑙 = 𝑚̇𝑔(ℎ𝑔,𝑡𝑝,𝑙 − ℎ𝑔,𝑖𝑛) (3-47) 

 

𝑄̇𝑡𝑝 = 𝑚̇𝑔(ℎ𝑔,𝑡𝑝,𝑣 − ℎ𝑔,𝑡𝑝,𝑙) (3-48) 

 

𝑄̇𝑣𝑎 = 𝑚̇𝑔(ℎ𝑔,𝑜𝑢𝑡 − ℎ𝑔,𝑡𝑝,𝑣)  . (3-49) 

where ℎ𝑔,𝑖𝑛 and ℎ𝑔,𝑜𝑢𝑡 are the enthalpies of the primary flow at and generator inlet and outlet. 

ℎ𝑔,𝑡𝑝,𝑙, and ℎ𝑔,𝑡𝑝,𝑣 are the refrigerant enthalpies of saturation liquid and saturation vapor.  

3.2.6.3 Empirical correlations for single-phase heat transfer in plate type HEX 

The heat transfer in plate heat exchanger depends on a number of factors, including 

the chevron angle (𝜃), the surface enlargement factor, corrugation profile, and the gap b. 

The selection of suitable correlations in this particular application was discussed in section 

3.2.5. For the developed model, the selected empirical were based on the expected working 

conditions. The procedure applied for the vapor generator is presented as an example. 
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For Reynold number less than 400 and 30° < 𝛽 < 60°, Nusselt number by Muley 

correlation [19, 147] is:  

𝑁𝑢 = 0.44 (
𝛽

30
)

0.38

 𝑅𝑒0.5 𝑃𝑟
1
3  , (3-50) 

Under the operating conditions considered, preliminary results indicated that the 

Reynolds number in the liquid section of the heat exchanger is always below 400. In contrast, 

the Reynolds number in the vapor section is greater than 1000. Thus, the Mulley correlation 

implemented was:  

𝑁𝑢 =   (2.668 − 0.006967𝛽 + 7.244 × 10−5 𝛽2)

× (20.78 − 50.94𝜙𝑝𝑙 + 41.16𝜙𝑝𝑙
2 − 10.51𝜙𝑝𝑙

3)

×  𝑅𝑒𝑔,𝑣𝑎

(0.728+0.0543×𝑠𝑖𝑛(𝜋
𝛽
45

+3.7))
 𝑃𝑟𝑔,𝑣𝑎

1
3  (

𝜇𝑤

𝜇𝑐𝑒
)

0.14

 

(3-51) 

 The correlation is valid for Re > 103, 30° < 𝛽 < 60°. 

In equation (3-51), 𝜙𝑝𝑙,𝑔 is the plate expansion ratio, usually less than 1.5. The viscosity 

ratio 𝜇𝑤/𝜇𝑐𝑒  is evaluated at wall and the channel center. Its value is assumed to be 1 as the 

flow in the plate heat exchanger is highly turbulent.  

3.2.6.4 Nusselt correlations for the heat transfer during phase change 

The phase-change process is more complex, and it is more difficult to accurately 

predict the Nusselt number. Several dimensionless numbers are included in existing 

formulas, including the Bond, Weber, Boiling numbers. These numbers were introduced in 

section 3.2.4.  

In two-phase flow, an equivalent Reynolds number is defined from the Reynolds 

numbers of the liquid and vapor phases of the refrigerant as: 

𝑅𝑒𝑔,𝑡𝑝 = 𝑅𝑒𝑔,𝑣𝑎 (
𝜇𝑔,𝑣𝑎

𝜇𝑔,𝑙
) (

𝜌𝑔,𝑙

𝜌𝑔,𝑣𝑎
)

0.5

+ 𝑅𝑒𝑔,𝑙  . (3-52) 

In equation (3-54), 𝜇𝑔,𝑣𝑎 and 𝜇𝑔,𝑙 are the dynamic viscosities of refrigerant at vapor and 

liquid states, respectively. 

Amalfi proposed two different Nusselt correlations depending on the value of Bond 

number. If  𝐵𝑑  < 4, the heat exchanger channel is considered as microscale and the 
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prediction of the two-phase Nusselt correlation is the function of homogeneous Weber 

number (𝑊𝑒𝑚): 

𝑁𝑢𝑔,𝑡𝑝 = 982 𝜃∗ 1.101 𝑊𝑒𝑚
0.315 𝐵𝑜0.32 𝜌∗−0.224  . (3-53) 

If 𝐵𝑑 ≥ 4, the heat exchanger channel is considered as macroscale and the prediction 

of the two-phase Nusselt correlation is [144]: 

𝑁𝑢𝑔,𝑡𝑝 = 18.495 𝜃∗0.248 𝑅𝑒𝑔,𝑣𝑎
0.351 𝑅𝑒𝑔,𝑙

0.351 𝐵𝑑0.235 𝐵𝑜0.198𝜌∗−0.223  , (3-54) 

In equation (3-54), 𝜃∗ is the dimensionless chevron angle, defined as the ratio between the 

current chevron angle (𝜃) and the maximum chevron angle given, 𝜃𝑚𝑎𝑥 = 70° [144]. 

3.2.6.5 The overall heat transfer coefficient (𝑈)  

The overall heat transfer coefficient for the sensible and latent heat transfer sections in 

the heat exchanger is given by: 

1

𝑈
=

1

ℎ𝑒𝑤
+

1

ℎ𝑒𝑔
+

𝑡

𝑘𝑝𝑙
+ 𝑓𝑜𝑢𝑤 + 𝑓𝑜𝑢𝑔 , (3-55) 

In equation (3-55), ℎ𝑒𝑔 and ℎ𝑒𝑤 are the firm coefficients of the refrigerant and water. 𝑓𝑜𝑢𝑔 

and 𝑓𝑜𝑢𝑤 are the fouling factors on the refrigerant side and water side; and 𝑡 and 𝑘𝑝𝑙 are the 

thickness and the conductive heat transfer coefficient of the plate, respectively. 

Fouling factors for PHEs are much lower (up to 100 times) than for shell-and-tube heat 

exchangers [19]. This is because of the highly turbulent flow resulting from the plate 

geometry. Nevertheless, fouling can considerably increase with time. For example, Genic et 

al. [153] experimentally found that the total fouling factor in a PHE used for domestic hot 

water production increased by almost triple after one year operation, from 8.8×10-5 to 

25.2×10-5 (𝑚2 𝐾 𝑊−1). Fouling factor has a significant impact on the determination of the 

suitable the heat exchange area [154]; thus, the selection of fouling factors must be done 

with caution.  

 Consequently, the required heat transfer area of each section is determined from: 

𝑄̇ = 𝑈 ⋅ A ⋅ 𝐿𝑀𝑇𝐷  . (3-56) 

The heat transfer area ratio (𝐴𝑟𝑎𝑡𝑖𝑜) between the total used area and the actual required 

area at a given operating conditions is given by: 
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𝐴𝑟𝑎𝑡𝑖𝑜 =
𝐴𝑡𝑜𝑡

𝐴𝑣𝑎 + 𝐴𝑡𝑝 + 𝐴𝑙
  . (3-57) 

The total used area (𝐴𝑡𝑜𝑡) is calculated from the geometry inputs of the heat exchanger. The 

𝐴𝑟𝑎𝑡𝑖𝑜 must be greater than 1 for an adequate design. It is often recommended to  design the 

heat exchanger for an 𝐴𝑟𝑎𝑡𝑖𝑜 > 2, because of the development of fouling over the lifecycle 

of the PHE [153].  

 Calculation of the pressure drops inside the heat exchangers 

Fanning friction factor and Prandtl number are the key parameters influencing the head 

loss and the overall heat transfer coefficient in heat exchangers. Typically, specific empirical 

correlations are needed for each type of heat exchanger and fluid flow characteristics. This 

section presents the procedure applied for computing the pressure drop inside the plate heat 

exchangers considered for the ejector cooling system. 

Total pressure drop inside of a PHE is the sum of channel (𝛿𝑃𝑐ℎ) and port pressure 

drops (𝛿𝑃𝑃𝑜). The hydrostatic pressure drop due to gravitational force is neglected. Here, 

only the pressure drop on the refrigerant side is considered as it has direct influence on the 

performance of the ejector cycle.  

3.2.7.1 Calculation of the port pressure drop  

The port pressure drop on the refrigerant side is obtained using an approximating 

function, assuming that the refrigerant is in liquid phase at one port in vapor phase at the 

other. The approximating function can be written as: 

𝛿𝑃𝑃𝑜 =
3

4
 𝑁𝑝𝑙  ( 

𝐺𝑃𝑜
2

𝜌𝑙
+

𝐺𝑃𝑜
2

𝜌𝑣𝑎
)  . (3-58) 

In equation (3-58),  𝑁𝑝𝑙 is the number of plates of the heat exchanger and 𝐺𝑃𝑜 is the mass 

velocity at the port given by:  

𝐺𝑃𝑜 =
𝑚̇

𝜋 
𝐷𝑃𝑜

2

4

  . 
(3-59) 

𝐷𝑃𝑜 is the port diameter. 
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3.2.7.2 Calculation of the channel pressure drop  

Similarly to the procedure followed for the heat transfer analysis, the channel pressure 

drop was estimated as the sum of the individual pressure drops calculated for the sensible 

heat transfer in liquid phase, latent heat transfer and sensible heat transfer in vapor phase 

section, as shown in Figure 3.2. In liquid phase, the refrigerant flow results in a pressure drop 

given by: 

𝛿𝑃𝑐ℎ,𝑙 = 2 𝑓𝑙  𝐿𝑣,𝑙 𝑁𝑝𝑙  
𝐺𝑐ℎ,𝑙

2

𝜌𝑐ℎ,𝑙 𝐷ℎ
  . (3-60) 

In equation (3-60), 𝐿𝑣,𝑙 represents effective length of the liquid fluid flow path with taking 

to account the corrugation enlargement factors [19]. 𝐺𝑐ℎ,𝑙 is the mass velocity of refrigerant 

in a single channel. 𝑓𝑙 is the Fanning friction factor. 

Similarly, the pressure drop in the two-phase flow and vapor flow regions of the HEX 

are given by:   

𝛿𝑃𝑐ℎ,𝑡𝑝 = 2𝑓𝑡𝑝 𝐿𝑣,𝑡𝑝 𝑁𝑝  
𝐺𝑐ℎ,𝑡𝑝

2

𝜌𝑐ℎ,𝑡𝑝 𝐷ℎ
 (3-61) 

and 

𝛿𝑃𝑐ℎ,𝑣𝑎 = 2𝑓𝑣𝑎 𝐿𝑣,𝑣𝑎𝑁𝑝  
𝐺𝑐ℎ,𝑣𝑎

2

𝜌𝑐ℎ,𝑣𝑎 𝐷ℎ
  . (3-62) 

 

The total channel pressure drop is then obtained from: 

𝛿𝑃𝑐ℎ = 𝛿𝑃𝑐ℎ,𝑙 + 𝛿𝑃𝑐ℎ,𝑡𝑝 + 𝛿𝑃𝑐ℎ,𝑣𝑎  . (3-63) 

The Muley correlations [147] were selected for calculating the Fanning friction factors 

of the single-phase sections (liquid and vapor). Plate geometry parameters 𝛽 and 𝜙𝑝𝑙  also 

considered in these correlations. Since the Reynolds number of the liquid refrigerant is 

usually lower than 200, and the Reynolds number in vapor is usually greater than 1000, the 

following empirical correlation were implemented:  

𝑓 = (
𝛽

30
)

0.83

 ((
30.2

𝑅𝑒
)

5

+ (
6.28

𝑅𝑒0.5
)

5

)

0.2

                     

for Re <  400 

(3-64) 
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𝑓 = (2.917 − 0.1277𝛽 + 2.016 × 10−3 𝛽2)

× (5.474 − 19.02𝜙𝑝𝑙 + 18.93𝜙𝑝𝑙
2 − 5.341𝜙𝑝𝑙

3)  

× 𝑅𝑒𝑟
−(0.2+0.0577 sin(𝜋 

𝛽
45

+2.1))
   

for Re > 1000 

(3-65) 

The correlation of Amalfi [144] was used to compute the Fanning friction factor for 

the two-phase flow section given by: 

𝑓𝑟,𝑡𝑝,𝑔 = 𝐶𝑐𝑜𝑒𝑓 15.698 𝑊𝑒𝑚
−0.475 𝐵𝑑0.255 𝜌∗−0.571  . (3-66) 

In equation (3-66), 𝐶𝑐𝑜𝑒𝑓 is called the leading coefficient, which is used to take into account 

the effect of the chevron angle on the pressure drop according to the following expression:  

𝐶𝑐𝑜𝑒𝑓 = 2.125 𝜃∗9.993 + 0.955  . (3-67) 

3.3 Overall cycle component energy balance equations 

Section 3.1 and 3.2 presented the mathematical model for the ejector and the heat 

exchangers. To complete the mathematical model of the ejector refrigeration cycle, the 

energy balance equations for the main ejector cooling cycle components are needed.  

The total heat transferred to the refrigerant in the generator is given by:  

𝑄̇𝑔 = 𝑚̇𝑔 (ℎ𝑔 − ℎ𝑝)  , (3-68) 

ℎ𝑔 is the refrigerant energy at the generator outlet. The enthalpy at the pump outlet (ℎ𝑝) is 

the sum of the enthalpy at the condenser outlet and the enthalpy generated by the pump, 

ℎ𝑝 = ℎ𝑐 + 𝑊̇𝑝/𝑚̇𝑔  . (3-69) 

The pump work in equation (3-69) is needed for the pressure lift to the generator 

pressure: 

𝑊̇𝑝 = 𝑚̇𝑔 (𝑝𝑔 − 𝑝𝑐)   (3-70) 

The heat rate that the refrigerant transfers to the water in the condenser is given by: 

𝑄̇𝑐 = (𝑚̇𝑔 + 𝑚̇𝑒)(ℎ𝑐 − ℎ𝑑)  , (3-71) 
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where ℎ𝑑 and ℎ𝑐 is the enthalpy at the outlet of ejector (diffusor) and condenser, respectively. 

The process through the expansion valve is assumed as an isenthalpic process. Thus, 

the enthalpies at the condenser outlet (ℎ𝑐) and at the expansion valve outlet (ℎ𝑣) are assumed 

to be equal. The cooling capacity of the cycle is: 

𝑄̇𝑒 = 𝑚̇𝑒(ℎ𝑒 − ℎ𝑣)  . (3-72) 
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4 EXPERIMENTAL WORK ON THE 

SOLAR EJECTOR COOLING 

CYCLE 

4.1 The test rig description  

The solar ejector cooling system is located at the University of Porto, Portugal, 

featuring a variable geometry ejector (VGE) and high-efficiency solar collectors for driving 

the cooling cycle. Figure 4.1 shows the layout of the solar ejector refrigeration system. The 

air-conditioned space and the equipment room were constructed using a structural insulated 

panel. The structural insulated panel is a sandwich structured composite, consisting of 

construction foam material sandwiched between two layers of composite fiberglass. The 

structural insulated panel enables us to develop lightweight, high-durable, well-insulated 

constructions. The air-conditioned space has a floor area of 15 m2. The equipment room, 

where the cooling cycle, pumps, hot water tank, and control system are located, has a floor 

area of about 4 m2.  

The test facility is composed of four cycles: (i) the variable geometry ejector cooling 

cycle (in short ejector cycle or main cycle), and three auxiliary cycles, (ii) the solar heat 

supply cycle, (iii) heat dissipation, and (iv)  heat distribution cycles, as shown in Figure 4.2. 

The green and dark blue lines in the ejector cycle represent the refrigerant in the vapor and 

liquid phase, respectively. The black lines represent the water circulations of the auxiliary 

cycles. The ejector cooling cycle and the auxiliary cycles transfer heat through the heat 

exchangers: generator, condenser, and evaporator. The red squares represent the major 

measuring sensors. The following text gives brief descriptions of the four cycles. 
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Figure 4.1: 3D model of the test rig.  
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Figure 4.2: Schematics of the SERS unit with indicating data acquisition points.  

 



Chapter 4: Experimental work on the solar ejector cooling cycle 

  103 

 The solar heat supply cycle 

The solar heat supply cycle consists of two sub-cycle, the heat solar collecting cycle, 

and the heat supply cycle. The solar collector field supplies the necessary thermal energy to 

drive the SERS. It consists of four evacuated tube type solar collectors (Baxi AR30), 

connected in series, with a total absorber area of about 13 m2. The image of the installed 

solar collectors is shown in Figure 4.3. The collector field can supply about 7.5 kW heat at 

an outlet temperature of 85°C for solar radiation of 800 W/m2.  

The outlet of the solar collector field is connected to the top of a 50-liter thermal 

storage tank. The tank is used to ensure operational stability under a short-term variability 

of the solar radiation. The circulation pump is located at the outlet of the thermal storage 

tank, circulating the water back to the solar collectors. Excess heat from the solar collectors 

is dissipated to the environment by an outdoor fan coil (heat dissipator – as shown in Figure 

4.1) in order to protect them from overheating.  A check valve was placed at the circulation 

pump outlet to avoid backflow of the hot water when the pump is not operational. The heat 

supply cycle circulates the elevated-temperature water from the thermal storage tank to the 

vapor generator, where the heat is transferred to the primary flow of the ejector cooling cycle 

(refrigerant cycle). 

 The heat dissipation cycle  

The heat dissipation cycle is used to transfer the heat from the condenser to a large 

capacity water reservoir. The condenser pressure can be adjusted by regulating the cooling 

water flow rate. Detailed discussion on this is presented in the next chapter. 

 

Figure 4.3 The four evacuated tube type solar collectors installed in series.  
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 The heat distribution cycle 

The water is chilled in the evaporator then pumped into the indoor fan coil located in 

the air-conditioned space (see Figure 4.1). The fan coil is used to remove heat from the air-

conditioned space. The circulation pump consumes only about 11 W electric power. Two 

ultrasonic flow meters and four T-type thermocouples are used to calculate the useful heat 

generation in the collector field cycle and the cooling capacity in the test room. 

 The variable ejector cooling cycle 

The principal components of the ejector cycle are the vapor generator, variable 

geometry ejector (VGE), condenser, liquid receiver, expansion valve, pump, and evaporator. 

A photograph of the whole unit is shown in Figure 4.4.  

4.1.4.1 The variable geometry ejector  

The variable geometry ejector is the heart of the system. It was designed for a nominal 

cooling capacity of 1.5 kW using R600a as the working fluid. Design operating temperatures 

Liquid receiver

 

Figure 4.4: Photograph of the variable geometry ejector cycle.  
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were 85°C for the generator, 10°C for the evaporator, and 37°C for the condenser. The 

spindle position (SP) and nozzle exit position (NXP) can be independently adjusted for 

optimizing SERS performance at various operating conditions. 

The reference point for nozzle exit (NXP = 0 mm) was defined as the position where 

the nozzle exit touches the converging part of the mixing chamber wall (see Figure 4.5) and 

thus entirely blocks the free passage for the secondary flow. Likewise, SP was considered to 

be 0 mm when the spindle touches the primary nozzle wall. The positive directions for both 

SP and NXP were defined as the spindle and primary nozzle move away from the primary 

nozzle throat and the constant area section, respectively. They both are adjusted by high 

precision stepper motors (servomotors).  

 

Figure 4.5: Schematic cross-section view of the variable geometry ejector. 

4.1.4.2 The refrigerant pump 

A magnetic drive rotary vane pump-motor (Fluid-o-Tech) is used to pressurize the 

primary flow to the required levels. The motor of this integrated pump-motor unit has no 

moving parts [155], results in a compact, low energy consumption, and silent operation 

pump system. The pump has the capability of continuous speed control. However, 

experimental studies in this work were on purpose carried out at constant pump speeds at 

predefined values. The speed range of the pump is 1100-3500 rpm, the pressure head is up 

to 16 bar. Figure 4.6 shows a photo of the pump and the typical hydraulic performance at 

the speed of 2000 rpm. 
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A B

 

Figure 4.6 The refrigerant pump (A) and its typical hydraulic performance at the speed of 

2000 rpm [155]. 

4.1.4.3 The vapor separator  

A vapor separator (also called a liquid receiver) is installed at the condenser outlet to 

assure that the working fluid is in the liquid state when entering the suction side of the pump. 

The refrigerant at the condenser outlet is not purely liquid. The liquid receiver separates the 

vapor that still presents so that the fluid at the outlet is entirely liquid. For that, the device is 

also called a vapor-liquid separator. Pure liquid flow at the receiver outlet is one of the 

requirements in preventing the possibility of cavitation that may happen in the pump. A glass 

window is installed for monitoring the liquid level in the vapor separator, as seen in Figure 

4.7. 

 

Figure 4.7 The vapor separator with a glass window 
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4.1.4.4 The heat exchangers 

The high-pressure side of the pump is connected to the vapor generator, consisting of 

two plate heat exchangers in series. The first heat exchanger elevates the working fluid 

temperature to near saturation, while phase change takes place in the second one. The stream 

leaves the generator with some degree of superheat. This high temperature and pressure 

vapor enters the ejector as primary flow, with the objective to entrain and compress the 

stream from the evaporator, where the cooling effect takes place. At the condenser, the heat 

of the total refrigerant flow is transferred to the chilling water. Thus, the pressure at the 

condenser remains low. Both evaporator and condenser are plate heat exchangers (Alfa 

Laval) with a nominal capacity of 2.5kW and 10 kW, respectively. 

4.1.4.5 The expansion valve 

The expansion valve (Swagelok) is located at the evaporator inlet. The expansion valve 

is a pressure-reducing regulator, which controls outlet (evaporator) pressure by balancing an 

adjustable spring force against the forces caused by inlet (condenser) and outlet pressures. 

The desired evaporator pressure is manually adjusted by turning the green knob (see Figure 

4.8). 

 

Figure 4.8 Manually adjustable expansion valve Swagelok [156]. 
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4.2 Monitoring and controlling system 

 Sensors  

The ejector cooling system is equipped by a number of sensors and transducers, as 

presented in Figure 4.2, to monitor the system behavior and performance.  

4.2.1.1 Pressure transducers 

Three pressure transducers Kobold SEN 86, as shown in Figure 4.9, measure the 

pressures at the inlets and outlet of the ejector: two are positioned at the ejector primary inlet 

and outlet (with the pressure range of 0-25 bar), and the ejector secondary inlet (with the 

pressure range of 0-6 bar). By using internal diaphragm (ID) technology, these sensors could 

guarantee high accuracy. The manufacturer claimed that the characteristic deviation 

(precision) is ≤ ±0.3% of full scale, and the repeatability is  ≤ ±0.15% of the full scale [157]. 

The absolute errors of the pressure sensors are listed in Table 4.1. All the readings from the 

transducers were obtained in the relative pressure scale. For the performance analysis, the 

pressure data was then converted to the absolute scale. 

 

 

Figure 4.9 Pressure transducer Kobold SEN 86. 

4.2.1.2 Temperature sensors 

High precision RTDs and thermal couples are used for measuring temperatures of the 

working fluids (R600a and water).  
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Three Resistance Temperature Detectors (RTDs), also called resistance thermometers, 

are used to measure the refrigerant temperatures at the inlets and outlet of the ejector, as 

indicated in Figure 4.2. These RTDs (Kimo) are featured by sensor class B, 4-wire 

connection with platinum resistor PT100. Their working range is 0-100°C with an accuracy 

of 0.8°C.  

Seven thermocouples (Tecnisis) are used to measure temperatures at the inlets and 

outlets of the heat exchangers on the water side and refrigerant side, as illustrated in Figure 

4.2. The thermocouples are firmly attached to the wall of the tubes by thermal adhesive tape, 

or by fixing to the hole by using thermal adhesive, as shown in Figure 4.10. The 

thermocouples are T-type thermocouples (copper/constantan or Cu/Cu-Ni). They are very 

stable, linear, and has excellent repeatability between -200 to 200°C. The entire ejector 

cooling cycle is well insulated by rubber foam insulation pipe, as shown in Figure 4.10b. 

Insulating minimizes the heat losses and ensures the accuracy of temperature measurements. 

Each thermocouple was carefully calibrated, and the calibrating function was added to the 

LabVIEW program. Hence, high accuracy of thermocouples was archived, as with a 

maximum standard error of 0.35°C. 

 

A B

Contact point Insulation material

 

Figure 4.10 Installation of a thermocouple.  

4.2.1.3 Flowmeters 

The refrigerant flow rates in the ejector cycle are measured by two variable area 

flowmeters (Kobold BGN-S). These flowmeters are positioned at the ejector outlet (diffusor 

outlet) and the ejector secondary inlet, as indicated in Figure 4.2.  

The flowmeters are equipped with an analog display, as shown in Figure 4.11. The 

flowmeters are for directly monitoring and an electric-magnetic transmitter for obtaining 
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digital signal to the acquisition system. The flowmeters were particularly calibrated by the 

manufacturer for the working fluid R600a at the normal pressure (1 bar) and temperature 

(15ºC) conditions. The mass flow rates are defined by: 

𝑚̇ = 𝜌(𝑇, 𝑝)√
𝜌𝑛

𝜌(𝑇, 𝑝)
 𝑉 ̇  (4-1) 

In equation (4-1), 𝑉̇  the is measured volumetric flow, 𝜌 is the refrigerant density at 

temperature and pressure that 𝑉̇ is measured, and 𝜌𝑛 is the nominal density (𝜌𝑛 = 2.51 

kg/m3). Their measurement ranges and the corresponding absolute errors of the sensors are 

shown in Table 4.1.  

 

Figure 4.11 Analogue display of the variable area flowmeter at the ejector outlet. 

The water flow rates in the other cycles are measured by ultrasonic flowmeters 

(Kobold DUK), with a maximum measuring error of 1.4% of full scale [158]. The 

electromagnetic flowmeter is a transducer that measures fluid velocity by the voltage 

induced across the fluid by its flow through a magnetic field. Figure 4.12 shows the positions 

of the ultrasonic meters of the solar heat supply cycle (heat supply sub-cycle - between the 

generator and the thermal storage tank) and the heat distribution cycle.  
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Figure 4.12 Side view of the ejector system.  

 

Table 4.1: List of sensors installed in the ejector cooling cycle with their range and 

measurement error.  

Sensor Technology Range Absolute error Unit 

Primary inlet temperature RTD 0-100 ±0.8 °C 

Secondary inlet temperature RTD 0-100 ±0.8 °C 

Outlet temperature RTD 0-100 ±0.8 °C 

Primary inlet pressure transducer ID 0-25  ±0.125 bar  

Secondary inlet pressure transducer ID 0-6 ±0.03 bar  

Outlet pressure transducer ID 0-25 ±0.125 bar 

Outlet flowmeter Variable area 2-20 ±0.36 m3/h 

Secondary flowmeter Variable area 1.5-15 ±0.27 m3/h 
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4.2.1.4 Pyranometer 

A pyranometer (Kipp & Zonen) is used to monitor the global solar radiation and 

calculate the thermal coefficient as well as the heat rate of the solar collectors in real-time. 

The sensor is located with the same tilt angle as the collectors (about 35°). The sensor’s 

maximum errors in the hourly radiation total and the daily radiation total are 8% and 5%, 

respectively [159]. It is because some response variations cancel out each other when the 

integration period is long.  

 

Figure 4.13 Pyranometer used in the test rig.  

 Calibration of sensors 

Calibrations were implemented for used sensors to improve the measuring accuracies. 

The area variable flowmeters were exclusively calibrated by the manufacturer for the 

refrigerant R600a. Pressure transducers were also calibrated by the manufacturer.  

The thermocouples were calibrated by reference equipment Julabo F34-HE. The 

reference equipment is a high accuracy refrigerated/heating circulator with the working 

range from -30°C to 150°C. The thermocouples were calibrated in the temperature range of 

0-90°C for every 10 K. The calibration function was recorded to LabVIEW program, for 

equalizing with the reference equipment. Similarly, the pyranometer was calibrated with a 

reference device, and the calibration function was added when the raw data were treated.  
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 Monitoring and data acquisition system 

A monitoring and controlling system was designed to acquired measured data from the 

sensors and to control the operation of the ejector cooling system. Data from the sensors are 

logged by data acquisition unit HP Agilent 34970A, which is connected to a personal 

computer running a LabVIEW program. A monitoring and control application developed in 

program LabVIEW is based on a logical graphical interface. The diagram window of the 

application allows the most important measured data intuitively monitored on the PC 

display, as shown in Appendices. Figure 4.14 shows the control window of the application, 

where the important components, e.g., the spindle and nozzle exit positions, pump 

frequency, can be directly controlled. The stop button located at the top-left of the window 

is used to urgently stop the system if it exceeds pressure limits.  

4.3 Experimental procedure  

The experimental campaign was carried out on clear or partially clear days from May 

to the end of July 2018, which was about 30 hours in total under stable working conditions. 

During this period, a parametric study was carried out focusing on the system performance 

assessment under on-design and off-design conditions as a function of SP, NXP, and 

backpressure. In the present work, the system performance evaluation was carried out under 

a simple configuration; the variable geometry ejector cooling cycle was tested for fixed 

pump speeds.  

Spindle and nozzle exit positions were calibrated at the beginning of each experimental 

run. Although the primary pressure changed during the experiments because of the constant 

pump speed and different SPs, the refrigerant temperature at the primary nozzle inlet was 

maintained with about 10 K superheating to ensure system stability. Each day of the 

experiment, the ejector cooling system was run for about 1 hour to get to a relatively steady 

state, after which data acquisition was started. After setting up a given experimental 

condition, the system was run at least for 10 min (mostly longer) using 10-second sampling 

intervals. When the spindle position or nozzle exit position was adjusted, the system needed 

only about one minute to respond due to the thermal inertia. The acquired data were treated 

in programs Microsoft Excel and Engineering Equation Solver.  
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4.4 Uncertainty analysis  

Measurement accuracy is identified by considering both systematic and random errors. 

Random error (uncertainty type A) is caused by random fluctuations in the readings of 

measurement devices. The systematic error, also known as uncertainty type B or fixed error, 

is caused by imperfect calibration of the measurement devices, limitation of the measuring 

method used, and the interference of the environment to the measurement process. The 

influence of systematic error on an experiment is always in a predictable direction. Random 

error can be reduced by averaging multiple measurements for the same operating conditions.  

Since the experimental works of this study were carried out in actual conditions, 

whereas the solar radiation flux fluctuated by time. Fluctuations caused by actual conditions 

were inevitable. Repeated measurement was applied for averaging multiple measurements. 

However, only the systematic error is presented in this uncertainty analysis.  

Coefficient of Performance (COP) is the key performance indicator of the ejector 

refrigeration system. The experimental setup of the test rig allows the COP to be calculated 

in two ways: by the experimental data from the refrigerant flows in the ejector cooling cycle  

(COP𝒓), and from the water flows in the heat distribution and the solar heat supply cycle 

(COP𝑤).  

 Uncertainty of COP𝑟 

Equation (2-3) is rewritten as follows  

COP𝑟 ≅
𝑚̇𝑒 ∙ (ℎ𝑒 − ℎ𝑣)

𝑚̇𝑔 ∙ (ℎ𝑔 − ℎ𝑝)
= 𝐸𝑅

(ℎ𝑒 − ℎ𝑣)

(ℎ𝑔 − ℎ𝑝)
  (4-2) 

The mass flow rates at the ejector secondary inlet (𝑚̇𝑒) and the ejector outlet (diffusor) 

(𝑚̇𝑑) were calculated from directly measured quantities, including volumetric flow rates, 

pressures and temperatures, and calculated density, as seen in equation (4-1). The primary 

mass flow rate (𝑚̇𝑔) is the difference of 𝑚̇𝑑 and 𝑚̇𝑒.  

The uncertainty associated with the determination of the ER (𝜎𝐸𝑅) can be obtained by 

the following formula: 

𝜎𝐸𝑅 = √(
𝜕𝐸𝑅

𝜕𝜌𝑒
𝜎𝜌𝑒

)
2

+ (
𝜕𝐸𝑅

𝜕𝑉̇𝑒

𝜎𝑉̇𝑒
)

2

+ (
𝜕𝐸𝑅

𝜕𝜌𝑑
𝜎𝜌𝑑

)
2

+ (
𝜕𝐸𝑅

𝜕𝑉̇𝑑

𝜎𝑉̇𝑑
)

2

  . (4-3) 
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The uncertainty associated with the determination of the working fluid density was 

obtained by:  

 𝜎𝜌 = √(
𝜕𝜌

𝜕𝑝
𝜎𝑝)

2

+ (
𝜕𝜌

𝜕𝑇
𝜎𝑇)

2

  (4-4) 

where 𝜎𝑝 and 𝜎𝑇 are the uncertainties of pressure and temperature sensors.  

Uncertainty of enthalpy is defined as,  

𝜎ℎ = √(
𝜕ℎ

𝜕𝑝
𝜎𝑝)

2

+ (
𝜕ℎ

𝜕𝑇
𝜎𝑇)

2

  .   (4-5) 

In the same manner, uncertainties of all other variables were calculated by the directly 

measured data. 

The uncertainty of the 𝐶𝑂𝑃𝑟 is then, 

𝜎𝐶𝑂𝑃𝑟

= √(
𝜕𝐶𝑂𝑃

𝜕𝐸𝑅
𝜎𝐸𝑅)

2

+ (
𝜕𝐶𝑂𝑃

𝜕ℎ𝑒

𝜎ℎ𝑒
)

2

+ (
𝜕𝐶𝑂𝑃

𝜕ℎ𝑣

𝜎ℎ𝑣
)

2

+ (
𝜕𝐶𝑂𝑃

𝜕ℎ𝑔

𝜎ℎ𝑔
)

2

+ (
𝜕𝐶𝑂𝑃

𝜕ℎ𝑝

𝜎ℎ𝑝
)

2

    . 
(4-6) 

 Uncertainty of COP𝑤 

The COP𝑤 (thermal COP) was acquired from water mass flow rates (𝑚̇𝑤,𝑒 and 𝑚̇𝑤,𝑔) 

and the corresponding enthalpy differences between the inlet and outlet of evaporator and 

generator: 

 𝐶𝑂𝑃𝑤 =
𝑚̇𝑤,𝑒(ℎ𝑤,𝑒,𝑖𝑛 − ℎ𝑤,𝑒,𝑜𝑢𝑡)

 𝑚̇𝑤,𝑔(ℎ𝑤,𝑔,𝑜𝑢𝑡 − ℎ𝑤,𝑔,𝑖𝑛)
   (4-7) 

A similar approach to determining 𝜎𝐸𝑅 was applied to estimate the uncertainty in the 

COP𝑤.  

 Results from the uncertainty analysis 

Data of a typical measurement was selected to analyze the uncertainty. The 𝐶𝑂𝑃𝑟 of 

this run is 0.27± 0.02 while the 𝐶𝑂𝑃𝑤   is 0.29± 0.03. The 𝐶𝑂𝑃𝑟 is smaller in most of the 

measurements. 

As seen in the graph below, the factor that distributes the most to the uncertainty it the 

secondary flowmeter, 77%. Thus, in order to improve measuring uncertainty, we may want 
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to substitute this flowmeter with others that have a more suitable range, or other technology 

such as Coriolis flowmeter. Overall, the uncertainty of COP in every run was within 10%, 

which is acceptable.  

 

 

Figure 4.15: Distribution to measurement uncertainty – calculated from the refrigerant flows 

(upper) and from the water flows (lower). 

The overall uncertainty of the ER and thermal COP during the experiments was 

estimated to be within ± 8% and ±12%, respectively.  
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5 EXPERIMENTAL RESULTS AND 

VALIDATION OF THE 

MATHEMATICAL MODEL  

Figure 5.1 shows the operating pressures, the generator heat, and available solar 

radiation recorded on the 12th of July 2018. This experimental run was started up from 3:00 

PM and had a duration of about 2 hours on a relatively sunny day. The primary inlet 

temperature (𝑇𝑔) varied in the range of 84 ÷ 90°C with 16 ÷ 22°C of superheat. The speed 

of the pump was 2000 RPMs, and the spindle position was set to 5.75 mm. The figure shows 

considerably variation of solar radiation (green circles) due to the presence of cloud and the 

constant decay because of the trajectory of the sun in the afternoon. The longest cloudy 

period occurred during the first 15 minutes of the measurement, with some solar radiation 

values below 300 W/m2. Despite the variability in the solar radiation, the operating pressures 

in the generator (primary), evaporator (secondary), and condenser (back) were rather stable 

(as indicated in Figure 5.1). The maximum variation was within 5% of the absolute pressure. 

The results, in general, showed that the system could operate about 20 min with no or 

reduced solar radiation using the accumulated heat in the 50 liters thermal storage tank. It is 

noted that a larger thermal tank could store a larger amount of heat to drive the ERS for 

longer periods, but it would also increase system thermal inertia and thus morning start-up 

time. As a consequence, the primary pressure was about 10.3 bar leading to a mass flow rate 

of about 18.5 g/s. The heat transfer rate from the hot water to the working fluid in the 

generator remained essentially constant, about 6 kW (dashed line). The secondary inlet 

pressure (1.1 bar) was also constant, corresponding to an evaporator temperature of 8.5ºC, 

indicating high system stability. The secondary mass flow was about 5.1 g/s resulting in 

cooling capacity of about 1.6 kW. The backpressure at the ejector outlet was 3.1 bar (dotted 

line in Figure 5.1), corresponding to a condenser temperature of 30.5ºC. 
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5.1 Stability of the ejector cooling system 

Figure 5.2 presents a data sample of selected variables on the 12th of July 2018. As 

can be seen, the system was extremely stable. The primary, secondary, outlet pressures were 

mostly constant even when the solar radiation fluctuated in a wide range (see Figure 5.1). 

Please note that the inlet temperature of the primary flow (𝑇𝑔) reached a certain level of 

superheating, thus the small variation of generator temperature did not cause the change of 

primary pressure. Also, the hot water tank played a key role in stabilizing the generator 

temperature and primary pressure. 

To demonstrate the cooling effect of the ERS, selected data of a measurement on the 

17th of July, 2018 was presented in Figure 5.3. The whole measurement lasted roughly four 

and haft hours, from 12:30 PM to 5:00 PM. Profiles of room temperature of conditioned 

space and working pressures of the ejector cycle are shown. This measurement was aimed 

to study the impact of spindle position on system performance; the spindle position was 

adjusted in a wide range. Therefore, ERS did not work at its best performance. The 

refrigerant pump was stopped for one minute at 1:17 PM, as shown in the graph. The outlet 

and secondary pressure were stable when changing the primary flow rate. 

 

 

Figure 5.1: Operating system pressures, generator heat, and solar radiation on the 12th of 

July 2018. 
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Figure 5.2: System stability of a measurement. 

Located on the rooftop of a building, the conditioned room was under heavy heat loads 

on a clear day, even when it is well insulated. After having all the conditions ready for a run, 

the refrigerant pump was started. The ejector cycle got to a stable state within a few minutes, 

and after 14 minutes more, the cooling effect was noticeable by the room temperature logger, 

which was placed away from the fan coil. The delay of cooling effect was due to the thermal 

inertia of the auxiliary cycle and the air-conditioning cycle. Also, the temperature logger was 

placed away from the airflow of the fan coil. As we can see, the room temperature dropped 

quickly from 30oC to 22oC at 3:00 PM. After that, the spindle position (SP) was opened to 

the point where the primary flow rate was higher than the optimal value, which caused the 

reduction of secondary (evaporator) flow rate. Thus, the COP and the cooling capacity of 

the system decreased; accordingly, the decrease in room temperature was less intense. At 

4:10 PM, SP was adjusted for reducing the primary flow rate. As a result, primary pressure 

and ER increased. At 5:00 PM, the system was stopped, resulting in the rapid increase of 

room temperature right after that. Heat loads of the conditioned room were not measured; 

however, we can have a sense of how they were when looking at the rise of room temperature 

in the late afternoon. 
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Figure 5.3 Conditioned space's temperature along an operating period of ERS. 

5.2 COP as a function of the nozzle exit position 

Three sets of experimental runs were performed to study the influence of NXP alone 

on the performance of the SERS. In the first set, NXP was gradually adjusted from 1.5 to 7.5 

mm, resulting in 13 measurement points. Each point corresponds to the average values 

calculated over experiments that took approximately 10 min. Details of operating conditions 

and flow rates of the refrigerant are presented in Table 5.1 
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approximately constant, regardless of the variation of the room temperature. The enthalpy 

difference of refrigerant in the evaporator (Δℎ𝑒) did not vary considerably. 

 

Figure 5.4 System performance as a function of nozzle exit position. 

 

Table 5.1 Treated data of the first experimental set (12/7/2018)  
 

NXP 𝑃𝑔 𝑇𝑔 𝑃𝑒 𝑇𝑒 𝑃𝑐  𝑚̇𝑔 𝑚̇𝑒 
mm bar °C bar °C bar g/s g/s 

1.5 10.0 80.19 1.14 11.62 3.02 16.08 3.96 

2 10.2 82.34 1.08 11.62 3.07 16.52 4.77 

2.5 10.3 82.80 1.06 12.12 3.09 16.66 4.91 

3 10.3 83.48 1.05 11.96 3.09 16.68 5.01 

3.5 10.3 85.95 1.06 11.56 3.10 16.63 5.12 

4 10.4 87.42 1.06 11.86 3.12 16.63 5.20 

4.5 10.4 88.59 1.04 12.63 3.13 16.60 5.32 

5 10.3 84.23 1.06 14.63 3.13 16.52 5.47 

5.5 10.4 86.58 1.07 13.89 3.13 16.43 5.50 

6 10.4 88.23 1.06 13.24 3.12 16.41 5.49 

6.5 10.4 88.92 1.07 12.21 3.11 16.43 5.39 

7 10.4 89.74 1.10 9.55 3.10 16.44 5.22 

7.5 10.4 89.48 1.12 9.21 3.10 16.48 5.04 

Figure 5.4 represents cooling cycle performance as a function of the NXP, the 

corresponding operating data was shown in Table 5.1. It can be seen from the figure that the 

ejector resulted in the lowest ER and COP at NXP = 1.5 mm. The relatively deficient 
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performance was observed, most likely because of reduced effective area available for the 

secondary flow in the converging mixing chamber (see Figure 4.5). Consequently, ER 

increased from 0.25 to 0.34, as the nozzle exit position was moved upstream from 1.5 to 6 

mm, due to the increase of the effective area and thus the secondary flow rate. After the 

optimal point (~ 6mm), the ER started to drop. This phenomenon could be a result of the 

formation of small recirculation zones in the convergent part of the mixing chamber, which 

again reduces the effective area for the secondary stream. This phenomenon was also 

observed by Han et al. [160] using CFD simulations. Experimental verification of this 

hypothesis would require a suitable flow visualization method. Since COP and the cooling 

capacity are both directly proportional to ER for a constant primary mass flow rate, their 

behavior was similar to the one observed for ER. The maximum cooling capacity was about 

1.65 kW with a maximum COP of 0.26. Looking at Figure 5.4, one may also notice that 

nominal cooling capacity was reached in a relatively wide range of NXP (3 – 7 mm).  

Figure 5.5 compares the COP results as a function of NXP obtained for two 

experimental sets. The first set was carried out with the conditions described in relation to 

Figure 5.4. The second set of experiments were carried out with a pump speed of 2500 rpm; 

an SP of 6.5 mm and a relative pressure at the primary inlet of 12.2 bar (𝑇𝑔  ~ 87°C). The 

secondary inlet pressure and backpressure remained in the same levels as they were in the 

first set of experiments. These conditions resulted in a primary mass flow rate of about 22.4 

g/s. Because of the high primary inlet pressure, this set was carried out only for four NXP 

values (from 4.5 to 6 mm). The ERS was not tested for NXP < 4.5 mm in order to prevent 

any possible damage to the pump. The primary mass flow rates of the first and second 

experimental sets were 16.4 g/s and 22.4 g/s, respectively. As expected, for higher primary 

flow, when the ejector is operating in double-choking mode, higher 𝑃𝑔 resulted in smaller 

COP and cooling capacity for all values of the NXP. This can be explained by the fact that 

during the second set of experiments, the primary jet leaves the nozzle exit section in a more 

under expanded state, which leads to smaller secondary mass flow rates (difference about 1 

g/s). It can also be seen from Figure 5.5 that the optimal NXP value was the 5 mm for both 

sets of experiments, and the variation of COP with NXP is not very significant between 4 ÷ 

6 mm. Further comparing the two curves, it seems that the influence of NXP before and after 

the optimal point is more relevant at the higher 𝑃𝑔 one. This can also be explained the more 

under expanded primary jet for the higher 𝑃𝑔 set, in which case any change in the cross 
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section area in the mixing chamber has a higher impact on the effective area for the 

secondary stream (a similar argument can be found in [161]).  

Figure 5.5 also presents the influence of NXP to the system performance at primary 

pressure of 8.6 bar (averaged 𝑇𝑔 ~ 85°C with constant SP at 10 mm). Despite the low primary 

pressure inlet, the maximum open position of the spindle resulted in a high primary mass 

flow rate, of about 20.3 g/s. High  𝑚̇𝑔 might be the reason of the low COP, backpressure 

was remained constant, as discussed previously. The COP of the experiment with 𝑃𝑔 of 8.6 

bar remained mostly constant, at about 0.21, in the entire NXP range. Discussion on the 

influence of NXP on the system performance is still opened. Some authors claimed that NXP 

plays an important role while others said differently.  The results from these experiments 

seem to clarify one point that the influence of NXP strongly depends on the magnitude of 

𝑝𝑔. Comparing all three experimental sets, it can be concluded that the higher 𝑃𝑔 is, the 

influence of NXP to the COP is more significant NXP. It is also noticed that COP was highest 

in the first experimental set, in which the 𝑚̇𝑔 was only 16.4 g/s, being the lowest in all three 

experiments.  

 

Figure 5.5 Comparison of COP as a function of NXP for three pressure levels of the primary 

flow. 
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5.3 System performance as a function of the spindle position 

 

 

 

Figure 5.6 The influence of SP on (a) the primary inlet conditions and (b) system performance. 

The ER and COP are complex functions of the inlet pressures/temperatures, back 

pressure, and flow path geometry. The individual impact of each of these variables is not 
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selected such that the primary jet is perfectly expanded as it leaves the nozzle or slightly 

over-expanded according to [162]. Nevertheless, the highest entrainment ratio is obtained 

when a parallel primary jet is formed downstream of the nozzle exit plain. Strong under 

expansion is not recommended because it may reduce the effective area for the secondary 

stream as it was mentioned in section 5.1. It has been observed by several authors (e.g., 

[161]) that a series of strong shockwaves may occur downstream the nozzle outlet resulting 

in unwanted losses of the kinetic energy and thus leading to the reduction of the entrainment 

ratio. Conversely, high overexpansion of the primary flow also causes a decline in the 

entrainment ratio. The primary mass flow rate should be just high enough in order to transfer 

sufficient momentum to the secondary stream to reach Ma = 1 in the mixing chamber [28, 

34]. Further increase in 𝑚̇𝑔 only increases generator heat consumption without further 

benefit regarding the cooling capacity. 

Figure 5.6 shows the influence of the spindle position on the primary flow 

characteristics and system performance for a pump speed of 2000 rpm. In this experimental 

set, the spindle position was adjusted from 4.5 mm to 10 mm, while pump frequency was 

maintained constant. Accordingly, 𝑃𝑔  decreased from 11.4 to 7.9 bar and 𝑚̇𝑔 increased from 

9 g/s to 18.3 g/s because of the larger primary nozzle throat area for the motive stream. Please 

note that the ejector outlet and the secondary inlet pressures remained nearly constant; 3.2 

bar (saturation temperature ~31.4°C) and 1.1 bar (saturation temperature ~8.5°C), 

respectively. The results indicated that for an SP in the range of 4.5 to 6 mm, the increased 

primary flow enhanced the secondary flow entrainment and thus increased to cooling 

capacity from about 1.3 kW to 1.6 kW (see Figure 5.6b). For any SP > 6 mm, the cooling 

capacity started to decline. Mostly likely when the primary flow rate  increased and primary 

pressure  decrease, the flow at the downstream of the primary nozzle was over expanded, 

but the high flow rate occupied more space at the mixing chamber, resulted in a reduction of 

the effective area for the secondary stream. This phenomenon was accompanied by the 

reduction of the cooling capacity, as shown in Figure 5.6b. In contrast, the energy 

consumption in the generator monotonously increased with SP. Hence, the cooling cycle 

operated at nearly constant COP for SP < 6 mm because the energy consumption and the 

cooling capacity were nearly proportional. These performance characteristics could not be 

obtained with a constant geometry ejector. The optimal spindle position, under the tested 

operating conditions, was found to be between 5 to 6 mm yielding the highest cooling 

capacity as well as overall COP. A comparison to a fixed geometry ejector can be made by 
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analyzing the improvement of the COP at the maximum point and the fully open SP (the 

case where the spindle does not influence the area ratio). In this case, a performance 

improvement of 24% was obtained. 

Figure 5.7 visualizes the performance behavior of the SERS during a second 

experimental set, which was also carried out for a pump speed of 2000 rpm. In this case, 

however, a lower back pressure of about 2.88 bar (saturation temperature was about 29°C) 

and a higher evaporator pressure of about 1.2 bar (𝑇𝑒 = 10°C) were maintained. The primary 

inlet conditions were kept similar to the ones during the first experimental set. The spindle 

position was adjusted from 6 to 9 mm. The results indicated that the primary inlet pressure 

varied from 9 to 7.3 bar and the primary flow rate increased from 14.8 to 16.2 g/s, because 

of the same reasoning as before. Looking at the data in Figure 5.7, one may note that the 

ejector generally performed better in this second experimental set than during the first one, 

mostly because of the difference in the secondary inlet and condenser conditions. The 

secondary flow reached its peak value of 5.7 g/s at SP of 7.5 mm, while the highest COP 

(0.28) was obtained for an SP of 6.5 mm. For any SP > 7 mm, the COP considerably 

decreased, the lowest value was obtained for the most open spindle position tested. It is 

estimated that the performance improvement was about 20% compared to a fixed geometry 

ejector. Comparing the two data sets, one may note that the highest COPs were obtained for 

different spindle positions (5.5 mm for the first set versus 7.5 mm for the second set) due to 

the differences in the operating conditions. The incident clearly indicates the benefit of 

applying the variable geometry design over the fixed geometry solution. Nevertheless, it is 

believed by the authors that the ejector cycle performance can be further improved. Looking 

at the COP and secondary flow rate curves, one may note that the maximum values of these 

two variables did not occur for the same SP. It is because at SP = 6.5 mm, the primary stream, 

with a mass flow rate of about 15.2 g/s and the inlet pressure of 8.6 bar, did not transfer 

sufficient momentum to the secondary stream to entrain the maximum amount of refrigerant. 

The maximum value of 𝑚̇𝑒 was observed for a primary fluid mass flow rate of 15.6 g/s with 

an inlet pressure of 8 bar (SP = 7.5 mm) due to better momentum exchange. The cooling 

cycle performance could be further improved by reducing the primary inlet pressure, without 

considerably changing its mass flow rate. This can only be done using a pump with 

continuous speed control and by simultaneously reducing the SP and the pump speed, which 

was not possible with the current experimental configuration. Although the benefit of the 

variable geometry ejector design was clearly demonstrated with the experimental data, the 
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system can only be operated with optimal performance in a configuration where SP and the 

primary inlet pressure can be controlled independently. 

 

Figure 5.7: Ejector flow characteristics and COP as a function of the spindle position for the pump 

speed of 2000 rpm. 

5.4 System behavior in off-design regime 

Off-design operation of the solar heat driven ejector cooling cycle was tested by 

changing the ejector back pressure during the experiments. A flow control valve was 

installed to regulate the cooling water flow rate at the outlet of the condenser. Two sets of 

experiments were carried out for different values of spindle position but for a constant pump 

speed of 2000 rpm. For high cooling water flow rates, back pressure is determined by water 

temperature only. By reducing the cooling water flow rate, the refrigerant condenses at a 

higher temperature, which in turn increase Pc and the subcooled stated of the refrigerant 

liquid at the condenser outlet. Note that some degree of subcooling is always required to 

avoid refrigerant pump cavitation.  
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Figure 5.8: Behaviour of secondary inlet pressure and COP in variations of the 

backpressure. 

Figure 5.8 shows the experimental data obtained for the COP and Pe with the 

backpressure. Two experimental sets, denoted by “Exp1” and “Exp2”, were carried out on 

two distinct days. Exp1 was carried out for an SP of 9.5 mm and 𝑃𝑔 = 8.0 bar, corresponding 

to a primary mass flow rate of about 18.6 g/s. This SP corresponds to a nearly fully open 

position so that the performance of the ejector is equivalent to a fixed geometry device. The 

secondary inlet pressure during this first set of experiments was about 1.1 bar (𝑇𝑒 = 8.5°C). 

The lower limit for the backpressure was 3.3 bar corresponding to a fully open cooling water 

valve. In this case, the SERS operated with its highest COP (~0.19), which remained nearly 

constant even by increasing 𝑃𝑐 to about 3.4 bar (𝑇𝑐 = 33°C), indicating that the system 

operated within the on-design regime. Beyond this point, COP decreased rapidly up to a 

break pressure of about 3.9 bar (𝑇𝑐 = 37°C). The second experimental set (Exp2) was 

carried out for a more closed spindle position of 6 mm, resulting in a primary pressure of 

10.2 bar and mass flow rate of 17.3 g/s, which are about 2.2 bar higher for 𝑃𝑔 and 1.3 g/s 

lower for 𝑚̇𝑔 when compared to Exp1. It is clear from Figure 5.8 that the system achieved a 

COP (0.27) that is about 42% higher than in Exp1, but with a somewhat lower of critical 

0.9

1

1.1

1.2

1.3

1.4

1.5

1.6

1.7

0.00

0.05

0.10

0.15

0.20

0.25

0.30

3.0 3.2 3.4 3.6 3.8 4.0

S
e

co
n

d
a

ry
 i

n
le

t 
p

re
ss

u
re

 (
b

a
r)

C
O

P
 (

-)

Back pressure (bar)

COP 1 COP-Exp.2 P_evap1 (bar) P_e Exp.2Exp.1 Exp.1

Pcrit



Hydrofluoroolefins as working fluids for ejector refrigeration technology 

130 

back pressure as the penalty. The reduction of both 𝑃𝑐𝑟𝑖𝑡 and 𝑃𝑏𝑟𝑒𝑎𝑘 were about 0.2 bar. The 

fully open ejector (SP = 9.5 mm), equivalent to fixed geometry solution, only worked at 

better performance for condenser pressures above 3.5 bar, while for any 𝑃𝑐 below this value, 

the variable geometry design is more beneficial. The evolution of 𝑃𝑒 with the back pressure 

also reflects on the operating regime of the ejector. It can be seen in Figure 5.8 that the 

secondary inlet pressure remained essentially unchanged during on-design operation. The 

occurrence can be explained by the choking of the secondary stream below the critical 

backpressure. However, for any pressure beyond the critical value, the secondary flow was 

not chocked; thus, the pressure difference between inlet and outlet depends on the 

momentum exchange between the primary and secondary streams. In fact, the pressure lift 

(𝑃𝑐 − 𝑃𝑒) remained relatively constant 2.1 bar and 2.2 bar for Exp1 and Exp2 respectively. 

Similar observations were made by Falat et al. [163] in their experimental study using 

R134a. In conclusion, the variable geometry ejector was able to better respond to the off-

design operating conditions than a fixed geometry unit. 

5.5 Mathematical model validation 

The experimental data were used for validating the mathematical model of the ejector. 

For the validating purpose, the spindle position was set to the maximum value, i.e., SP = 10 

mm, at which the influence of the spindle to the primary flow is negligible [108]. Thus, the 

variable geometry ejector can now be considered as a fixed geometry ejector, which 

simplifies the mathematical modeling.  

The experimental data were used as inputs to the mathematical model, i.e., the working 

temperatures, pressures at the ejector inlets and outlet, and the ejector geometry. The 

entrainment ratio and the COP from the mathematical model were compared with the results 

of experimental work.  

As seen in Figure 5.9, the predicted values from the mathematical model well agreed 

with the experimental results, values of both entrainment ratio (ER) and the coefficient of 

performance (COP) were within ±15%.  
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Figure 5.9: Comparison of experimental results with results from the mathematical model.  

5.6 Conclusions 

In the present study, the performance of a small capacity solar thermal energy driven 

variable geometry cooling system using R600a was experimentally assessed under various 

operating conditions. The objectives were to evaluate the influence of two geometric factors 

(NXP and SP) and the back pressure on the behavior of the system operating with constant 

circulator pump speed. In general terms, the results indicated a very stable operation of the 

cooling cycle on clear or partially cloudy days when the interruption of direct solar radiation 

was no longer than 30 minutes. 

It was found that the nozzle exit position considerably influenced ejector performance 

for both levels of the vapor generator pressure tested (12.2 bar and 10.2 bar). The results 

indicated a stronger influence of NXP on the COP for the higher level of the primary nozzle 

inlet pressure. Nevertheless, in both cases, there was an optimum value of the COP obtained 

for the same NXP (5 mm from the fully closed position). It can be concluded that NXP 

should be optimized for each ejector design; however, its position does not need to be 

changed for variable primary nozzle inlet pressures. 
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The spindle position has a direct impact on the ejector area ratio. For constant pump 

speed, SP affected essentially all operating parameters, including generator pressure, mass 

flow rates, COP, generator heat, and cooling capacity. The results of the two sets of 

experiments that were carried out for different evaporator and back pressures indicated that 

there is an optimal SP, which results in the highest cooling cycle COP. However, this optimal 

SP depends on the operating conditions. This clearly shows the benefit of the variable 

geometry ejector design over the fixed geometry one. The improvement of the COP was up 

to 42% under the tested conditions. It is believed that the optimal COP can be further 

improved by independent control of the primary flow rate/spindle position and primary inlet 

pressure, which could be done using a variable speed pump with continuous control features. 

The present experimental test rig will be changed to verify this theory. 

Finally, the solar driven cooling cycle performance was also tested for the off-design 

operation regime. Experiments were carried out for two different values of SP, one 

corresponding to the fully open position (fixed geometry ejector case), by varying the ejector 

backpressure. The operating curves were determined, and the results showed a clear benefit 

of the variable geometry solution for back pressure lower than the design values. The 

evolution of the evaporator pressure in the test unit, having a manual expansion vale, was 

found to be a function of the applied back pressure in the off-design regime, indicating the 

single chocking operation of the ejector. 
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6 WORKING FLUID ASSESSMENT 

6.1 Working fluid selection 

Chapter 2 comprehensively reviewed the refrigerants used in the ejector cooling 

technology. Generally, working fluids need to fulfill certain criteria on system performance, 

environmental safety, economics. Thermodynamic properties of refrigerants directly 

influence the performance of the refrigeration cycle; thus, they are the key factors in 

selecting working fluids. They must have low specific sensible heat capacity, high latent 

heat of vaporization [164], large generator temperature range, suitable critical temperature. 

The slope of the saturated-vapor line of the fluid in the Temperature-entropy diagram should 

be positive (dry fluid) to minimize the required superheating amount of the ejector inlet 

flows. They must be environmentally friendly, which means that GWP and ODP indexes of 

refrigerants must be within the limit values of the regulation 517/2014. They should be non-

toxic, non-corrosive, chemically stable, and non-explosive. Also, a high molecular-mass 

refrigerant is preferable due to the compactness of the system. 

For a particular set of operating temperatures at the ejector inlets and outlet, the 

following working pressures are preferable. The working pressure at the ejector primary inlet 

(generator) should not be too high to avoid a robust construction of the ejector refrigeration 

cycle. The working pressure at the ejector secondary inlet (evaporator) should be above 

atmospheric pressure to avoid the possible leakage from the ambiance. The working pressure 

at the ejector outlet (condenser) should not be too high compared with the secondary inlet 

pressure. Theoretically, an ejector could obtain a high entrainment ratio if the compression 

ratio (pressure ratio between the ejector outlet and secondary inlet) is low.  

The current study presents assessments of seven working fluids that are potential for 

ejector cooling technology. They are two HFCs (R134a, R152a), one nature refrigerant 

(R600a), and four HFOs (R1234ze(e), R1234ze(z), R1234yf, R1233zd(e)).  

As mentioned in chapter 2, R134a and R152a are the most favorable refrigerants in 

terms of performance. R152a and R134 are suitable for various refrigeration technologies, 

including ejector refrigeration technology. Probably R134a is currently the most common 

working fluid in the refrigeration industry. R152a has a fairly low GWP100 index (see Table 
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6.1); furthermore, it has exceptional performance as discussed in the literature review. R600a 

has a reasonable performance with promising working pressure levels. It is non-toxic and 

environmentally friendly with a negligible GWP100 index. However, its flammability could 

be a drawback. These working fluids were used in the current study as references.  

Table 6.1 presents the key properties of the assessed refrigerants. Isomers, R1234ze(e), 

R1234ze(z) and R1234yf, have the same molecular weight but dissimilar in properties. For 

example, R1234ze(z) has a high boiling point (9.8°C), associating with a higher critical 

temperature (153.7°C) and a volumetric capacity of about 50% lower in comparison with R-

1234ze(e). They are very environmental-friendly, but they are flammable at a low level 

(A2L). In contrary R1233zd(e) is nonflammable. It has a low working pressure level in the 

working range of a typical generator temperature working range for ejector cooling 

technology (< 100°C). Part of the study is to indicate which fluids among the HFOs are the 

most proper candidates for the ejector cooling system.  

 

Table 6.1: Key properties of the selected working fluids. 

  𝑴𝒎𝒐𝒍 

 (g/mol) 

𝑻𝒄𝒓𝒊  

      (°C) 

𝒑𝒄𝒓𝒊  

     (bar) 

GWP100    Safety  

class 

 SSL             𝑳𝒓𝒂𝒕𝒊𝒐 

R1233zd(e) 130.5 165.6 35.7 1 A1 Positive 1.29 

R1234yf 114 94.7 33.8 4 A2L Positive 2.35 

R1234ze(e) 114 109.4 36.3 7 A2L Positive 1.9 

R1234ze(z) . 114 150.1 35.3 ≤ 6[165] A2L Positive 1.35 

R134a 102 101 40.6 1430 A1 Negative 2.0 

R152a 66.1 113.3 45.2 124 A2 Negative 1.67 

R600a 58.1 134.7 36.4 3 A3 Positive 1.42 
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6.2 Working conditions of the assessment   

The mathematical model was implemented in Engineer Equation Solver (EES) 

program. EES is a program that numerically solves a set of equations by an iterative method. 

EES provides high accuracy thermodynamic and transport property database of hundreds of 

substances which can be used with equation solving capability [137].  

As mentioned in chapter 3, the mathematical model could propose a system that works 

at optimal performance for a random set of working conditions. As discussed in Chapter 2, 

the design point concept is used to describe the critical point of the ejector for particular 

working conditions. From which the ejector geometry is defined to obtain the optimal system 

performance.  

The assessments study the behaviors of the refrigerants by analyzing the performance 

factors with variations of the operating temperatures. Due to the length limit of the thesis, 

only key performance factors are presented. By default, the degree of superheat at the 

generator was set to 7 K, and 2 K at the evaporator. The subcooling of refrigerant liquid at 

the condenser outlet is set to 2 K.  

The design point is selected based on the required cooling capacity and the operating 

temperatures. The operating temperatures may depend on the actual situation where the ERS 

works. For example, the refrigerant temperature at the condenser (𝑇𝑐) depends on the chilling 

(water) source and the refrigerant temperature of the evaporator (𝑇𝑒) depends on the desired 

cooling temperature. 

Based on the actual needs and requirements for space cooling purpose for a novel 

ejector refrigeration system, the default working temperatures of the of 𝑇𝑔,𝑠𝑎𝑡, 𝑇𝑐,𝑠𝑎𝑡, and 

𝑇𝑒,𝑠𝑎𝑡 were set to 83°C, 34°C, and 10°C, respectively. The system nominal cooling capacity 

was set to 5 kW. 

6.3 The influences of superheating of the inlet flows on the system 

performance 

As mentioned in chapter 2, studies on the superheat of the primary flow and the 

secondary flow in the literature were not quite comprehensively presented. Besides, the 
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behavior of working fluids on the superheating can be different from each other. In this 

section, the influences of the superheating of the ejector inlet flows are discussed.  

The superheating range at the generator is 3÷23 K, and at the evaporator is 1÷11 K. 

Note that the subcooling degree at the condenser outlet is set to 2 K. The subcooled degree 

is necessary for the refrigerant pump, especially the centrifugal type, in order to avoid 

cavitation in the pump impeller. The cavitation may cause instability, even malfunction to 

the system. The cavitation also causes damage to the refrigerant pump. These observations 

were mentioned in the works of Yapici [121] and Grazzini [20]. The incidents were also 

observed in the present experimental work. 

 Superheat of the primary inlet flow  

Figure 6.1 presents the behavior of the entrainment ratio on the variation of ΔT𝑠ℎ,𝑔. As 

can be seen in in the figure, ERs of the selected refrigerants generally decrease as the 

superheating degree gets to higher values. Increasing only 𝑇𝑠𝑢𝑝 in the right hand side of 

equation (3-4) results in the raise of the primary flow rate; as consequently, entrainment ratio 

decreases. Assuming the ejector work at the critical condition, the critical velocity of the 

primary flow (𝑣𝑐𝑟) is limited by the speed of sound (𝑎𝑐𝑟), as shown in the following equation 

[166]: 

  𝑣𝑐𝑟 = 𝑎𝑐𝑟 = √2
𝜅

𝜅 + 1
𝑟(𝑇𝑔,𝑠𝑎𝑡 + 𝑇𝑠𝑢𝑝)   , (6-1) 

𝜅 is the specific heat capacity ratio, and 𝑟 is the specific gas constant of the working 

fluid. The equation indicates the direct influence of the superheating degree to the velocity 

of the flow. Besides, the values 𝜅 and 𝑟 can be significantly varied by the variation of primary 

temperature. In general, the fluid velocity increase when the superheating amount increase. 

 The variations of these parameters result in a diversity of ERs of the selected working 

fluids. The less influenced fluid (by the superheat) were R600a and R1233zd(e). For 

example, 𝐸𝑅𝑅600𝑎 at ΔT𝑠ℎ,𝑔 of 3 𝐾 was 0.415 while 𝐸𝑅𝑅600𝑎 at ΔT𝑠ℎ,𝑔 of 23 𝐾 was 0.409. 

On the contrary, superheat has the most considerable influence on the entrainment ratio of 

working fluid R1234ze(e).  

Interestingly, 𝐸𝑅𝑅1234𝑦𝑓 and 𝐸𝑅𝑅134𝑎 behaved dissimilarly in comparison with the 

others. The ERs of the two refrigerants slightly increase as the superheat was set to higher 
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values (Figure 6.1). As ΔT𝑠ℎ,𝑔 exceeded 9 K, 𝐸𝑅𝑅1234𝑦𝑓 and 𝐸𝑅𝑅134𝑎 behaved similar to the 

other  refrigerants.  

Figure 6.2 shows the impact of the superheat of the primary flow on the system 

coefficient of performance. The general trend that can be seen in the figure is that the COPs 

of the refrigerants decreased with the superheating amount. The variation of all the COPs 

with the superheat seemed to be linear. Unlike the variation of ERs in the previous 

discussion, COPs of the working fluids strongly decreased with the superheating amount. 

The COPs of high-performance refrigerants seemed to be more sensitive by the superheat 

than the COPs of other refrigerants. For example, 𝐶𝑂𝑃𝑅152𝑎 at the ΔT𝑠ℎ,𝑔 of 23 K was 13.4%  

lower in compared with 𝐶𝑂𝑃𝑅152𝑎 at ΔT𝑠ℎ,𝑔 of 3 K. In other words, between the two 

extremes of superheating range in this study, 𝐶𝑂𝑃𝑅152𝑎 was 13.4% different. For R1234yf 

and R1234ze(e), this number is 17.9% and 15.9%, respectively. In contrast, the low-

performance refrigerant R1233zd(e), the reduction of COP was only 8.9%. 

 

Figure 6.1 ER as a function of ΔT𝑠ℎ,𝑔 . 

 

0.31

0.34

0.36

0.39

0.41

0.44

0.46

2 4 6 8 10 12 14 16 18 20 22 24

E
R

 [
-]

Superheating degree at generator [K]

R1234ze(z) R1233zd(e) R1234ze(e) R1234yf

R152a R134a R600a



Hydrofluoroolefins as working fluids for ejector refrigeration technology 

138 

 

Figure 6.2 COP as a function of ΔT𝑠ℎ,𝑔 . 

 Superheat of the secondary inlet flow 

Figure 6.3 shows the influence of the superheating of the secondary flow on the ejector 

entrainment ratio. During the variation of the superheating in the entire range (1÷11 K), ERs 

of the selected refrigerants were only slightly decreased. Similar to the previous case, the 

variation of ERs by ΔT𝑠ℎ,𝑒 can be explained using equation (3-12). Comparing with ERs by 

ΔT𝑠ℎ,𝑔 (see Figure 6.2), the variations of ERs by ΔT𝑠ℎ,𝑒 of all the refrigerants is more 

uniform. The ER lines of the refrigerants were mostly parallel to each other; no irregular 

variation was noticed in the cases of  𝐸𝑅𝑅1234𝑦𝑓 and 𝐸𝑅𝑅134𝑎, as previously discussed (see 

Figure 6.2).  

It can be concluded that superheating in the inlet flows only causes a slight change of 

ERs. The behavior of the ER depends on the working fluid that is used and on the working 

temperature. For instance, ERs of the refrigerant more noticeably varied at the high working 

temperature (see Figure 6.2) in comparison with the low working temperature of the 

secondary inlet flow (Figure 6.3).     
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Figure 6.3 ER as a function of ΔT𝑠ℎ,𝑒. 

Figure 6.4 presents the influence of the superheating amount of the secondary inlet 

flow to the system performance. In contrary to the entrainment ratio, the COPs were 

considerably sensitive with the superheating variation. It can be seen in the figure that by 

increasing the superheating amount, the system performance got to more desired values. It 

can be explained by the formula of the system COP. The COP formula in equation 2.3 can 

be rewritten as: 

𝐶𝑂𝑃 ≅
𝑚̇𝑒 𝛥ℎ𝑒

 𝑚̇𝑔 𝛥ℎ𝑔
    , (6-2) 

where, Δℎ𝑒 is the enthalpy difference at the outlet and inlet of the evaporator and Δℎ𝑔 is the 

enthalpy difference at the outlet and inlet of the generator.  

As the superheating amount gets higher, the accumulated enthalpy into the secondary 

inlet flow becomes larger. Equation (6-2) indicates that Δℎ𝑒 directly proportional to the COP. 

Thus, increasing the superheating amount yields an increment of the COP. As discussed 

before, the variation of the secondary flow rate by ΔT𝑠ℎ,𝑒 is insignificant; the COP and ΔT𝑠ℎ,𝑒 
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are directly proportional to each other. So, by increasing the superheating amount at the 

secondary inlet flow, the system performance is more favorable.  

In the experimental work of the thesis, it was observed that the superheat in the 

secondary inlet flow seemed to always present. The refrigerant travels from the evaporator 

to the ejector secondary inlet by the sucking effect. It results in vacuum pressure in this area, 

thus there is some degree of superheating in the secondary inlet flow. The experimental work 

of the current thesis observed an amount of ΔT𝑠ℎ,𝑒 of about 2÷7 K.  

 

Figure 6.4 COP as a function of ΔT𝑠ℎ,𝑒. 

The COP variation by ΔT𝑠ℎ,𝑒 of each refrigerant is dissimilar. It is mostly because the 

specific enthalpies of each refrigerant at the same amount of ΔT𝑠ℎ,𝑒 are different. In the other 

words, the amount of specific enthalpy gain with a certain change of superheating is various 

for different refrigerants.  

Comparing Figure 6.2 and  Figure 6.4, it can be seen that the influence of the superheat 

in the primary inlet flow to the system performance seemed to be more significant than in 

the secondary inlet flow.  
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6.4 Influences of the working temperatures on system performance 

Previously, the influences of superheating on system performance were discussed. In 

this section, saturation temperatures were used as reference for assessing the selected 

working fluids. By default, the superheating degrees were set to constant values to the rest 

of the working fluid assessments: ΔT𝑠ℎ,𝑒 = 2 K and ΔT𝑠ℎ,𝑔 = 7 K. 

 Entrainment ratio as a function of the saturation temperatures 

Figure 6.5 shows the relationship between the entrainment ratio and the saturation 

temperature at the generator (or saturation temperature of the primary inlet flow) for the 

seven selected working fluids. The figure indicates a strong dependence of entrainment ratio 

on the saturation temperature at the generator (𝑇𝑔,𝑠𝑎𝑡). The horizontal dashed line at ER of 

0.25 (see Figure 6.5) presents the base value for the assessment. At 𝑇𝑔,𝑠𝑎𝑡 of ~ 67°C, ERs of 

all the refrigerants were significantly lower than the base value. At 𝑇𝑔,𝑠𝑎𝑡 of ~ 75°C, all the 

working fluids, excepts R1233zd(e), had ERs higher than 0.25. Correspondingly to these 

two values of 𝑇𝑔,𝑠𝑎𝑡, ER of R1234yf increased from 0.22 to ~0.35, i.e. about 60%. In fact, 

ERs of all working fluids were intensively influenced in the entire range of 𝑇𝑔,𝑠𝑎𝑡. ER of 

R1233zd(e), the poorest performance refrigerant, increased 280% as 𝑇𝑔,𝑠𝑎𝑡 varied from 70°C 

to 95°C.  

R1234yf yielded the highest ER in its entire range of saturation temperature. Its ER 

reached 0.59 at 𝑇𝑔,𝑠𝑎𝑡 of about 94.7°C. As R1234yf approaches its critical temperature 

(94.7°C), increasing the generator temperature outlet can only increase the superheating 

amount of the primary inlet flow. Thus, the ER could slightly decrease, as discussed in the 

previous section. ER of the two HFCs were almost identical, following the most favorable 

working fluid, R1234yf. In contrast with R1234yf, ER of R1234ze(e) increased with higher 

intense when 𝑇𝑔,𝑠𝑎𝑡 increased. It surpassed ERs of R152a, R134a, and eventually R1234yf 

as 𝑇𝑔,𝑠𝑎𝑡 reached 98°C. R600a and R1234ze(z) offered average ERs compared to the others, 

being significantly higher than R1233zd(e). However, 𝐸𝑅𝑅600𝑎 is visibly lower than ERs of 

the top four fluids, i.e., R1234yf, R152a, R134a, and R1234ze(e). 
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Figure 6.5 Entrainment ratio as a function of saturation temperature at generator (𝑇𝑒,𝑠𝑎𝑡 =

10°𝐶 and 𝑇𝑐,𝑠𝑎𝑡 = 34°𝐶). 

Figure 6.6 shows the influence of saturation temperature at the evaporator (in sort, 

evaporation temperature) on the ejector entrainment ratio of the selected working fluids. The 

saturation temperatures at the generator and condenser were set to 83°C and 34°C, 

respectively. As can be seen in Figure 6.6, ERs of the working fluids increased as 𝑇𝑒,𝑠𝑎𝑡 

varied from 5 to 15°C. By increasing 𝑇𝑒,𝑠𝑎𝑡, the pressure at evaporator (𝑝𝑒) intensifies, 

leading to the decline of pressure ratio 𝑝𝑐/𝑝𝑒. Thus, ERs increase as 𝑇𝑒,𝑠𝑎𝑡 gets to higher 

value. The performance of the selected working fluids was significantly influenced by 𝑇𝑒,𝑠𝑎𝑡. 

One might notice the similarity between Figure 6.5 and Figure 6.6 in terms of the 

placement of ER curves. That is to say, the refrigerants with the highest ERs were R1234yf, 

R152a, R134a, and R1234ze(e) followed by R600a, R1234ze(z), and R1233zd. 

 However, looking at Figure 6.6, it seemed like the ER of low-performance fluids, e.g., 

R1233zd(e), were more sensitive to the variation of 𝑇𝑒,𝑠𝑎𝑡 than the others. In the range 𝑇𝑒,𝑠𝑎𝑡 

of 6-15°C, ER of R1233zd(e) gained 450% (from 0.1-0.45) while ER of R1234yf only 
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gained 175% (0.32-0.56). Refrigerants reach a higher ER at a higher value of 𝑇𝑒,𝑠𝑎𝑡; and 

apparently, high evaporation temperature is even more preferred for the low-performance 

refrigerants like R1233zd(e) or R1234ze(z). ER of R1234ze(e) also seemed to be sensitive 

to the evaporation temperature than ERs of other top performance refrigerants. 𝐸𝑅𝑅1234𝑧𝑒(𝑒) 

slowly surpassed ERs of R152a and R134a. A similar occurrence was observed in Figure 

6.5.  

 

Figure 6.6 Entrainment ratio as a function of evaporator temperature for the seven selected 

working fluids (at constant 𝑇𝑔,𝑠𝑎𝑡 = 83°𝐶 and 𝑇𝑐,𝑠𝑎𝑡 = 34°𝐶). 

Figure 6.7 presents the influences of saturation temperature at the condenser (𝑇𝑐,𝑠𝑎𝑡) 

on the entrainment ratio. 𝑇𝑔,𝑠𝑎𝑡 and 𝑇𝑒,𝑠𝑎𝑡 were set to constants at 83°C and 10°C 

correspondingly. 𝑇𝑐,𝑠𝑎𝑡 range was 29÷39°C, the raise of 𝑇𝑐,𝑠𝑎𝑡 led to the increase of saturation 

pressure at the condenser (condensation pressure). This condensation pressure is 

approximately the pressure at ejector diffusor (the pressure drop of the refrigerant flow is 

usually negligible). Thus, the pressure ratio 𝑝𝑐/𝑝𝑒 (compression ratio) increased as the 𝑇𝑐,𝑠𝑎𝑡 

was lifted higher. Consequently, ERs of the working fluids declined. Comparing to the 
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influences of 𝑇𝑔,𝑠𝑎𝑡 and 𝑇𝑒,𝑠𝑎𝑡, the influence of 𝑇𝑐,𝑠𝑎𝑡 on ERs were more significant. 

Additionally, the variations of the ERs were mostly linear with the change of 𝑇𝑐,𝑠𝑎𝑡.  

In the entire study range of condensation temperature, R1234yf always yielded the 

highest ER value, followed by R152a, R134a, and R1234ze(e); 𝐸𝑅R1233zd(e) was always the 

lowest. Interestingly, 𝐸𝑅R600a was comparable with the top performance refrigerants when 

𝑇𝑐,𝑠𝑎𝑡 was low. For example at 𝑇𝑐,𝑠𝑎𝑡 of 29°C, 𝐸𝑅R600a was as high as 𝐸𝑅R134a and 

𝐸𝑅R1234ze(e). ERs of these fluids diverged as the 𝑇𝑐,𝑠𝑎𝑡 approached to the high limit. At 𝑇𝑐,𝑠𝑎𝑡 

of 39°C, 𝐸𝑅R600a was ~0.18, being considerably lower than 𝐸𝑅134a (~0.22). 

 

Figure 6.7 Entrainment ratio as a function of saturation temperature at condenser (𝑇𝑔,𝑠𝑎𝑡 =

83°𝐶 and 𝑇𝑒,𝑠𝑎𝑡 = 10°𝐶). 

 Coefficient of performance as a function of the saturation temperatures 

Figure 6.8 shows the variation of COP of the working fluids with 𝑇𝑔,𝑠𝑎𝑡. COP is 

directly proportional to ER, as indicated in equation(6-2). COPs generally increased with the 

generator temperature, regardless of the working fluid. However, the two HFCs (R152a and 

R134a offered the highest coefficient of performance despite having less desirable ER values 
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compared to R1234yf. It could be because the enthalpy difference ratios (
Δℎ𝑒

Δℎ𝑔
) of the two 

HFCs are considerably greater than 
Δℎ𝑒

Δℎ𝑔
 of R1234yf and R1234ze(e). Overall, R1234yf and 

R1234ze(e) offered favorable performances, while R1233zd(e) yielded a significantly 

poorer performance than the other working fluids. It is worthy of mentioning that the ratio 

Δℎ𝑒

Δℎ𝑔
 increase with 𝑇𝑔,𝑠𝑎𝑡; and 

Δℎ𝑒

Δℎ𝑔
 reaches the maximum as 𝑇𝑔,𝑠𝑎𝑡 is close to the critical 

temperature of the working fluid (as illustrated by the pressure-enthalpy diagram in Figure 

0.4). This might be one reason for the performance improvement of R1234ze(z) or R152a. 

As shown in Figure 6.8, 𝐶𝑂𝑃𝑅1234𝑧𝑒(𝑧) intensively increased with 𝑇𝑔,𝑠𝑎𝑡 and eventually 

surpassed 𝐶𝑂𝑃𝑅600𝑎 at 𝑇𝑔,𝑠𝑎𝑡 of about 73°C.  

 

Figure 6.8 COP as a function of the saturation at the generator. 

Figure 6.9, and Figure 6.10 present the relationships of the COPs and 𝑇𝑒,𝑠𝑎𝑡, 𝑇𝑐,𝑠𝑎𝑡, 

respectively. Figure 6.9 shows that the COPs increased sharply with the evaporation 

temperature. Apparently, it could be highly beneficial to employ an ejector refrigeration 

technology with a saturation temperature at the evaporator of 10÷15°C. It is especially 

suitable for residential cooling space, where the required room temperature is 25÷30°C. 

R152a offered the highest performance among the compared refrigerants. The 

excellence of the refrigerant was acknowledged widely in the literature, e.g., [26, 167, 168], 
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and it is confirmed in the current study. Comparing with R134a, probably being the most 

common refrigerant currently, R152a has higher COPs in all operating conditions (see Figure 

6.8, Figure 6.9, and Figure 6.10). 𝐶𝑂𝑃𝑅152𝑎 was about 1÷2% higher over 𝐶𝑂𝑃𝑅134𝑎 in the 

assessed temperature ranges.  

R1234yf showed its superior performance compared to the other HFOs in this study. 

At 𝑇𝑔,𝑠𝑎𝑡 ≅ 90°C, 𝐶𝑂𝑃𝑅1234𝑦𝑓 was about 0.43, being higher than 𝐶𝑂𝑃R1234ze(z) and 

𝐶𝑂𝑃R1233zd(e) by 23% and 59%, respectively (see Figure 6.8). At the lower ranges of 𝑇𝑔,𝑠𝑎𝑡 

and 𝑇𝑒,𝑠𝑎𝑡, the performance of R1234yf mostly matched the performance of R152a and 

R134a (see Figure 6.8 and Figure 6.9). R1234ze(e) offered visible lower COP than R1234yf 

in the entire ranges of the working temperatures. Still, R1234ze(e) can be considered as an 

excellent performance refrigerant in comparison with the others. 

Please note that the critical temperature R1234yf is 94.7°C. Further increasing 

generator temperature does not increase the system performance. Rather it increases the 

system stability as the degree of superheating increases, as discussed in the previous section.  

 

Figure 6.9 COP as a function of the evaporation temperature. 

Comparing all three figures (Figure 6.8 to Figure 6.10) of this section, it is found that 

the condensation temperature has the most impact on the performance of the ERS. For 

example, as 𝑇𝑐,𝑠𝑎𝑡 varied from 29÷39°C, the 𝐶𝑂𝑃𝑅1234𝑧𝑒(𝑒) dropped from 0.52 to 0.17, about 
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70% off compared with the initial value. In hot areas where space cooling is commonly 

needed, the outdoor temperature can be as high as 40°C. That being said, the selected range 

of  𝑇𝑐,𝑠𝑎𝑡 in this study is logical; however, high condenser temperatures cause an undesirable 

performance of the ejector cooling cycle.  

It is believed that the performance sensitivity of the ERS on the condenser temperature 

is one of the major barriers that prevent applying ejector cooling technology to life. This 

issue could be solved using the water from sea, lake, etc. for chilling the condenser. 

However, this solution may limit the usage possibility of the ejector cooling technology due 

to the limited resources (water is less available than air).  

 

Figure 6.10 COP as a function of the condensation temperature. 

 Required heat flow rate at generator  
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to produce the same cooling capacity. Accessing the refrigerants based on how much the 

heat rate at the generator is required is similar to the question “how well the refrigerants 

perform?”. They are mostly the same but are viewed from a different angle.  

The previous section showed that a low generator temperature results in a low COP. 

Equation (6-3) indicates that in order to maintain a constant cooling capacity (𝑄̇𝑒), the 

generator heat rate needs to be high to compensate for the low COP. In other words, to 

conduct a constant 𝑄̇𝑒 (in this case, a constant entrained flow 𝑚̇𝑒), higher primary flow 𝑚̇𝑔 

is required when the primary temperature decrease. 

𝑄̇𝑒 ≅ 𝐶𝑂𝑃 ∙ 𝑄̇𝑔 (6-3) 

Figure 6.11 shows the association between the required 𝑄̇𝑔 and 𝑇𝑔,𝑠𝑎𝑡. Generally, the 

generator heat flow rates of the selected refrigerants were when 𝑇𝑔,𝑠𝑎𝑡 was low; the required 

𝑄̇𝑔 intensively decreased with the increase of 𝑇𝑔,𝑠𝑎𝑡. For example, a 5 kW cooling capacity 

system with R1234ze(z) as the working fluid required 50 kW generator heat rate when  

𝑇𝑔,𝑠𝑎𝑡  was 63oC; the corresponding value when 𝑇𝑔,𝑠𝑎𝑡 of 98oC was 11.4 kW. That was about 

4 times the difference of required 𝑄̇𝑔.  

 

Figure 6.11 Required generator heat flow rate for producing 5 kW of cooling capacity. 
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The worst performance working fluid, R1233zd(e), required the highest 𝑄̇𝑔. At 𝑇𝑔,𝑠𝑎𝑡 

of 66.5oC, R1233zd(e) required 62.2 kW of 𝑄̇𝑔 to produce 5 kW of 𝑄̇𝑒. That was more than 

double the amount of 𝑄̇𝑔 that R1234ze(e) was required at the same conditions. R134a and 

R152a required the least amount of the generator heat rate. R1234yf was the most favorable 

HFOs in this aspect as it was comparable with the two HFCs in the entire generator working 

range.  

 

Figure 6.12 Relationship of the evaporation temperature and generation heat flow rate. 

Figure 6.12 presents the relationship between  𝑇𝑒,𝑠𝑎𝑡 and  𝑄̇𝑔. Similar to what is shown 

in Figure 6.11, the required generator heat rate increased with the saturation temperature at 

the evaporator. The influence of 𝑇𝑒,𝑠𝑎𝑡 on 𝑄̇𝑔 was quite intensive. HFCs required the lowest 

generator heat flow rate in the entire temperature working range. The two HFCs visibly 

outperformed R1234yf; still, R1234yf yielded a better result than the other HFOs. As usual, 

R1233zd(e) offered the worst performance among the selected refrigerants.  

Interestingly, the 𝑄̇𝑔 curves (of the refrigerants) seemed to converge at a certain point 

(as 𝑇𝑒,𝑠𝑎𝑡 exceeds 15°C). Consideration on which working fluid to use does not seem to be 

crucial when the evaporation temperature is high enough. 
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Figure 6.13 Association between the saturation temperature at the condenser and the 

generator heat flow rate.  

Figure 6.13 shows the variation of the generator heat flow rate concerning 𝑇𝑐,𝑠𝑎𝑡. As 

seen, the best performance refrigerants were the two HFCs, followed by the two HFOs: 

R1234yf and R1234ze(e). The worst performance refrigerant, R1233zd(e), required an 

extreme amount of generator heat flow rate when the ERS worked at 𝑇𝑐,𝑠𝑎𝑡 of 37÷39°C. The 

favorable performance refrigerants like R134a, R1234yf also needed a considerable amount 

of 𝑄̇𝑔 at high values of 𝑇𝑐,𝑠𝑎𝑡; nevertheless, it was usually less than haft the amount of 𝑄̇𝑔 in 

comparison with R1233zd(e).   

The above discussion leads to some thoughts. Firstly, the high-performance 

refrigerants reveal their advantages at extreme working temperatures: low generator 

temperatures, low evaporator temperature, or high condenser temperature. Secondly, the 

concept of ERS using a “low-grade driven heat source” does not seem to be very practical. 

COP is inversely proportional to 𝑄̇𝑔. When using a low-grade driven heat source, the high 

amount of 𝑄̇𝑔 would require an extra-large generator for heat transferring between the heat 

supplying source and the ejector cooling cycle. Also, a high generator heat rate causes stress 
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on the chilling cycle. So, low-grade driven heat source requires a larger system, and thus a 

higher initial cost in comparison with a “proper-grade” heat source ERS.  

 Area ratio as functions of the working temperatures 

The area ratio (AR) is the ratio of the mixing area 𝐴2 to the throat area of the primary 

nozzle 𝐴𝑡 (as was defined in chapter 2).  

𝐴𝑅 =
𝐴2

𝐴𝑡
   (6-4) 

The ejector geometry was proposed to obtain the optimal system performance for the 

given set of working conditions. That ejector geometry is called optimal geometry, and its 

AR is called the optimal AR. The optimal AR varies with the operational conditions. This 

variation of the optimal AR indicates the sensitivity of the ejector geometry on the working 

conditions. The sensitivity of the AR connects with the performance stability of the ejector 

as the working conditions vary. This section accesses the working fluids based on the 

variation of the optimal AR. 

The variation of optimal AR, or optimal ejector geometry, apparently because of the 

compressibility and thermal expansion of the working fluids vary with the operating 

conditions. As known, coefficients of the compressibility and thermal expansion of gases 

are high and complex. Fortunately, applying real-gas data in the program Engineering 

Equation Solver could offer reasonable results.  

 Figure 6.14 presents the AR profiles of the selected working fluids concerning the 

saturation temperature at the generator. It seemed like the ARs strongly increased with the 

𝑇𝑔,𝑠𝑎𝑡. Partially because the range of 𝑇𝑔,𝑠𝑎𝑡 is wide in comparison with others, e.g., with the 

range of 𝑇𝑒,𝑠𝑎𝑡 (see Figure 6.15). The unfavorable-performance refrigerants, like R1233zd(e) 

and R1234ze(z), had the most AR increment per temperature unit. In the entire study range 

of 𝑇𝑔,𝑠𝑎𝑡, AR of these refrigerants increased from 2.2 to ~ 9. In contrast, 𝐴𝑅𝑅1234𝑦𝑓 was 

2.1÷5.4 in the entire 𝑇𝑔,𝑠𝑎𝑡 range, being the most favorable refrigerant in terms of 

performance stability. The two HFCs also indicated reasonable performance stability from 

the variation of the generator temperature.  
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Figure 6.14 Area ratio as a function of saturation temperature at the generator.  

Figure 6.15 shows the variation of AR with the saturation temperature at the 

evaporator. Generally, the order of AR variations with the saturation temperatures was 

similar to each other. The AR variations of the selected working fluids seemed to be less in 

comparison with corresponding values at the generator and at the condenser (see Figure 

6.16).  Still, the AR variations by 𝑇𝑒,𝑠𝑎𝑡 were significant.  

To reduce the influence of the AR variations certainly influence the ejector 

performance. This fact is considered one of the most challenges of ejector cooling 

technology. In order to reduce the influences, the concept of variable geometry ejector was 

proposed. The variable geometry ejector helps retain the AR as close to the ideal value as 

possible when the working temperatures vary.  
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Figure 6.15 Area ratio as a function of the saturation temperature at the evaporator.  

 

Figure 6.16 Area ratio in the correlation with the condensation temperature 
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Looking at the figures of area ratio profiles, one can see that R1233zd(e) and 

R1234ze(z) are the most beneficial refrigerants with the use of a variable geometry ejector. 

Nevertheless, applying VGE in an ERS is recommended for all seven working fluids. 

 Working pressures as the functions of the working temperatures  

Working pressures of different working fluids at a particular working temperature are 

usually dissimilar. The working pressures mentioned here are the pressures at the primary 

and secondary inlets and outlet of the ejector, corresponding to the pressures at the generator, 

evaporator, and condenser, respectively.  

As discussed in section 6.1, the generator pressure has the highest-pressure level in the 

ejector cooling cycle. Thus, the generator pressure determines the robustness of the system. 

Most importantly, the durability of the generator and the piping system under extreme 

pressure. Also, a high operating pressure level at the generator could lead to difficulty in 

selecting the refrigerant pump. The condensation pressure (backpressure) and the 

evaporation (secondary) pressure directly influence the ejector performance. Therefore, 

operating pressures are decisive factors in the refrigerant assessment. 

Figure 6.17 presents the relation of the saturation temperature and the pressure in the 

generator. The generator pressures of the selected refrigerants mostly linearly increased with 

the operating temperature. In the range 𝑇𝑔,𝑠𝑎𝑡 of 63÷98°C, the generator pressures of the 

selected refrigerants increased by roughly double. For instance, 𝑃𝑅134𝑎 increased from 18.1 

to 38.2 bara, 𝑃𝑅1234𝑦𝑓 from 16.1 to 33.7 bara, 𝑃𝑅1234𝑧𝑒(𝑧) from 5.6 to 12.9.  

The profile orders of Figure 6.5 and Figure 6.17 are fairly similar. The generator 

pressure significantly influenced the refrigerant performance.  The pressures of the top 

performance refrigerants, i.e., R134a, R1234yf, and R152a, were the highest among the 

selected working fluids. Conversely, R1233zd(e) and R1234ze(z) had the lowest operating 

pressure in the entire temperature range. Needless to say, they yielded the least favorable 

performances.  

 As seen, the change of pressure level on the variation of 𝑇𝑔,𝑠𝑎𝑡 were significant. One 

of the major concerns of designing the ejector refrigeration cycle is the system's upper 

working pressure limit, generator pressure. Currently, there are only a few companies that 

could build commercial plate heat exchangers (e.g., SWEP and Alfa Lava) that can withstand 

the operating pressure above 30 bar. Moreover, these heat exchangers are costly. The 
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refrigerant pump could be another technical barrier if the required pressure level is high. 

Centrifugal pump technology is commonly used since it is affordable. However, the 

centrifugal technology typically generates pressure head up to about 20 bar. At the present, 

diaphragm pump technology (e.g., Hydra-cell pump of Wanner Engineering) could produce 

pressure heads. Overall, having an ejector cooling cycle that works at a high-pressure level 

(above 20 bar) would be challenging: it needs a significantly high initial investment 

compared to a low-pressure cycle. In addition, safety and maintenance could be the concerns. 

  

 

Figure 6.17 Generator pressure as a function of saturation temperature at the generator. 
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Figure 6.18 Relation between temperature and pressure at the evaporator. 

 

Table 6.2 Pressure gain between the two extremes of 𝑻𝒆,𝒔𝒂𝒕 range. 

 R1234ze(z) R1233zd(e) R1234ze(e) R1234yf R152a R134a R600a 
Pressure 

gain 48% 51% 41% 38% 40% 40% 40% 

 

The evaporator pressures of the refrigerants as a function of saturation pressure at the 

evaporator are shown in Figure 6.18. The two lowest performance refrigerants, R1233zd(e) 

and R1234ze(z) gained about 50% pressure level as the saturation temperature varied from 

3 to 13°C, while the other working fluid gained about 40%. The pressure of the working 

fluids fairly linearly increased. 

The two lowest performance refrigerants worked at vacuum pressure in the entire 

𝑇𝑒,𝑠𝑎𝑡 range. As discussed in chapter 2, the vacuum pressure in the evaporator could cause 

some issues related to the impurity of the working fluid in the ejector cooling cycle. The 

system, thus, may not properly work after an operational period. In terms of operating 
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operating pressure level at the generator is only less than 20 bar. Therefore, ERS using R600a 

as the working fluid would not confront with robustness related issues as discussed above.  

Theoretically, a high value of operating pressure at the evaporator is favorable since 

the flow from the evaporator outlet could be more easily entrained to the ejector. As seen in 

Figure 6.18, the highest saturation pressure refrigerants were R1234yf, R134a, R152a, and 

R1234ze(e), respectively. As expected, these refrigerants yielded the highest ER, as shown 

in Figure 6.5. 

However, the saturation pressure at the condenser also plays a key role in the 

performance of the ejector. As known, the ejector performance is highly influenced by the 

ejector backpressure (the condenser pressure), along with the evaporator pressure. Figure 

6.19 presents pressure profiles of the refrigerants by the variation of 𝑇𝑐,𝑠𝑎𝑡. Looking at Figure 

6.17, Figure 6.18 and Figure 6.19, one may notice that the pressure variations of the assessed 

refrigerants were relatively linear with the operating temperatures. The order of pressure 

levels of the refrigerants maintained mostly the same in temperature range 3÷98°C. The 

pressure levels at the heat exchangers have crucial influence on the ejector performance.  

 

Figure 6.19 Relationship of temperature and pressure at the condenser. 
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6.5 The influences of the heat exchangers size on the system 

performance  

Two plate sizes are used in the modeling. Plate size B03 was used for the evaporator, 

B12 for the generator, and condenser. Dimensions of the plates are presented in Table 6.3. 

The plates were made from stainless steel, which has a conductivity of 16.27 (W m-1 K-1).  

Table 6.3 Dimensions of the plate of the heat exchangers. 

Parameter Plate size B12 Plate size B03 

Inclination (chevron) angle (𝜃) 60° 60° 

Thickness of the plate (𝑡) 0.0006 m 0.0006 m 

Size of corrugation pitch (𝜆) 0.0068 m 0.0068 m 

Corrugation pitch (𝑝𝑖𝑡) 0.0028 m 0.0025 m 

Port diameter (𝐷𝑝) 0.055 m 0.03 m 

Effective flow length between the vertical ports (𝐿𝑣) 0.485 m 0.25 m 

Plate width (𝐿𝑤) 0.245 m 0.095 m 

 

The number of plates of the heat exchangers was selected as the reference (x-axis) to 

evaluate the refrigerants. The range of the generator’s plates was 7÷167 units, evaporator 

and condenser were 7÷207 units.  

Besides the geometry, the performance of the heat exchangers obviously depends on 

the temperature gradients between the two flows. The working temperatures of the 

refrigerant at the heat exchanger inlet and outlet were determined by the in working 

conditions of the ejector cooling cycle. In this section, the working temperatures of the water 

were set as follows: 𝑇𝑤,𝑔,𝑖𝑛= 𝑇𝑔 + 4 (°C); 𝑇𝑤,𝑔,𝑜𝑢𝑡= 𝑇𝑔 + 1 (°C); 𝑇𝑤,𝑒,𝑖𝑛= 𝑇𝑒 + 2 (°C); 

𝑇𝑤,𝑒,𝑜𝑢𝑡= 𝑇𝑒 + 1 (°C); 𝑇𝑤,𝑐,𝑖𝑛= 𝑇𝑐 − 2 (°C); 𝑇𝑤,𝑐,𝑜𝑢𝑡= 𝑇𝑐 − 1 (°C). The left-hand side of these 

equations are the temperatures of the water side, and the right-hand sides are the working 

temperature of the refrigerant flows. 
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 Overall heat transfer coefficient of a heat exchanger 

The overall heat transfer coefficient is a function of specific convective heat transfer 

coefficients, conductive heat transfer coefficient, fouling factors, as shown in equation 

(3-55). The heat transfer coefficient is a function of Nusselt number (Nu), and Nu is the 

function of Re. As the number of plate increase, the mass velocity of the flow decreased, and 

so does the Re. 

As an example, Figure 6.20  presents the Reynolds and Nusselt numbers of the two-

phase flow in the evaporator as a function of the number of plates. As seen, the Re value 

aggressively decreased as the increase in the number of the plate. Nusselt curve had a similar 

trend as the Reynolds.  

 

Figure 6.20 The Reynolds number and Nusselt number of the two-phase section of 

the evaporator as functions of the number of plates (R600a as the working fluid). 

Figure 6.21 shows the average convective heat transfer coefficient on the refrigerant 
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parameters, ℎ𝑒 values of the working fluids decreased significantly as the number of plates 

increased from 7 to about 70. The number of plates then seemed to have less impact on the 

ℎ𝑒 values. The behavior of ℎ𝑒 parameter in the two other heat exchangers was similar to the 

one presented here. 

150

1500

15000

0 25 50 75 100 125 150 175 200

R
e

 a
n

d
 N

u
 n

u
m

b
e

r 
[-

]

Number of plate [units]

Re_(r,tp,e) Nu_(r,tp,e)



Hydrofluoroolefins as working fluids for ejector refrigeration technology 

160 

 

Figure 6.21 Average convective heat transfer coefficient in the refrigerant side of the 

generator. 

 

 

Figure 6.22 Average overall heat transfer coefficient of the generator.  
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Figure 6.22 compares the average overall heat transfer coefficient of the selected 

refrigerants with a variation of plate quantity of the generator. Generally, increasing the 

number of the plate resulted in an aggressively decrease in the U-values. It is because as the 

number of plates increased, the flow rate of the working fluid decreased and so did the 

overall conduction (U), as explained above. Interestingly, the high-performance refrigerants 

at the ejector like R1234yf or R134a had the lowest U values. While the lowest performance 

refrigerant like R1233zd(e) obtained the highest U value in the entire generator temperature 

range.  

Comparing Figure 6.22, Figure 6.23, and Figure 6.24, it can be seen that the order of 

the  U curves of the refrigerants was dissimilar to each other. The reason could be from the 

flow rates were different (both flowrates in the water side and the refrigerant side of the heat 

exchangers), thus the characteristics of the flow and the heat transfer processes could be 

extremely diverse. Please note that at the generator, the heat transfer areas of the liquid 

section and the two-phase section were usually much large than the superheat section. While 

in the evaporator, the heat transfer area of the liquid section was considered as zero, most of 

the heat transfer area was the two-phase section. All the flow characteristics resulted in 

variations of Nusselt numbers, and so do the ℎ𝑒 values and others.  

The temperatures and pressures in the water side of the heat exchangers can 

significantly impact the ℎ𝑒 values in the water side; thus, influence the overall heat transfer 

coefficient (as was explained in chapter 3). For example, selecting the temperature inlet and 

outlet of water at the condenser determines the flow rate of the chilling water going through 

the condenser. Then, again the flow rate determines the Re, Nu, ℎ𝑒 of the flow.  

Figure 6.22, Figure 6.23, and Figure 6.24 indicate that depending on the working 

conditions, like temperature, type of flows, the overall heat transfer coefficients of the 

selected refrigerants can vary quite significantly. The current set of the working conditions 

at the condenser resulted in the U values from about 650 to 1220 (𝑊/𝑚2𝐾). The U value of 

R1234yf in was the most desirable.  
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Figure 6.23 Average overall heat transfer coefficient of the evaporator. 

 

 

Figure 6.24 Average overall heat transfer coefficient of the condenser. 
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 Heat exchanger effectiveness 

The effectiveness of a heat exchanger represents the possible heat transfer rate at 

specific operating conditions and structural configuration of the heat exchanger (see equation 

(2-8). The following text discusses the performance of the selected working fluids based on 

their effectiveness when the number of the plates varies.  

Figure 6.25 presents evolutions of effectiveness with the generator’s number of the 

plates. Generally, the generator could obtain high effectiveness when the number of the 

plates is high. It can be seen that the high COP group (R1234yf, R1234ze(e), R152a, R134a) 

also showed their superior in terms of heat transfer effectiveness. The two HFCs 

overperformed R1234yf as the number of the plates exceeded 75. R1234yf likely performed 

better when the flow was highly turbulent. The 𝜖 values of R600a and R1234ze(z) at the 

generator were very reasonable. Heat transferring did not seem to be an issue of the selected 

working fluids, excepts R1233zd(e). The effectiveness of R1233zd(e) was quite low, and its 

increase with the number of plates was less significant than the others.  

Overall, the change of effectiveness at the generator became less intensive after the 

plates reached ~50 units. As was found in the previous section, the overall heat transfer 

coefficient logarithmically decreased as the plates were added. The heat transfer coefficient 

of the heat exchanger significantly decreased with the flow rate. There is a compromise 

between the initial investment and the operating cost. In this instance, it is the number of the 

plates and the heat transfer effectiveness. The reasonable 𝑁𝑝𝑙 at the generator of the selected 

refrigerants, excepts R1233zd(e), could be between 55 and 75 units.  
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Figure 6.25 Heat transfer effectiveness of the generator. 

Figure 6.26 shows the variation of the heat transfer effectiveness with the number of 

plates of the evaporator. 𝑁𝑝𝑙 of the evaporator varied from 7 to 207 units. The effectiveness 

of the working fluids increased, but not as significant as what was seen in the generator. It 

might be because of the low-temperature difference between two working media (the 

refrigerant flow and the water flow). More importantly, there was no sensitive heat transfer 

process between the refrigerant in the liquid state and the other working medium. As know, 

heat transfer coefficient between gas and liquid is low compared with liquid and liquid. 

Therefore, the overall heat transfer of the refrigerants at the evaporator was generally lower 

than at the generator. 

 Based on the ratio of the actual heat transfer area to the required heat transfer area that 

is shown in Figure 6.27,  the recommended 𝑁𝑝𝑙 value for the current working conditions at 

the evaporator (cooling capacity, temperature gradient, etc.) was from 125 to 165.  
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Figure 6.26 Heat transfer effectiveness of the evaporator. 

Figure 6.28 presents the heat transfer effectiveness of the refrigerants as a function of 

the condenser’s number of plates. Note that the generator and condenser consisted of the 

same plate size. The plate size somewhat has an impact on the heat transfer effectiveness. In 

the condenser, the heat was transferred from the refrigerant to the chilling water at three 

“parts” of the condenser: superheat, two-phase, and liquid. In the current study, the liquid 

part brings the refrigerant in the liquid state to 2 K of the subcooling degree. The subcooled 

liquid of the refrigerant at the condenser outlet was believed to ensure the refrigerant remains 

in the liquid state (to minimize the possible cavitation may occur in the pump) as it goes 

through the refrigerant pump. As expected, the liquid part is insignificant compared with the 

two other parts. The average heat transfer effectiveness of the condenser is generally lower 

than the generator but higher than the evaporator. Based on the heat transfer area ratio, the 

recommended value of 𝑁𝑝𝑙 of the condenser was 100 to 150 units. 
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Figure 6.27 Heat transfer area ratio at the evaporator. 

 

 

Figure 6.28 Average heat transfer effectiveness at the condenser. 
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 Pressure drops of the working fluids through the heat exchangers 

As presented in section 6.4, the system performance was sensitive to the saturation 

temperatures (or the working pressures), especially the working pressures at the evaporator 

outlet and condenser inlet. The pressure drop of the refrigerant flow through the heat 

exchangers could significantly influence the performance of the ejector. In this section, the 

pressure drops through the heat exchanger are discussed. The pressure drop was generalized 

by using a pressure drop per length unit. It is called specific pressure drop (Pa/m).  

Figure 6.29 presents the specific pressure drop of the generator as a function of the 

number of the plates. As seen, the specific pressure drops (Δ𝑃𝑠𝑝) of the working fluids were 

as high as 50 kPa when the 𝑁𝑝𝑙 was 7 units. The Δ𝑃𝑠𝑝 were quickly drop to 5÷6 kPa as 𝑁𝑝𝑙 

was 25. Δ𝑃𝑠𝑝 were then about 0.6÷0.7 kPa as 𝑁𝑝𝑙 was 125. Note that the pressure drop of the 

refrigerant flow caused by the heat exchanger’s ports is insignificant. For instance, this value 

for R1234yf was 3.2 Pa for the default operating conditions.  

The pressure drop through the generator does not have too much meaning to the 

performance of the system. The pressure drops of the working fluids were trivial as 𝑁𝑝𝑙 

exceeded 125 units, especially in comparison with the generator pressure. The refrigerant 

pump located next to the generator can easily compensate for the pressure drop caused by 

the generator.  

It is seen that among the refrigerants, R152a, and R600a offered the lowest pressure 

drop at the working conditions of the generator. The two high-performance HFOs (R1234yf, 

R1234ze(e)) also had favorable pressure drop.  
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Figure 6.29 Specific pressure drop at the generator as a function of the number of plates. 

Figure 6.30 shows the specific pressure drop at the evaporator as a function of the 

number of the plates. The pressure drops decreased with the number of plates, probably with 

less intensity compared with the case at the generator. The specific pressure loses of the 

working fluids remained high when the 𝑁𝑝𝑙 was increased to 125 units, about 400 to 800 

Pa/m. As can be observed in the figure, the pressure drop of R1234yf was the highest among 

the refrigerants. This is one of the most significant disadvantages of R1234yf, since the 

ejector performance is sensitive to the evaporator outlet pressure, as was discussed in section 

6.4.  
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Figure 6.30 Specific pressure drop at the evaporator as a function of the number of plates. 

As indicated in equations (3-60) to (3-62), besides the flow rate, plate dimensions of 

the channel pressure drops are influenced by the mass velocity of the flow and Fanning 

friction factors. The Fanning friction factors are determined by Re, We numbers, etc., as 

shown in chapter 3. Figure 6.31 presents the variations of the fluid mass velocity in the 

evaporator channel (𝐺𝑟,𝑐ℎ,𝑒) and the average Fanning friction factor (𝑓𝑟,𝑒,𝑎𝑣𝑒). The impact of 

the Fanning friction factors to the pressure drop in the evaporator seemed to be predominant. 

As seen, the variation of 𝐺𝑟,𝑐ℎ,𝑒 intensively dropped with 𝑁𝑝𝑙; when 𝑁𝑝𝑙 exceeded 100, the 

change became insignificant. While the average Fanning friction factor increased with the 

number of the plates in mostly a constant rate.  
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Figure 6.31 Mass velocity and Fanning friction factor as a function of the evaporator’s 

number of the plates.  

 

 

Figure 6.32 Specific pressure drop at the condenser as a function of the number of plates. 
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Figure 6.32 presents the relation of the specific pressure drop with the number of plates 

at the condenser. As expected, the channel pressure drops of the working fluids hugely 

decreased with the number of the plates. When 𝑁𝑝𝑙 reached 125 plates, the specific pressure 

drops of all the refrigerants were below 500 Pa/m. R1234yf again showed its disadvantage 

in this aspect. The ejector is sensitive to the condenser pressure inlet (ejector backpressure). 

However, the pressure drop caused by the condenser is quite trivial when the fluid mass 

velocity is small, or when the number of the plates is sufficient.   

 The influence of the heat exchangers’ size on the system performance 

The size of the heat exchangers (or the number of plates in this study) determines the 

heat transfer capability and the pressure drops. Based on the heat transfer area ratio (see the 

Appendices), the numbers of plates of the heat exchangers were recommended in Appendix 

3. 

 

Figure 6.33 The influence of the evaporator size on the system performance. 

As stated earlier, the pressure drop of the primary flow through the generator can be 

ignored since it can be easily compensated by the refrigerant pump at the upstream. The 

following text discusses the influence of the evaporator and condenser’s size on the system 

performance.  
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Figure 6.33 shows the association between the COP and the number of plates of the 

evaporator. As can be seen, the system COPs rapidly increased with the 𝑁𝑝𝑙,𝑒𝑣𝑎. It was 

because the pressure drops of the working fluids through the evaporator were considerably 

large since the mass rates per channel were high. As 𝑁𝑝𝑙,𝑒𝑣𝑎 exceeded about 30 units, the 

COPs of most of the selected working fluids did not noticeably vary. COPs of R1233zd(e) 

and R1234ze(z) still slightly improved as 𝑁𝑝𝑙,𝑒𝑣𝑎 went up to about 100 units. Note that, 

evaporation pressure of R1233zd(e) is low so a small amount of the pressure loss could be 

significant.  

Generally, the pressure loss through the evaporator was not an issue. Because the 

evaporator has to satisfy the heat transfer rate. The recommended 𝑁𝑝𝑙,𝑒𝑣𝑎 for it was 125 to 

165 units (as discussed in section 0). With this value, the pressure drop is not a concern with 

any selected working fluid.  

 

Figure 6.34 The influence of the condenser size on the system performance.  
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Figure 6.34 shows the influence of the condenser size on the system performance. A 

very similar manner of the COPs of the selected refrigerants was found. The two lowest 

performance fluids showed the impact of the condenser’s size until about 90 plates; while 

with other working fluids was only about 30 plates, there was no noticeable change. It can 

be concluded that the influence of the pressure loss through the heat exchangers should not 

be an issue. 

6.6 Conclusions 

The chapter assessed the selected fluids at several aspects. The behaviors of the system 

performance on the superheating amounts in the inlet flows were discussed. The influence 

of the heat exchangers’ size on the system performance was generally studied.  

From the experimental and mathematical work, it was found that the superheating in 

the primary and secondary flows was necessary and, inevitable. Superheating inlet flows 

help eliminating the phase change that possibly occurs as the flows go through complex 

expansions and shockwave inside the ejector. It is inevitable because of the suction effect at 

the secondary inlet, as explained in section 6.3. The superheating of the secondary flow 

resulted in a better COP, while the superheating of the primary flow caused a negative effect 

on COP since more heat was needed for driving the system. 

The operating temperatures tremendously affected the system performance. The COPs 

of all working fluids significantly increased with the saturation temperatures (or the working 

pressures) of the two inlet flows and decreased with the saturation temperature of the outlet 

flow at the condenser.  

The area ratios suggested that the use of a variable geometry ejector is necessary for 

maintaining favorable system performance at various operating conditions, especially with 

the low-performance working fluids R1233zd(e) and R1234ze(z). 

The size of the heat exchangers clearly influenced the heat transfer coefficient and the 

pressure loss of the refrigerant flows, in which the heat transfer coefficient was more 

important parameter. It was because the required number of plates in order to reach to 

ignorable pressure drop level were much less than the required plate number for the heat 

transfer rates. Of course, it depends on the working temperatures at the inlets and outlets of 

the heat exchangers.  
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Though the pressure drops thought heat exchangers could be significant, their impact 

on the ejector performance is quite trivial, especially when the numbers of plates were 

sufficient for the heat transfer tasks. 

It is found that R1234yf and R1234ze(e) were the qualified working fluids of the study. 

R1234yf had better overall performance than the other. However, its working pressures 

could be challenging as a much more robust system is required. R1234ze(e) is a reasonable 

choice in terms of performance and initial investment.  
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7 COMPARISON OF RESULTS BY 

THE MATHEMATICAL MODEL 

AND CFD  

Computational fluid dynamics enables the designer to simulate different working 

conditions in a short period of time. It obtains comprehensive information of the model with 

a relatively low cost compared with the experimental method.  Along with the other two 

methods, CFD was used frequently in studying ejector thanks to its advantages. For instance, 

the work of Pianthong et al. [25] on the impact of ejector geometry on the performance of 

ERS or Sriveerakul et al. [169] for predicting the performance of steam ejector. 

 The results of the assessments in the previous chapter showed that R1234ze(e) was 

the most reasonable working fluid. Thus, R1234ze(e) was used in a further study using CFD. 

Applying recommendations for steam-jet refrigeration equipment (Chapter 13 -ASHRAE 

guide and data book [170]),  the mathematical model could generate the optimal geometry 

for a specific set of operating conditions. 

Chapter 7 presents a quick look at using CFD tool for validating the ejector geometry 

generated by the mathematical model. The program Ansys Fluent is the industry-leading 

fluid simulation software [171]. It is integrated real gas based data (NIST real gas models) 

of many working fluids. Simulation using real gas based data could be highly beneficial with 

the complex flows, including shockwaves, highly turbulent, in the ejectors.   

7.1 Methodology for the ejector simulating 

Several turbulent models were found to be suitable for the compressible flow model. 

RNG (Renormalization-group) k-epsilon and k-omega-SST (shear-stress transport) are the 

best for simulating high-velocity flow in the ejector [167]; RNG-k-epsilon model was 

believed to better predict ejector entrainment ratio and shockwave structure compared with 
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the other turbulent model [61, 67, 172]. Zhu et al. [67] found that RNG-k-epsilon model 

agreed best with the experiments. Furthermore, RNG-k-epsilon model does not require a 

very fine mesh, its recommended y+ are 30÷200. As consequence, it needs less calculating 

time (computing resource) compared with k-omega-SST. Thus RNG-k-epsilon model was 

selected in the current work.  

The enhanced wall treatment was applied to obtain a more accurate representation of the 

flow in the near-wall regions. The enhanced wall functions can be used with coasted meshes 

as well as fine meshes without causing an excessive error [173]. The enhanced wall functions 

were proved to be suitable for the near-wall treatment of the supersonic ejectors [160, 174]. 

When wall functions are used, it is recommended to have the meshes with the non-

dimensional distance (y+) in the range 30÷200 at near-wall grid [173]. When an omega-based 

turbulent model is selected, near-wall meshes with y+ ~1 is recommended [173]. That results 

in excessively fine meshes and thus, much more computing resource is required.  

Table 7.1 Details of the model setup. 

Domain 2-D axisymmetric 

Turbulent viscosity model RNG k-epsilon 

Near-wall function  Enhanced wall functions 

Working fluid R1234ze(e) – Real gas NIST model 

Boundary conditions 
- Pressure inlet at the two inlets 

- Pressure outlet at the outlet 
 

 

The pressure-based coupled solver was used in the current study since it showed great 

stability and computing-resource saving compared with the density-based solver [41]. The 

ejector was modeled as a two-dimensional problem, with the domain is axisymmetric about 

the horizontal axis. Pressure boundary conditions were applied at the two ejector inlets and 

the outlet. The NIST database was used to improve the result accuracy. Table 7.1 and Table 

7.2 present the more detailed setups and solutions for the ejector model.  
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Table 7.2 Details of the model solutions. 

Solution methods  

- Pressure-velocity 

coupling 
Coupled 

- Spatial discretization Second order Upwind 

Solution controls 
Under-relaxation factors were adjusted during the 

simulations 

Convergent criteria Residuals < 10-6 
 

7.2 Comparison of viscous turbulence models 

As discussed above, RNG k-epsilon and SST k-omega were considered as the most 

suitable for simulating high compressible flow. This section gives a quick comparison 

between these two turbulence models. Excepts for the selected turbulence models, the setups 

for the two simulations were identical. Table 7.3 shows that the two turbulence models 

predicted the mostly the same value of the primary mass flow rate, the difference between 

them was 0.2 g/s. The difference between the secondary mass flow rates between the two 

turbulence models was more considerable. Please note that the simulations were executed 

with a mesh size of about 60 thousand cells. The mesh density was certainly insufficient for 

the SST k-omega model. A primary requirement of this model is that the non-dimensional 

wall distance should be around 1 since no near-wall treatment function is available for this 

turbulence model. 

Table 7.3 The inlet mass flow rates of the two turbulence models. 

 

 RNG k-epsilon SST k-omega  

𝑚̇𝑔 (g/s) 68.6 68.4 

𝑚̇𝑒 (g/s) 33.1 31.3 
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RNG k-epsilon

SST k-omega

 

 

Figure 7.1 Mach contour comparison between SST k-omega and RNG k-epsilon model. 

Figure 7.1 presents the Mach contours of the two turbulence models. It is difficult to 

pinpoint the differences between the two contours. Both show a series of four shockwaves 

of the primary flow at the primary nozzle downstream. The location of the shockwaves 

between the two models were, however, shifted by a little. It can be observed in the chart of 

Mach value on the x-axis. Besides, their shocks’ intensities were slightly different from each 

other. The shockwaves of RNG k-epsilon seemed to be more intense compared with the 

other model. Therefore, the Mach differences between the two models became more 

significant after every shock.  
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The most noticeable difference between the two models was in the constant area 

section of the ejector. The shockwave of the mixed flow at the end of the constant area 

section of the two models was also considerably dissimilar. In the RNG k-epsilon model, the 

shock occurred at the very end of the constant area section; while in the other model, the 

major shock took place somewhere within the constant area section, then another less-

intensive shock right at the end of the section. The intensity of the shockwaves was clearly 

illustrated in the chart.  

Based on the analyses above and the results from the literature (presented in section 

7.1), the RNG k-epsilon model was selected to carry on the next steps of this study. 

7.3 Mesh and mesh independence study for the simulation  

 

 

Figure 7.2 The generated mesh by Ansys Mesher. 

Figure 7.2 shows part of the computational grid, which was generated in Ansys 

Mesher. The Ansys Mesher is a sufficient tool for simple geometry like the two-dimensional 

ejector model. The mesh was made of structured quadrilateral elements. The grid density at 

the ejector walls was high to ensure the non-dimensional distance remain at ~30÷50. 
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Besides, other quality indicators showed that the generated mesh was adequate for acquiring 

high accurate simulations. For example, the aspect ratio of the mesh was mostly less than 3 

and did not exceed 10, the mesh skewness was typically 10-9. It was observed in this work, 

aspect ratio/mesh quality affect greatly to the computational convergence (and also to the 

accuracy). 

The mesh independence study was conducted with nine different mesh sizes of the 2D 

ejector model. The size varied from 15×103÷90×103 cells. Figure 7.3 shows the impact of 

the grid size on the inlet flow rates (𝑚̇𝑔 and 𝑚̇𝑒). As can be seen, the secondary mass flow 

rate varied more significantly in comparison with the other mass flow rate. 𝑚̇𝑔 remained at 

~68.6g in this particular working conditions. The model could well predict the primary flow 

rate already with a coast mesh (15×103 cells). However, 𝑚̇𝑒 varied from 31.49g to 33.34g, 

or about 5.9% difference in the entire mesh size range. The change of 𝑚̇𝑒 was quite trivial 

when the mesh exceeded 60×103 cells. 

 

Figure 7.3 Impact of the grid size on the mass flow rates.  

 Figure 7.4 shows the variation of the ejector entrainment ratio with the mesh size. The 

ER was fairly consistent at different grid sizes of the ejector model. The ER insignificantly 

varied the mesh size range of 60×103÷90×103. In this size range, the difference of ER values 

between two adjacent mesh sizes was only 0.1÷0.2%.  
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Figure 7.4 Variation of the entrainment ratio with the mesh size. 

The mesh independence study proposed that 60×103÷70×103 cells should be the 

reasonable size of the mesh sizes for the current ejector model. Finer mesh could not offer 

any noticeable benefit; while it requires considerable computing resources, especially with 

simulations using the real gas database.  

7.4 Comparing of the mathematical model and CFD simulation 

The working conditions and the desired cooling capacity were used as the input 

parameters of the mathematical model. The obtained ejector geometry and operating 

conditions from the mathematical model were used to generate the corresponding ejector 

model in Ansys Fluent. The mass flow rates from the CFD simulation was then compared 

with the results of the mathematical work.  

Table 7.4 Working conditions of ERS for the comparison. 
 

 𝑻𝒈,𝒔𝒂𝒕  / 𝑷𝒈  𝑻𝒆,𝒔𝒂𝒕 / 𝑷𝒆  𝑻𝒄,𝒔𝒂𝒕 / 𝑷𝒄  𝚫𝑻𝒈,𝒔𝒉  𝚫𝑻𝒆,𝒔𝒉  

Set 1 83 °C / 21.4 bara 10 °C / 3.09 bara 34 °C / 6.5 bara 7 K 2 K 

Set 2 85 °C / 22.1 bara 10 °C / 3.09 bara 30.2°C / 5.81 bara 5.1 K 1 K 
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Two sets of the working conditions were selected for the study, as showed in Table 

7.4. The designed cooling capacity of the ejector cooling system of both sets was 5 kW and 

R1234ze(e) was used as the working fluid. Figure 7.5 presents the dimensions of the ejector 

for the first set of working conditions.   

6.92 25.7237.1 51.52R 1.743

R 2.175 R 5.225 R 7.975

 

Figure 7.5 Dimensions of the ejector (mm). 

Figure 7.6 compares the results from the two methods. It shows that the secondary 

flow rates of the two methods well agreed with each other. Since the cooling capacity was 

set at 5 kW and the operating conditions at the evaporator were similar for both sets, the 

secondary flow rates of both cases were similar. However, it not the case for the primary 

flow rates. That was the major reason for the entrainment ratio differences between the two 

methods. Nevertheless, the deviations of these parameters were within 10% 

 

Figure 7.6 Comparison between the mathematical and CFD model. 

These brief comparisons were aimed for quick validation of the mathematical model, 

specified on the ejector performance. Certainly, further investigations, including 

experimental work, are needed to confirm the validity of the results.  
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8 CONCLUSIONS AND FUTURE 

WORKS 

8.1 Conclusions 

The largest share of electricity consumption in buildings is the consumption of space 

cooling; and space cooling is a major source of carbon dioxide emissions. Reducing the 

emission of CO2 and greenhouse gases could slow down the climate change. Ejector cooling 

technology using low GWP100 index refrigerant could perfectly fit in to the efforts for 

inverse the current climate trend.  

The final goal of current research using various methods was thermal design of an 

ejector cooling system with a novel refrigerant as the working fluid. An experimental method 

was implemented to study the influence of key factors on the system performance. The 

experimental results were used as references for the mathematical model. In the numerical 

works, a detailed model of the ejector cooling cycle, including the phase change processes 

in the heat exchangers, was built. The mathematical model was employed to access the 

selected working. Afterwards, an ejector model in Ansys Fluent with the qualified refrigerant 

as the working fluid was built to validate the mathematical model.  

 The experimental work 

The thermocouples and pyranometer of the test rig were carefully calibrated. The 

uncertainty analyses were performed to ensure the validity of experimental results. Looking 

at the results obtained, it is clear that the system was extremely stable during the tests.  

The study investigated the effect of the nozzle exit position and spindle position on the 

performance of the solar thermal energy driven ERS. It was found that the influence of the 

NXP strongly depends on the primary inlet pressure. At the highest-pressure level tested 

(12.2 bar), the COP was significantly varied with the NXP; while at the low-pressure level 

(8.6 bar), the influence of the NXP was mostly unnoticeable. The spindle position affected 

all operating parameters, including the generator pressure, mass flow rates, system 
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performance and cooling capacity. The SP can be adjusted to obtain an optimal performance 

in various operating conditions. The improvement of the COP was up to 42% compared to 

a similar system using a fixed geometry ejector. It has been found that the COP can be further 

improved by independent control of the primary flow rate/spindle position and the primary 

inlet pressure. Experimental results also showed great stability of the system, although it 

operated under partially cloudy days with interruption of sunlight for up to about 30 minutes. 

The results revealed the possibility of improving the design of the variable geometry 

ejector in terms of simplicity and cost efficiency. The optimal nozzle exit position of the 

current ejector was 5 mm. The observations during the experiments suggested that there is 

an optimal value of the NXP for each ejector design regardless of the primary pressure 

variation. Therefore, using an ejector with variable spindle position (with fixed NXP) could 

simplify the design without significantly compromising on system performance. 

The experiments also revealed interesting behavior of the secondary pressure inlet in 

off-design mode of operation. When the backpressure was increased in the off-design 

regime, the secondary pressure had the exactly opposite trend. It is very interesting 

phenomenon and the author would expect to see further studies on it.  

 The numerical works 

The mathematical model was built in the EES program. It was modeled in detail using 

the real gas database to achieve high accuracy. This model allows a comprehensive study, 

including a study of the effects of the superheat on the primary and secondary flows on the 

system performance, a study of the heat transfer efficiency at different operation 

temperatures and pressures of the heat exchangers, the chevron angle of the plates for 

pressure drop and heat transfer coefficient and much more.  

Seven working fluids were assessed by a series of parameter study. The common HFC-

152a and HFC-134a, HC-600a were used as references to compare with four HFOs: 

R1234yf, R1234ze(e), R1234ze(z), and R1233zd(e).  

The results showed that the performance of the fluids somewhat influenced by the 

amount of superheating in the inlet flows. The present of superheat in the inlet flows is 

necessary for the ejector operating stability.  

Overall, the operating temperatures extremely influenced the system performance, 

especially condenser temperature. For example, as 𝑇𝑐,𝑠𝑎𝑡 ranged from 29÷39°C, the 
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𝐶𝑂𝑃𝑅1234𝑧𝑒(𝑒) dropped from 0.52 to 0.17. Or when 𝑇𝑔,𝑠𝑎𝑡 went from 63 to 94.5°C, the 

𝐶𝑂𝑃𝑅1234𝑦𝑓 increased threefold, from 0.143 to 0.454.  

R1234yf and R1234ze(e) were qualified as the most suitable working fluids in this 

study. R1234yf was the most promising HFO working fluid in the terms of performance. 

However, the high working pressure in the generator can be a disadvantage because it 

requires a robust system. R1234ze(e) is a more suitable choice in terms of the system 

performance and robustness. R1234ze(z) and R1233zd(e) in many respects were not decent 

candidates for ejector cooling technology.  

The study also indicated that sufficient generator temperatures (𝑇𝑔,𝑠𝑎𝑡 > 80°𝐶) is 

better compared with a low-grade driven heat source since it requires a significantly lower 

heat input. 

According to the current study, the size of the heat exchangers clearly affected the heat 

transfer coefficient and the pressure loss of the refrigerant flows. However, the pressure 

drops though the heat exchanger became insignificant when the heat exchanger sizes were 

increased to meet the requirements for the heat transfer capacity. The heat transfer capacity 

was the decisive factor in selecting heat exchangers for ejector cooling cycle. In future work, 

detailed studies of the plate geometry and operating temperatures of hot and cold fluids 

should be carried out in order to better understand this issue.  

8.2 Future works 

During the experimental work, it was noticed that the test rig can be improved by 

improving three components: the circulating pump, the expansion valve, and the flowmeters.  

Although the proposed pressure head of the circulating pump of the experimental rig 

is 16 bar, it could only work properly with a pressure of up to about 13 bar. As the pump 

speed was increased to obtain a higher-pressure head, the pressure head dropped, and 

cavitation occurred in the pump. Using a seal-less diaphragm pump could generate much 

higher-pressure head (hundreds of bar) compared with a centrifugal pump. Also, the use of 

a seal-less pump does not create impurities for the working fluid, which leads to another 

problem as discussed below.  

The worn-out graphite in the centrifugal pump could cause the expansion valve to 

block. Most likely, fraction of worn-out graphite became the impurity in the working fluid, 
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which was trapped in the needle of the expansion valve. Consequently, the expansion valve 

sometimes did not work properly. The flowrate to the evaporator was not sufficient, and its 

pressure was only 0.3 to 0.7 bar, instead of 1.1 to 1.2 bar. The cooling capacity was lower 

than usual. Therefore, it is recommended to use a filter in front of the expansion valve. 

The measurement of the gas flow in the ejector cooling cycle could be improved. 

Variable area flowmeters could achieve high accuracy in most of operating conditions. 

However, when they work in a lower working range, the measured value significantly 

fluctuated. This could lead to high measurement uncertainty. With the setting of the test rig, 

it is assumed that the COP can be calculated more accurately using data from water cycles. 

Therefore, it is no necessary to use gas flowmeters in the ejector cooling cycle. It helps 

reduce costs and pressure drops caused by gas flowmeters.  

The mathematical model should be more carefully verified with experimental study as 

a whole unit (entire cycle). The mathematical model of the ejector has been verified by 

experimental work, but it is not sufficient to ensure the validity of the entire ejector cooling 

cycle. The experimental test rig of the future work should be designed to allow validation of 

the mathematical model of heat exchangers. 

There are some more parameters that need to be explored to improve the heat 

exchangers used in ejector cooling technology, e.g., the chevron corrugation angle, plate 

thermal conductivity, plate thickness. It would be interesting to observe how these 

parameters affect the pressure drop and heat transfer coefficient of the heat exchangers and 

the performance of the cooling cycle. 

The computational fluid dynamics can be used to optimize the ejector geometry. For 

example, Ansys DesignXplorer is a powerful tool for design optimization using automatic 

parametric analysis.  
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APPENDICES 

APPENDIX 1 THE MATHEMATICAL MODEL OF THE EJECTOR 

COOLING CYCLE IN EES PROGRAM  

The mathematical model of the ejector cooling cycle with R1234yf as the working 

fluid, with the standard operating condition of the current study.  

 

"===========The working fluid=============" 
  
Fluid$=   'R1234yf' " working refrigerant" 
  
  
"===========INPUT HEXs GEOMETRY=============" 
 "============Chevron corrugation===============" 
   
  
 "GENERATOR" 
   "-----Plate geometry: ST12(Schmith) ------------" 
 theta = 60 [Deg]  "inclination angle - Note: the work follows 
the geometry of Muley et. at paper,  " 
 t = 0.0006 [m] "thickness of the plate" 
lambda_g = 0.0068 [m] "size of corrugation pitch" 
pit_g = 0.0028 [m] " currugation pitch" 
b_g  = (pit_g-t)   "mean channel spacing" 
D_p_g = 0.055 [m] "Port diameter" 
L_v_g = 0.485 [m] "effective flow length between the vertical 
ports" 
L_w_g = 0.245 [m] "plate width" 
N_pl_g = 37 "Usable number of plates - usually is odd 
number" 
A_pl_g = phi_pl_g*L_w_g*(L_v_g - D_p_g) "area of one plate" 
A_tot_g = A_pl_g*N_pl_g "Total area of hx - generator" 
A_ch_g = b_g*L_w_g "One channel flow area" 
  
k_pl_g = 16.27 [W/m-K] "the conductivity value of stainless plate" 
 fou_tot_g = (0.00053+0.00018) [m^2*K/W] "fouling factor,  River water = 0.00053 
m^2*K/W (Average of river water) and assume refrigerant side averaged at 0.00018 [m^2*K/W] 
nature gas  (Marner and Suitor 1987)" 
  
 "EVAPORATOR " 
   "-----Plate geometry: ST03 (Schmith) ------------" 
lambda_e = 0.0068 [m] "size of corrugation pitch" 
pit_e = 0.0025 [m] " currugation pitch" 
b_e  = (pit_e-t)   "mean channel spacing" 
D_p_e = 0.03 [m] "Port diameter" 
 L_v_e = 0.25 [m] "effective flow length between the vertical 
ports" 
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 L_w_e = 0.095 [m] "plate width" 
N_pl_e = 29 "number of plates - usually is odd number" 
A_pl_e = phi_pl_e*L_w_e*(L_v_e - D_p_e) "area of one plate" 
A_tot_e = A_pl_e*N_pl_e "Total area of hx - evaporator" 
A_ch_e = b_e*L_w_e "One channel flow area" 
k_pl_e = 16.27 [W/m-K] "the conductivity value of stainless plate" 
fou_tot_e =  (0.00053+0.00018)  [m^2*K/W]  
  
 "CONDENSER" 
   "-----Plate geometry: ST12 (Schmith) ------------" 
lambda_c = 0.0068 [m] "size of corrugation pitch" 
pit_c = 0.0028 [m] " currugation pitch" 
b_c  = (pit_c-t)   "mean channel spacing" 
D_p_c = 0.055 [m] "Port diameter" 
 L_v_c = 0.485 [m] "effective flow length between the vertical 
ports" 
 L_w_c = 0.245 [m] "plate width" 
N_pl_c = 49 "number of useful plates - usually is odd 
number" 
A_pl_c = phi_pl_c*L_w_c*(L_v_c - D_p_c) "area of one plate" 
A_tot_c = A_pl_c*N_pl_c "Total area of hx" 
A_ch_c = b_c*L_w_c "One channel flow area" 
k_pl_c = 16.27 [W/m-K] "the conductivity value of stainless plate" 
fou_tot_c =  ( 0.00053+0.00018) [m^2*K/W]  
  
"===========Operating condition=============" 
  
Q_dot_e_tot=5000 [W] " desired cooling power" 
  
"Working conditions Input parameters" 
T_g_tp = 83  [C] "saturated vapor temp. at the outlet 
generator" 
DeltaT_sh_g = 7 [C] "degree of Superheat  " 
T_g = T_g_tp + DeltaT_sh_g "generator temperature"
  
T_g_K=converttemp('C', 'K', T_g) 
  
T_c_tp = 34  [c] "condensation temp "  
T_c= T_c_tp- DeltaT_sc_c "condenser temperature outlet - " 
T_c_K=converttemp('C', 'K', T_c) 
DeltaT_sc_c = 2 [C] "subcooled degree of refri. at condenser 
outlet" 
  
T_e_tp= 10 [c] 
T_e_tp_K=converttemp('C', 'K', T_e_tp) 
DeltaT_sh_e = 2 [C] "degree of Superheat" 
T_e = T_e_tp + DeltaT_sh_e 
 T_e_K=converttemp('C', 'K', T_e) 
  
  "===========ejector efficiencies=============" 
"The ejector efficiencies were selected based on references in the literature and the results from the 
current experimental work" 
eta_t=0.8 "nozzle eficiency" 
eta_s=0.85 "entrainment efficiency" 
eta_dif=0.8 "diffuser efficiency" 
phi_p=0.88 " viscosity effect at the boundary " 
phi_m= 0.84 "mixing coefficient" 
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 "===========EJECTOR=============" 
"Pressure  outlets at the heat exchangers" 
p_g=pressure(Fluid$,T=T_g_tp,x=1)  
p_c = pressure(Fluid$, T = T_c_tp, x = 0)  " pressure at condenser outlet " 
p_e= pressure(Fluid$,T=T_e_tp,x=1) -  DeltaP_e_cal 
  
"Pressure Inlets at the heat exchangers" 
 P_p =   P_g + DeltaP_g_cal "Required pressure outlet of Pump" 
P_v = pressure(Fluid$,T=T_e_tp,x=1)  "Pressure outlet of expansion valve" 
  p_d = p_c + DeltaP_c_cal  " pressure at diffuser, including the 
pressure drop through condenser " 
  
T_d_tp = temperature(Fluid$, P = P_d, x =1)  "saturated  temp. at the diffusor outlet- 
ejector "  
DeltaT_d_sh  = T_d - T_d_tp  "degree of Superheat, should not be a input 
parameter " 
  
A_t=pi*(d_t^2)/4 "cross section at the nozzle" 
A_noz_ex=A_ratio*A_t "Nozzle exit area" 
d_noz_ex=sqrt(4*A_noz_ex/pi) 
  
 R_univ= 8314.472  [J/kmol-K] "universal gas constant KJ/MolK" 
  
 h_g=enthalpy(Fluid$,T=T_g,P=p_g) "enthalpy in the generator" 
   
h_e=enthalpy(Fluid$,T=T_e,P=p_e) "enthalpy at evaporator outlet" 
rho_r_g_sh=density(Fluid$,T=T_g,P=p_g) "fluid density leaving the generator" 
  
cp_t=cp(Fluid$,T=T_g,P=p_g) "specific heat at constant pressure" 
cv_t=cv(Fluid$,T=T_g,P=p_g) "specific heat at constant volume" 
kappa=cp_t/cv_t "specific heat ratio" 
R_fluid=R_univ/mass "gas constant of the fluid, kJ/kgK" 
mass = molarmass(Fluid$)  
  
"Primary nozzle equations" 
m_dot_g_R=(A_t*p_g/sqrt(T_g_K))*sqrt(eta_t*((kappa/R_fluid)*((2/(kappa+1))^((kappa+1)/(kappa-
1)))))  "mass flow rate in the nozzle according to Huang et al. , eq.(1)" 
A_noz_ex=(A_t/Ma_noz_ex)*((2/(kappa+1))*(1+((kappa-1)/2)*(Ma_noz_ex^2)))^(((kappa+1)/(kappa-
1))/2)  "eq.(2)" 
p_noz_ex=p_g/(1+((kappa-1)/2)*(Ma_noz_ex^2))^(kappa/(kappa-1))  "pressure at nozzle exit, eq (3)" 
 p_noz_ex=p_e "optimal working conditions - primary 
works at critical point/ the column shaped hypothesis " 
  
"Mixing section" 
  
Ma_s2=1 
p_s2=p_e*(1+((kappa-1)/2)*(Ma_s2^2))^(-kappa/(kappa-1))     "pressure os secondary flow at section 
y - y, eq.6" 
p_p2=p_s2 
p_p2= p_g*(1+((kappa-1)/2)*(Ma_p2^2))^((-kappa)/(kappa-1))           "pressure of primary flow at 
section 2, eq.4" 
A_p2=phi_p*A_t/Ma_p2*((2/(kappa+1))*(1+((kappa-1)/2)*(Ma_p2^2)))^(((kappa+1)/(kappa-1))/2)   
"primary flow area at section 2, eq.5 " 
d_p2=sqrt(4*A_p2/pi) 
A_2=A_p2+A_s2 "Total area  at section 2, eq.8" 
A_2=pi*d_2^2/4 
d_ratio=d_2/d_t 
A_ratio_t=A_2/A_t 
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m_dot_e_R=(A_s2*p_e/sqrt(T_e_K))*sqrt(eta_s*((kappa/R_fluid)*((2/(kappa+1))^((kappa+1)/(kappa
-1)))))   "mass flow rate in the nozzle according to 
Huang et al.1998, eq. 7" 
  
  
T_p2_K=(T_g_K)/(1+((kappa-1)/2)*(Ma_p2^2)) "temperature of primary flow at 2 in K, eq. 
9." 
  
T_p2=converttemp('K', 'C', T_p2_K) "temperature of primary flow at 2 in ºC, eq. 
9."  
T_s2_K=T_e_K/(1+((kappa-1)/2)*(Ma_s2^2)) "temperature of secondary flow at 2 in K, 
eq. 10" 
T_s2=converttemp('K', 'C', T_s2_K) "temperature of secondary flow at 2 in ºC, 
eq. 10" 
   
Mom_p2=m_dot_g_R*v_p2 
Mom_s2=m_dot_e_R*v_s2 
Mom_m=(m_dot_g_R+m_dot_e_R)*v_m 
v_m=(v_p2+ER*v_s2)*sqrt(phi_m)/(1+ER) "eq 5 Yu - Paper: Application of an ejector in 
autocascade refrigeration cycle for the performance improvement" 
v_p2=Ma_p2*sqrt(kappa*R_fluid*T_p2_K)   "eq. 13" 
v_s2=Ma_s2*sqrt(kappa*R_fluid*T_s2_K) "eq. 14"  
cp_mix=cp_t 
  
(m_dot_g_R+m_dot_e_R)*(T_m_K*cp_mix+0.5*(v_m)^2)=m_dot_g_R*(T_p2_K*cp_mix+0.5*(v_p2)^2)+m
_dot_e_R*(T_s2_K*cp_mix+0.5*(v_s2)^2)  "energy balance in the mixing section, eq. 12" 
T_m_K=converttemp('C', 'K', T_m) 
Ma_m=v_m/sqrt(kappa*R_fluid*T_m_k) "eq. 15" 
  
"Shock wave" 
  
p_sh=p_p2*(1+(2/(kappa+1))*kappa*((Ma_m^2)-1)) "Pressure after the shock wave, eq. 16" 
Ma_sh^2=(1+((kappa-1)/2)*(Ma_m^2))/(kappa*(Ma_m^2)-((kappa-1)/2))  "eq. 17 " 
   
"Diffuser" 
    
p_d=p_sh*(1+eta_dif*((kappa-1)/2)*(Ma_sh^2))^(kappa/(kappa-1)) " ejector exit pressure, eq. 18" 
  
  
h_d=(m_dot_g_R*h_g+m_dot_e_R*h_e)/(m_dot_g_R+m_dot_e_R) 
  
T_d = temperature(Fluid$,P=p_d,h=h_d)  "temp. at diffusor outlet" 
  
  
h_c=enthalpy(Fluid$,T=T_c,x=0) "enthalpy at condeser outlet - replaced with 
other equ. " 
Q_dot_c_tot=(m_dot_g_R+m_dot_e_R)*(h_d-h_c) "condenser power output" 
  
"Pump power" 
  
W_pump=(P_p - p_c)*m_dot_g_R/(0.5*(density(Fluid$,T=T_c, P=p_c) +density(Fluid$,T=T_g, P=p_g)))     
"required pump power, P_g is replaced by P_p" 
   
 "Generator equations" 
Q_vol_g=m_dot_g_R/rho_r_g_sh "volumetric flow rate from generator" 
h_p=h_c+W_pump/m_dot_g_R "generator inlet enthalpy" 
Q_dot_g_tot=m_dot_g_R*(h_g-h_p) "generator power" 
  
"Evaporator equations" 
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h_v=h_c "assumed: enthalpy conservation before 
and after the valve - enthalpy at expansion outlet" 
m_dot_e_R=Q_dot_e_tot/(h_e-h_v) "secondary mass flow rate -  the energy 
conservation assumtion may cause the inconsistency" 
rho_e=density(Fluid$,T=T_e,P = P_e) " evaporator pressure outlet = rho_r_e_sh" 
Q_vol_e=m_dot_e_R/rho_e "volumetric flow rate" 
  
"Entrainment ratio and COP" 
ER=m_dot_e_R/m_dot_g_R 
COP=Q_dot_e_tot/Q_dot_g_tot "cooling cycle COP" 
  
  
"Other ejectors' dimensions - from ASHRAE Handbook - Chapter 13, “Steam-Jet Refrigeration 
Equipment”, American Society of Heating, Refrigerating and Air-Conditioning Engineers," 
 alfa_diff=10 [deg] "diffuser angle in degrees" 
alfa_conv=7 [deg] "suction side convergence angle" 
  
L_t=8*(d_noz_ex-d_t) "primary nozzle tapper length" 
  
L_diff=7*d_2 "diffuser length" 
d_diff=d_2+L_diff/6 "diffuser diameter" 
  
d_conv=1.42*d_2 
L_x=12*(d_conv-d_2) "length from primary nozzle exit to 
constant area section" 
  
L_m_min=3*d_2 "minimum length of the constant area 
section" 
L_m_max=4*d_2 "maximum length of the constant area 
section" 
  
d_sec_inlet=d_conv+2*L_t*tan(alfa_conv) "suction inlet diameter" 
  
L_tale_min=L_x+L_m_min+L_diff "tail length" 
L_tale_max=L_x+L_m_max+L_diff "tail length" 
   
 "=====================GENERATOR - counterflow=========================" 
N_cp_g = (N_pl_g - 1)/(2*N_p) "Number of channel per pass ( for each 
working fluid)" 
 N_p =1 [-] "Number of pass" 
x_g = pi*b_g/lambda_g 
 phi_pl_g = (1+(1+x_g^2)^0.5+4*(1+(x_g^2)/2)^0.5)/6 " enlargement factor of plate" 
  
 "Define the D_h_g" 
D_h_g = (4*b_g*L_w_g)/(2*(b_g+L_w_g*phi_pl_g)) 
rho_r_g_l = density(Fluid$, T = T_c, P = P_p) "density at the pump outlet - Assume that 
there is no heat gain by the pump" 
  
 "in Water side"  
  
F2$='Water' "usually is water" 
T_w_g_in = T_g+4 
  
T_w_g_out =T_g+1 
 P_w_g = 320000 [Pa]  "absolute pressure in the heat supply cycle, 
~ 3.2 Bara" 
 h_w_g_in = enthalpy(F2$, P= P_w_g, T=T_w_g_in) "w stand for water" 
 h_w_g_out = enthalpy(F2$, P= P_w_g, T=T_w_g_out) 
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 mu_w_g = viscosity(F2$,P= P_w_g, T= (T_w_g_in+T_w_g_out)/2) "dyna. viscosity of water, average 
value is used" 
  
Pr_w_g = prandtl(F2$, T = (T_w_g_in+T_w_g_out)/2, P = P_w_g) 
   
"Enthalpies of the fluids" 
 h_g_tpv = enthalpy(Fluid$, P= P_g, x=1) 
h_g_tpL =  enthalpy(Fluid$, P= P_p, x= 0) "enthalpy of saturated liquid - at the 
beginning of phase-change process" 
  
Q_dot_g_tot = m_dot_w_g*(h_w_g_in - h_w_g_out) 
  
"Heat capacity rates" 
Q_dot_g_sh = m_dot_g_R*(h_g - h_g_tpv) "heat transfer rate of superheat section" 
  
 Q_dot_g_sh = m_dot_w_g*C_w_g_sh*(converttemp('C', 'K', T_w_g_in) - converttemp('C', 'K', 
T_w_g_in_tp)) "T_w_g_in_tp is the water temp when refri reaches saturatured temperature" 
  
Q_dot_g_tp = m_dot_g_R*( h_g_tpv - h_g_tpL) "heat flow rate of phase-change process" 
Q_dot_g_tp = m_dot_w_g*Cp_w_g_tp*(T_w_g_in_tp - T_w_g_out_tp) "T_w_g_out_tp is the water temp at 
refri. Liquid saturatured temperature"  
  
Q_dot_g_L = m_dot_g_R*(h_g_tpL - h_p) "heat flow rate at the section where the 
coolant gains tempurature to saturated T_g_tpL: process" 
Q_dot_g_L = m_dot_w_g*C_w_g_L*( T_w_g_out_tp - T_w_g_out)  
  
Cp_w_g_tp = cp(F2$, T = (T_w_g_in_tp + T_w_g_out_tp)/2,P = P_w_g) 
C_w_g_L = cp(F2$, T = (T_w_g_out_tp + T_w_g_out)/2,P = P_w_g) 
   
 "The heat flow rate ratio" 
R_Q_g_sh = Q_dot_g_sh/Q_dot_g_tot "Ratio of heat flow rate at super heat 
section" 
R_Q_g_tp = Q_dot_g_tp/Q_dot_g_tot "Ratio of heat flow rate at phase change 
section" 
R_Q_g_L = Q_dot_g_L/Q_dot_g_tot "Ratio of heat flow rate at senitive heat 
(temperature gain at liquid state) section" 
  
  
  "============Pressure drop and heat transfer - Water side===========" 
  
"Applying the Muley correlation for Re > 1000" 
Nu_w_g = (2.668-0.006967*theta+7.244*10^(-5)*theta^2 )*(20.78-50.94*phi_pl_g+41.16*phi_pl_g^2-
10.51*phi_pl_g^3 )*Re_w_g^((0.728+0.0543*sin((pi*theta/45)+3.7)) ) *Pr_w_g^(1/3)  
  
f_w_g =   (2.917-0.1277*theta+2.016*10^(-3)*theta^2 )*(5.474-19.02*phi_pl_g+18.93*phi_pl_g^2-
5.341*phi_pl_g^3)*Re_w_g^(-(0.2+0.0577*sin((pi*theta/45)+2.1))) "Muley colleration for Re > 1000, 
turbulent flow" 
  
 "Frictional channel Pressure drops" 
DeltaP_w_g = 4*f_w_g*L_v_g*N_p*G_w_ch_g^2/(2*rho_w_g*D_h_g)"equ. 11.20 in heat exchanger" 
rho_w_g = density(F2$, T = T_w_g_in/2+T_w_g_out/2, P = (P_w_g ))
  
DeltaP_w_g_sh = DeltaP_w_g*R_Q_g_sh 
 DeltaP_w_g_tp = DeltaP_w_g*R_Q_g_tp 
  
 "Port pressure drop" 
DeltaP_w_g_p = 1.5*N_p*G_P_w_g^2/(2*density(F2$, T = (T_w_g_in+ T_w_g_out)/2, P = P_w_g)) 
  
G_P_w_g = m_dot_w_g/(pi*D_p_g^2/4) 



Chapter 0: Appendices 

  209 

  
 "Total pressure drop in water side is sum of channel and port pressure, others can be ignored " 
DeltaP_w_g_tot = DeltaP_w_g + DeltaP_w_g_p 
  
 "HEAT TRANSFER ANALYSIS" 
  
"Mass flow rate per channel" 
m_dot_w_g_ch = m_dot_w_g/N_cp_g "mass flow rate per channel" 
G_w_ch_g = m_dot_w_g_ch/A_ch_g "The mass velocity" 
  
Re_w_g = G_w_ch_g*D_h_g/mu_w_g "Reynold number (Assumed that Re_w_g 
does not vary much)" 
  
  
k_w_g = conductivity(F2$, P= P_w_g, T= (T_w_g_in+T_w_g_out)/2) "Thermal conductivity of water" 
  
he_w_g = Nu_w_g*k_w_g/D_h_g "Heat transfer convection coefficient in 
water side" 
     
 "=============Pressure drop and heat transfer - refrigerant side===========" 
  
m_dot_g_R_ch = m_dot_g_R/N_cp_g "flow rate per channel (refrigerant)" 
G_r_ch_g = m_dot_g_R_ch/ A_ch_g " Mass velocity of refrigerant, superheat 
section" 
  
  
 "Liquid state - Refrigerant reaches to saturated liquid point - The pressure is the pump outlet 
pressure" 
 Re_r_l_g = G_r_ch_g*D_h_g/mu_r_L_g "Reynold number of refrigerant from the 
pump, generator inlet" 
 mu_r_L_g1 = viscosity(Fluid$, T = T_c, P = P_p) "Dyn. viscosity at the generator inlet" 
mu_r_L_g2 = viscosity(Fluid$, T = T_g_tp, x = 0) "Dyn. viscosity at the end of liquid phase" 
 mu_r_L_g = (mu_r_L_g1+mu_r_L_g2)/2 
 Pr_r_l_g = prandtl(Fluid$,T = T_c, P = P_p) "Prandtl number  at the generator inlet - or 
pump outlet" 
  
"Usually Reynold number at generator inlet is small, because it is in liquid state. Muley correlation for 
Re < 400 is applied" 
Nu_r_L_g= 0.44*((theta/30)^0.38)*(Re_r_l_g^0.5)*(Pr_r_l_g^(1/3))"equa. 11.10 in heat exchanger book 
" 
  
k_r_l_g = conductivity(Fluid$, P= P_p, T= T_c)  "Thermal conductivity of  ref. at generator 
inlet" 
  
he_r_l_g = Nu_r_L_g*k_r_l_g/(D_h_g) "Heat transfer convection coefficient of  ref. 
at generator inlet" 
  
  
 "Superheat - from saturated vapor to required superheating point" 
  
Re_r_sh_g = G_r_ch_g*D_h_g/mu_r_sh_g "Refrigerant, super heat section" 
  
mu_r_sh_g1 = viscosity(Fluid$, T = T_g_tp, P = P_g-0.5 [Pa])"dyn. viscosity at the begining of 
generator's supeheated flow  " 
mu_r_sh_g2 = viscosity(Fluid$, T = T_g, P = P_g) "dyn. viscosity at the generator outlet" 
2*mu_r_sh_g = mu_r_sh_g1 + mu_r_sh_g2 
  
 Pr_r_sh_g = prandtl(Fluid$,T=T_g,P=P_g ) "Prandtl number  vapor state - DeltaP_g is 
the refrigerant pressure drop as it goes through generator "  
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Nu_r_sh_g = (2.668-0.006967*theta+7.244*10^(-5)*theta^2 )*(20.78-
50.94*phi_pl_g+41.16*phi_pl_g^2-10.51*phi_pl_g^3 
)*Re_r_sh_g^((0.728+0.0543*sin((pi*theta/45)+3.7)) ) *Pr_r_sh_g^(1/3)*("mu_g/mu_wall"1)^0.14 
  
"mu_g/mu_wall = 1" "assumed- because the flows'  temperature 
at wall and at the plate pitch are equal, steady flow" 
  
k_r_sh_g = conductivity(Fluid$, P= P_g, T= T_g)  "Thermal conductivity of  ref. at generator 
outlet" 
  
he_r_sh_g = Nu_r_sh_g*k_r_sh_g/D_h_g "Heat transfer convection coefficient of  ref. 
at generator inlet" 
  
"velocity of superheated vapor" 
Ve_sh_g = G_r_ch_g/density(Fluid$, T = T_g, P = P_g) 
  
"Phase-change - Refrigerant reaches to saturated vapor point - the formula for two-phase Fanning 
friction coeff. and Nu are completely different. therefore, the new correlation of Amalfi is applied in 
two-phase." 
Re_r_tp_g = Re_r_sh_g*(mu_r_sh_g/mu_r_L_g)*(rho_r_g_l/rho_r_g_sh)^0.5 + Re_r_l_g "equivalent  
 Reynold number (average) at phase-change section" 
Pr_r_tp_g = (prandtl(Fluid$,T=T_g_tp,x = 0 ) + prandtl(Fluid$,T=T_g_tp,x = 1))/2 "the equivalent 
Prandtl value of phase-change section." 
Nu_r_tp_g_Mul = (2.668-0.006967*theta+7.244*10^(-5)*theta^2 )*(20.78-
50.94*phi_pl_g+41.16*phi_pl_g^2-10.51*phi_pl_g^3 
)*Re_r_tp_g^((0.728+0.0543*sin((pi*theta/45)+3.7)) ) *Pr_r_tp_g^(1/3)*("mu_g/mu_wall" 1 )^0.14
 "Mulley correlation" 
   
Nu_r_tp_g = 18.495*theta_star^0.248*Re_vap_g^0.351 
*Re_lo_g^0.351*Bd_g^0.235*Bo_g^0.198*rho_star_g^(-0.223)
 "tp stands for two phase" 
  
k_r_tp_g = (conductivity(Fluid$,T=T_g_tp,x = 0 ) + conductivity(Fluid$,T=T_g_tp,x = 1))/2  
  
 he_r_tp_g = Nu_r_tp_g*k_r_tp_g/D_h_g  
he_r_tp_g_Mul = Nu_r_tp_g_Mul*k_r_tp_g/D_h_g  
  
 "==============two-phase by Amalfi==========" 
"Bond number" 
Bd_g = DeltaRho_g*gravity*D_h_g^2/Stension_g "g for generator here" 
DeltaRho_g = density(Fluid$, T = T_g_tp, x = 0) - density(Fluid$, T = T_g_tp, x = 1)  
gravity = 9.81 [m/s^2] "gravity acceleration" 
Stension_g = surfacetension(Fluid$, T= T_g_tp)  
  
"Boiling number" 
  
q_r_tp_g  = Q_dot_g_tp/A_tp_g  "heat flux of the two-phase (phase change) 
is the ratio of heat load over the area of this section " 
 h_g_lv = h_g_tpv - h_g_tpl 
Bo_g = q_r_tp_g/(G_r_ch_g*h_g_lv) 
  
  
"Weber number (We) - note that this is a simple assumption for the two phase " 
 We_m_g = G_r_ch_g^2*D_h_g/(Stension_g*rho_m_g) 
rho_m_g = ((x_qua_g/density(Fluid$, T = T_g_tp, x = 1) + (1- x_qua_g)/density(Fluid$, T = T_g_tp, x = 
0)))^(-1) "homogeneous model of density / series liquid-vapor arrange" 
x_qua_g  =  0.5  " assumption" 
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"Dimensionless parameters"  
Re_vap_g = G_r_ch_g*x_qua_g*D_h_g/mu_r_tpv_g  "tpv : two phase - vapor : the end of two-
phase section" 
 mu_r_tpv_g = viscosity(Fluid$, T = T_g_tp, x = 1) 
"dimensionless chevron angle" 
theta_star = theta/theta_max " base on the correlation from the work of 
Raffaele" 
theta_max = 70 [deg] 
 rho_star_g =  density(Fluid$, T = T_g_tp, x = 0)/ density(Fluid$, T = T_g_tp, x = 1) 
"reference: heat exchangers, selection, rating, and thermal design. Table 11.5 Muley and Manglik 
chevron plates with theta = 30)" 
 Re_lo_g = G_r_ch_g*D_h_g/mu_r_tpL_g 
mu_r_tpL_g = viscosity(Fluid$, T = T_g_tp, x = 0) "tpL : two phase - Liquid: the beginning of 
two-phase section" 
"======================================="  
  
"Overall Heat transfer  coefficient U" 
 1/U_sh_g = 1/he_w_g + 1/he_r_sh_g + t/k_pl_g + fou_tot_g "Superheat section" 
1/U_L_g = 1/he_w_g + 1/he_r_l_g + t/k_pl_g + fou_tot_g "liquid section" 
1/U_tp_g = 1/he_w_g + 1/he_r_tp_g + t/k_pl_g + fou_tot_g "phase-change section" 
  
  
 "Logarithmic mean temperature difference" 
LMTD_tp_g = (T_w_g_in_tp - T_w_g_out_tp) / ln((T_g_tp -T_w_g_in_tp)/(T_g_tp -T_w_g_out_tp))" 
logarithmic mean temperature difference of the phase change section - the compact heat exchanger 
book " 
LMTD_L_g = ((T_w_g_out_tp - T_c) - (T_w_g_out  - T_g_tp))/ln((T_w_g_out_tp - T_c)/ (T_w_g_out  - 
T_g_tp)) 
LMTD_sh_g = ((T_w_g_in - T_g_tp) - (T_w_g_out_tp - T_g))/ln(((T_w_g_in - T_g_tp)/ (T_w_g_out_tp - 
T_g))) 
  
"Areas of each section" 
Q_dot_g_sh{*convert('kW','W' )} = U_sh_g*A_sh_g*LMTD_sh_g "Area required for heat transfer for 
superheating section" 
 Q_dot_g_tp{*convert(kW,W) }= U_tp_g*A_tp_g*LMTD_tp_g  "Area required for heat transfer for phase-
change section" 
 Q_dot_g_L{*convert(kW,W)}  = U_L_g*A_L_g*LMTD_L_g "Area required for heat transfer for 
sensitive heat gain section" 
 Q_dot_g = Q_dot_g_L + Q_dot_g_sh +Q_dot_g_tp 
  
"Ratio between required and actual area" 
A_ratio_g = A_tot_g/(A_sh_g+A_tp_g+A_L_g) 
  
  
 "======Average heat transfer coefficient and Average Overall heat transfer coefficient U=======" 
he_r_g_ave = R_Q_g_sh*he_r_sh_g +  R_Q_g_tp*he_r_tp_g +  R_Q_g_L*he_r_l_g 
U_g_ave =   R_Q_g_sh*U_sh_g +  R_Q_g_tp*U_tp_g +  R_Q_g_L*U_L_g 
  
 "Average Fanning friction factor " 
   
f_r_g_ave = R_Q_g_sh*f_r_sh_g + R_Q_g_tp*f_r_tp_g + R_Q_g_L*f_r_L_g 
  
"Channel Pressure drop per length unit" 
 DeltaP_r_g_ch_perUnit = DeltaP_r_g_ch/L_v_g 
  
"============= the UA is known previously, this calculation is for hx rating purpose=========" 
"EFFECTIVENESS of the generator" 
  



Hydrofluoroolefins as working fluids for ejector refrigeration technology 

212 

  "The heat flow rate ratio" 
R_Q_g_sh*A_tot_g = A_sh_g_avail "A_sh_g_available, based on the total heat 
transfer area of the hx" 
R_Q_g_L*A_tot_g = A_L_g_avail 
R_Q_g_tp*A_tot_g =  A_tp_g_avail 
  
 epsilon_g_tp_real = 1 - exp(-(U_tp_g*A_tp_g_avail)/(Cp_w_g_tp*m_dot_w_g))  "for estimating the 
effectiveness - does not work" 
  
 epsilon_g_L_real = (1 - exp(-(U_L_g*A_L_g_avail/C_min_g_L)*(1 - Cr_g_L)))/(1 - Cr_g_L*exp(-
(U_L_g*A_L_g_avail/C_min_g_L)*(1 - Cr_g_L))) "effectiveness for Liquid zone" 
  
epsilon_g_sh_real = (1 - exp(-(U_sh_g*A_sh_g_avail/C_min_g_sh)*(1 - Cr_g_sh)))/(1 - Cr_g_sh*exp(-
(U_sh_g*A_sh_g_avail/C_min_g_sh)*(1 - Cr_g_sh))) "effectiveness for superheated zone" 
  
epsilon_g_real = (epsilon_g_sh_real*R_Q_g_sh  + epsilon_g_L_real*R_Q_g_L  + epsilon_g_tp_real*R_Q_g_tp 
) 
    
  
"Effectiveness of hx when the required heat transfer area is met (not oversized)" 
  
epsilon_g_tp = 1 - exp(-(U_tp_g*A_tp_g)/(Cp_w_g_tp*m_dot_w_g)) 
  
 epsilon_g_L = (1 - exp(-(U_L_g*A_L_g/C_min_g_L)*(1 - Cr_g_L)))/(1 - Cr_g_L*exp(-
(U_L_g*A_L_g/C_min_g_L)*(1 - Cr_g_L))) "effectiveness for Liquid zone" 
 "where" 
C_min_g_L = min(m_dot_g_r*cp(Fluid$,T=(T_g+T_c)/2,P=p_p), m_dot_w_g*C_w_g_L) 
 C_max_g_L = max(m_dot_g_r*cp(Fluid$,T=(T_g+T_c)/2,P=p_p), m_dot_w_g*C_w_g_L) 
Cr_g_L = C_min_g_L/C_max_g_L 
  
epsilon_g_sh = (1 - exp(-(U_sh_g*A_sh_g/C_min_g_sh)*(1 - Cr_g_sh)))/(1 - Cr_g_sh*exp(-
(U_sh_g*A_sh_g/C_min_g_sh)*(1 - Cr_g_sh))) "effectiveness for superheated zone" 
 "where" 
C_min_g_sh = min(m_dot_g_r*cp(Fluid$,T=T_g,P=p_g), m_dot_w_g*C_w_g_sh) 
 C_max_g_sh = max(m_dot_g_r*cp(Fluid$,T=T_g,P=p_g), m_dot_w_g*C_w_g_sh) 
Cr_g_sh = C_min_g_sh/C_max_g_sh  
  
epsilon_g = (epsilon_g_sh*R_Q_g_sh + epsilon_g_L*R_Q_g_L + epsilon_g_tp*R_Q_g_tp) 
  
NTU_g_L = A_L_g_avail*U_L_g/C_min_g_L 
NTU_g_sh = A_sh_g_avail*U_sh_g/C_min_g_sh 
NTU_g_tp = A_tp_g_avail*U_tp_g/(Cp_w_g_tp*m_dot_w_g) 
NTU_g = NTU_g_tp + NTU_g_sh +NTU_g_L 
 epsilon_g_tpA =  NTU_g_tp/(1+NTU_g_tp) 
 epsilon_g_shA = (1-exp(-NTU_g_sh*(1-Cr_g_sh)))/(1-Cr_g_sh*exp(-NTU_g_sh*(1-Cr_g_sh))) 
 "==============================================================" 
  
  
"===Define f (Fanning friction Factor)===" 
  
 f_r_L_g = (theta/30)^(0.83)*((30.2/Re_r_l_g)^5 +(6.28/Re_r_l_g^0.5)^5)^0.2 "Muley colleration for Re 
< 400" 
  
f_r_sh_g = (2.917-0.1277*theta+2.016*10^(-3)*theta^2 )*(5.474-19.02*phi_pl_g+18.93*phi_pl_g^2-
5.341*phi_pl_g^3)*Re_r_sh_g^(-(0.2+0.0577*sin((pi*theta/45)+2.1))) "Muley colleration for Re > 
1000, turbulent flow)" 
  
f_r_tp_g = C_coef*15.698*We_m_g^(-0.475)*Bd_g^0.255*rho_star_g^(-0.571) 
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C_coef = 2.125*theta_star^9.993 + 0.955  "C_coef is the leading coefficient for 
prediction methods" 
  
"Frictional channel Pressure drops" 
DeltaP_r_g_sh = 4*f_r_sh_g*L_v_g*N_p*G_r_ch_g^2/(2*rho_r_g_sh*D_h_g) "equ. 11.20 in heat 
exchangers- sadik book - at refrigerant side - Superheated" 
DeltaP_r_g_tp = 4*f_r_tp_g*L_v_g*N_p*G_r_ch_g^2/(2*rho_m_g*D_h_g)   
DeltaP_r_g_L = 4*f_r_L_g*L_v_g*N_p*G_r_ch_g^2/(2*rho_r_g_L*D_h_g)   
DeltaP_r_g_ch = DeltaP_r_g_sh + DeltaP_r_g_tp + DeltaP_r_g_L "The Total frictional channel Pressure 
drop at refrigerant side"  
   
" connection and Port pressure drops in the ref. side" 
DeltaP_r_g_p = (1.5*N_p*G_p_r_g^2/(2*density(Fluid$, T =T_c, P = P_p) ) + 
1.5*N_p*G_p_r_g^2/(2*density(Fluid$, T = T_g, P = P_g) ))/2 "Port pressure drop at refrigerant side, 
inlet is liquid, outlet is vapor" 
  
G_p_r_g = m_dot_g_R/(pi*(D_p_g^2)/4) 
  
 "Total pressure drop in ref. side is sum of channel and port pressure " 
 DeltaP_g_cal = DeltaP_r_g_ch + DeltaP_r_g_p "total  presssure drop in refri. side through 
the generator" 
  
      
 "================EVAPORATOR - counterflow=======================" 
N_cp_e = (N_pl_e - 1)/(2*N_p) "Number of channel per pass ( for each 
working fluid)" 
  
x_e = pi*b_e/lambda_e 
 phi_pl_e = (1+(1+x_e^2)^0.5+4*(1+(x_e^2)/2)^0.5)/6 " enlargement factor of plate" 
  
 "Define the D_h_e" 
 D_h_e = (4*b_e*L_w_e)/(2*(b_e+L_w_e*phi_pl_e)) 
  
 "The quality at the ex. valve outlet" 
x_qua_v = quality(Fluid$, h = h_c, p = p_v) "assumed that the enthalpy of the fluid 
before and after the ex. valve are constant (without enthalpy loss)" 
   
rho_r_v= x_qua_v*density(Fluid$, x= 0, P = P_v) +(1- x_qua_v)*density(Fluid$, x= 1, P = P_v) "density at 
the evaporator inlet" 
 rho_r_e_sh = density(Fluid$, T = T_e, P = P_e) "density at the evaporator outlet" 
  
"The second  working fluid " 
T_w_e_in = T_e +2 
T_w_e_out = T_e +1 
  
 P_w_e = 320000 [Pa]  "absolute pressure in the heat supply cycle, 
~ 3.2 Bara" 
 h_w_e_in = enthalpy(F2$, P= P_w_e, T=T_w_e_in) "w stand for water, but also for the second 
working fluid here" 
 h_w_e_out = enthalpy(F2$, P= P_w_e, T=T_w_e_out) 
 mu_w_e = viscosity(F2$,P= P_w_e, T= (T_w_e_in+T_w_e_out)/2) "dyna. viscosity of water, average 
value" 
Pr_w_e = prandtl(F2$, T = (T_w_e_in+T_w_e_out)/2, P = P_w_e) 
Q_dot_e_tot = m_dot_w_e*(h_w_e_in - h_w_e_out) 
  
"Heat capacity rates" 
Q_dot_e_sh = m_dot_e_R*(h_e - h_e_tpv) "heat transfer rate of superheat section" 
Q_dot_e_sh = m_dot_w_e*C_w_e_sh*(converttemp('C', 'K', T_w_e_in) - converttemp('C', 'K', T_w_e_tp)) 
"T_w_e_in_tp is the water temp at refri. vapor saturatured temperature" 
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Q_dot_e_tp = m_dot_e_R*( h_e_tpv - h_v) "heat flow rate of phase-change process, " 
Q_dot_e_tp = m_dot_w_e*C_w_e_tp*(T_w_e_tp - T_w_e_out) "T_w_e_out_tp is the water temp at refri. 
Liquid saturatured temperature"  
  
"T_w_Rsatv is the water temp at the saturature"  
C_w_e_sh = cp(F2$, T = (T_w_e_in + T_w_e_in_tp)/2,P = P_w_e) 
C_w_e_tp = cp(F2$, T = (T_w_e_tp + T_w_e_out)/2,P = P_w_e) 
  
"The heat flow rate ratio" 
R_Q_e_sh = Q_dot_e_sh/Q_dot_e_tot "Ratio of heat flow rate at super heat 
section" 
R_Q_e_tp = Q_dot_e_tp/Q_dot_e_tot "Ratio of heat flow rate at phase change 
section" 
  
  
 "=============Heat transfer and pressure drop analysis - Water side===========" 
  
"Re in water side is usual from 1000 - 2000, depends mostly on the temperature difference between 
outlet and inlet, thus the required flow rate. Applying the Muley correlation for Re > 1000" 
Nu_w_e = (2.668-0.006967*theta+7.244*10^(-5)*theta^2 )*(20.78-50.94*phi_pl_e+41.16*phi_pl_e^2-
10.51*phi_pl_e^3 )*Re_w_e^((0.728+0.0543*sin((pi*theta/45)+3.7)) ) *Pr_w_e^(1/3)  
  
f_w_e =   (2.917-0.1277*theta+2.016*10^(-3)*theta^2 )*(5.474-19.02*phi_pl_e+18.93*phi_pl_e^2-
5.341*phi_pl_e^3)*Re_w_e^(-(0.2+0.0577*sin((pi*theta/45)+2.1)))  "Muley colleration for Re > 1000, 
turbulent flow)" 
  
 "Frictional channel Pressure drops" 
DeltaP_w_e = 4*f_w_e*L_v_e*N_p*G_w_ch_e^2/(2*rho_w_e*D_h_e)  "equ. 11.20 in heat exchanger" 
rho_w_e = density(F2$, T = T_w_e_in/2+T_w_e_out/2, P = (P_w_e ))  "Caution, the pressure!!" 
DeltaP_w_e_sh = DeltaP_w_e*R_Q_e_sh 
 DeltaP_w_e_tp = DeltaP_w_e*R_Q_e_tp 
{DeltaP_w_e_L = DeltaP_w_e*R_Q_e_L} 
  
 "Port pressure drop" 
DeltaP_w_e_p = 1.4*N_p*G_P_w_e^2/(2*density(F2$, T = (T_w_e_in+ T_w_e_out)/2, P = P_w_e)) 
  
G_P_w_e = m_dot_w_e/(pi*D_p_e^2/4) 
  
 "Total pressure drop in water side is sum of channel and port pressure, others can be ignored " 
DeltaP_w_e_tot = DeltaP_w_e + DeltaP_w_e_p 
  
 "HEAT TRANSFER ANALYSIS" 
   
"Mass flow rate per channel" 
m_dot_w_e_ch = m_dot_w_e/N_cp_e "mass flow rate per channel" 
G_w_ch_e = m_dot_w_e_ch/A_ch_e "The mass velocity" 
Re_w_e = G_w_ch_e*D_h_e/mu_w_e "Reynold number (Assumed that Re_w_e 
does not vary by much)" 
k_w_e = conductivity(F2$, P= P_w_e, T= (T_w_e_in+T_w_e_out)/2) "Thermal conductivity of water" 
  
he_w_e = Nu_w_e*k_w_e/D_h_e "Heat transfer convection coefficient in 
water side" 
  
 "============= Heat transfer and pressure drop analysis - Coolant side===========" 
  
m_dot_e_R_ch = m_dot_e_R/N_cp_e "flow rate per channel (refrigerant)" 
G_r_ch_e = m_dot_e_R_ch/ A_ch_e " Mass velocity of refrigerant, superheat 
section" 
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 "Refri. inlet state  - The pressure is the pump outlet pressure" 
 Re_r_v_e = G_r_ch_e*D_h_e/mu_r_v_e "Reynold number of refrigerant from the 
pump, evaporator inlet" 
 mu_r_v_e = x_qua_v*viscosity(Fluid$, x=0, P = P_v) +(1-x_qua_v)*viscosity(Fluid$, x=1, P = P_v) 
"average Dyn. viscosity of the superheated flow" 
  
 "Superheat - from saturated vapor to required superheating point" 
  
Re_r_sh_e = G_r_ch_e*D_h_e/mu_r_sh_e "Refrigerant, super heat section" 
mu_r_sh_e = viscosity(Fluid$, T = T_e, P = P_e) "dyn. viscosity at the evaporator outlet" 
 Pr_r_sh_e = prandtl(Fluid$,T=T_e,P=P_e ) "Prandtl number  vapor state - DeltaP_e is 
the refrigerant pressure drop as it goes through evaporator "  
  
Nu_r_sh_e = (2.668-0.006967*theta+7.244*10^(-5)*theta^2 )*(20.78-
50.94*phi_pl_e+41.16*phi_pl_e^2-10.51*phi_pl_e^3 
)*Re_r_sh_e^((0.728+0.0543*sin((pi*theta/45)+3.7)) ) *Pr_r_sh_e^(1/3)*("mu_g/mu_wall" 1 )^0.14 
 k_r_sh_e = conductivity(Fluid$, P= P_e, T= T_e)  "Thermal conductivity of  ref. at evaporator 
outlet" 
  
he_r_sh_e = Nu_r_sh_e*k_r_sh_e/D_h_e "Heat transfer convection coefficient of  ref. 
at evaporator inlet" 
  
  
 "Phase-change - Refrigerant reaches to saturated vapor point" 
Re_r_tp_e = Re_r_sh_e*(mu_r_sh_e/mu_r_v_e)*(rho_r_v/rho_r_e_sh)^0.5 + Re_r_v_e "equivalent  
Reynold number (average) at phase-change section" 
Pr_r_tp_e = ( x_qua_v*prandtl(Fluid$,T=T_e_tp,x = 0 ) + (1- x_qua_v)*prandtl(Fluid$,T=T_e_tp,x = 1)) 
"the equivalent Prandtl value of phase-change section" 
 k_r_tp_e = (conductivity(Fluid$,T=T_e_tp,x = 0 ) + conductivity(Fluid$,T=T_e_tp,x = 1))/2 
he_r_tp_e = Nu_r_tp_e*k_r_tp_e/D_h_e  
  
  Nu_r_tp_e_Mul = (2.668-0.006967*theta+7.244*10^(-5)*theta^2 )*(20.78-
50.94*phi_pl_e+41.16*phi_pl_e^2-10.51*phi_pl_e^3 
)*Re_r_tp_e^((0.728+0.0543*sin((pi*theta/45)+3.7)) ) *Pr_r_tp_e^(1/3)*( 1 )^0.14 
  
  
 " Nusselt number for two phase -  Raffaele Luca AMALFIcorrelation - Macro scale as Bond number is 
greater than 4" 
 Nu_r_tp_e = 18.495*theta_star^0.248*Re_vap_e^0.351 
*Re_lo_e^0.351*Bd_e^0.235*Bo_e^0.198*rho_star_e^(-0.223)  
"-------------------------------------" 
"Bond number" 
Bd_e = DeltaRho_e*gravity*D_h_e^2/Stension_e "e for evaporator" 
DeltaRho_e = density(Fluid$, T = T_e_tp, x = 0) - density(Fluid$, T = T_e_tp, x = 1)  
  
Stension_e = surfacetension(Fluid$, T= T_e_tp)  
  
"Boiling number" 
q_r_tp_e  = Q_dot_e_tp/A_tp_e  "heat flux of the two-phase (phase change) 
is the ratio of heat load over the area of this section" 
 h_e_lv = h_e_tpv - h_v 
Bo_e = q_r_tp_e/(G_r_ch_e*h_e_lv) 
  
 h_e_tpv = enthalpy(Fluid$, P= P_e, x=1) 
  
  
"Weber number (We) - note that this is a simple assumption for the two phase " 
 We_m_e = G_r_ch_e^2*D_h_e/(Stension_e*rho_m_e) 
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rho_m_e = ((x_qua_e/density(Fluid$, T = T_e_tp, x = 1) + (1- x_qua_e)/density(Fluid$, T = T_e_tp, x = 
0)))^(-1) "homogeneous model of density / series liquid-vapor arrange" 
x_qua_e  =  (x_qua_v + 1)/2 " the average quality from the beginning to 
the end (x = 1)  of the two-phase in the evaporator " 
  
   
"Dimensionless parameters"  
Re_vap_e = G_r_ch_e*x_qua_e*D_h_e/mu_r_tpv_e  
 mu_r_tpv_e = viscosity(Fluid$, T = T_e_tp, x = 1) 
"dimensionless chevron angle" 
 rho_star_e =  density(Fluid$, T = T_e_tp, x = 0)/ density(Fluid$, T = T_e_tp, x = 1) 
  
"reference: heat exchangers, selection, rating, and thermal design. Table 11.5 Muley and Manglik 
chevron plates with theta = 30)" 
 Re_lo_e = G_r_ch_e*D_h_e/mu_r_tpL_e 
mu_r_tpL_e = viscosity(Fluid$, T = T_e_tp, x = 0) 
  
"----------------------------" 
  
"Overall Heat transfer  coefficient U" 
 1/U_sh_e = 1/he_w_e + 1/he_r_sh_e + t/k_pl_e + fou_tot_e "Superheat section" 
1/U_tp_e = 1/he_w_e + 1/he_r_tp_e + t/k_pl_e + fou_tot_e "phase-change section" 
  
  
 "Logarithmic mean temperature difference" 
LMTD_tp_e = (T_w_e_tp - T_w_e_out) / ln((T_e_tp -T_w_e_tp)/(T_e_tp -T_w_e_out)) 
LMTD_sh_e = ((T_w_e_in - T_e_tp) - (T_w_e_tp - T_e))/ln((T_w_e_in - T_e_tp)/ (T_w_e_out - T_e)) 
  
"Areas of each section" 
Q_dot_e_sh{*convert('kW','W' )} = U_sh_e*A_sh_e*LMTD_sh_e "Area required for heat transfer for 
superheating section" 
 Q_dot_e_tp{*convert(kW,W)} = U_tp_e*A_tp_e*LMTD_tp_e  "Area required for heat transfer for phase-
change section" 
  
"Ratio between required and actual area" 
A_ratio_e = A_tot_e/(A_sh_e+A_tp_e) 
  
 "===================Average heat transfer coefficient and Average Overall heat transfer 
coefficient U=================" 
he_r_e_ave = R_Q_e_sh*he_r_sh_e +  R_Q_e_tp*he_r_tp_e  
U_e_ave =   R_Q_e_sh*U_sh_e +  R_Q_e_tp*U_tp_e  
  
 "Average Fanning friction factor " 
   
f_r_e_ave = R_Q_e_sh*f_r_sh_e + R_Q_e_tp*f_r_tp_e  
  
"Channel Pressure drop per length unit" 
 DeltaP_r_e_ch_perUnit = DeltaP_r_e_ch/L_v_e 
  
 "==============================================================" 
"EFFECTIVENESS of the evaporator" 
  
R_Q_e_sh*A_tot_e = A_sh_e_avail "A_sh_e_available, based on the total heat 
transfer area of the hx" 
  
R_Q_e_tp*A_tot_e =  A_tp_e_avail 
  
 epsilon_e_tp_real = 1 - exp(-(U_tp_e*A_tp_e_avail)/(C_w_e_tp*m_dot_w_e))  "for estimating the 
effectiveness " 
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epsilon_e_sh_real = (1 - exp(-(U_sh_e*A_sh_e_avail/C_min_e_sh)*(1 - Cr_e_sh)))/(1 - Cr_e_sh*exp(-
(U_sh_e*A_sh_e_avail/C_min_e_sh)*(1 - Cr_e_sh))) "effectiveness for superheated zone" 
  
  
  
epsilon_e_real = (epsilon_e_sh_real*R_Q_e_sh  + epsilon_e_tp_real*R_Q_e_tp)  
  
"Effectiveness of hx when the required heat transfer area is met (not oversized)" 
  epsilon_e_tp = 1 - exp(-(U_tp_e*A_tp_e)/(C_w_e_tp*m_dot_w_e)) 
  
 epsilon_e_sh = (1 - exp(-(U_sh_e*A_sh_e/C_min_e_sh)*(1 - Cr_e_sh)))/(1 - Cr_e_sh*exp(-
(U_sh_e*A_sh_e/C_min_e_sh)*(1 - Cr_e_sh))) "effectiveness for superheated zone" 
 "where" 
C_min_e_sh = min(m_dot_e_r*cp(Fluid$,T=T_e,P=p_e), m_dot_w_e*C_w_e_sh) 
 C_max_e_sh = max(m_dot_e_r*cp(Fluid$,T=T_e,P=p_e), m_dot_w_e*C_w_e_sh) 
Cr_e_sh = C_min_e_sh/C_max_e_sh 
  
epsilon_e = (epsilon_e_sh*R_Q_e_sh  + epsilon_e_tp*R_Q_e_tp) 
 "==============================================================" 
  
"Define f (Fanning friction Factor)" 
f_r_sh_e = (2.917-0.1277*theta+2.016*10^(-3)*theta^2 )*(5.474-19.02*phi_pl_e+18.93*phi_pl_e^2-
5.341*phi_pl_e^3)*Re_r_sh_e^(-(0.2+0.0577*sin((pi*theta/45)+2.1))) "Muley colleration for Re > 
1000, turbulent flow)" 
  
 " Amalfi correlation" 
 f_r_tp_e = C_coef*15.698*We_m_e^(-0.475)*Bd_e^0.255*rho_star_e^(-0.571)  
  
"Frictional channel Pressure drops" 
  
DeltaP_r_e_sh = 4*f_r_sh_e*L_v_e*N_p*G_r_ch_e^2/(2*rho_r_e_sh*D_h_e) "equ. 11.20 in heat exchanger - 
at refrigerant side - Superheated" 
DeltaP_r_e_tp = 4*f_r_tp_e*L_v_e*N_p*G_r_ch_e^2/(2*(rho_r_e_sh + rho_r_v)/2*D_h_e) "equ. 11.20 in 
heat exchanger - at refrigerant side - phase-change" 
  
DeltaP_r_e_ch = DeltaP_r_e_sh + DeltaP_r_e_tp  "The Total frictional channel Pressure drop 
at refrigerant side"  
  
 "Connection and Port pressure drops" 
DeltaP_r_e_p = 1.5*N_p*G_p_r_e^2/(2*density(Fluid$, T = (T_e_tp+ T_e)/2, P = P_v)) "Port pressure 
drop at refrigerant side"  
G_p_r_e = m_dot_e_R/(pi*D_p_e^2/4) 
  
 "Total pressure drop in ref. side is sum of channel and port pressure " 
 DeltaP_e_cal = DeltaP_r_e_ch + DeltaP_r_e_p "total  presssure drop in refri. side through 
the evaporator" 
  
     
 "=================CONDENSER - counterflow======================" 
 N_cp_c = (N_pl_c - 1)/(2*N_p) "Number of channel per pass ( for each 
working fluid)" 
  
x_c = pi*b_c/lambda_c 
 phi_pl_c = (1+(1+x_c^2)^0.5+4*(1+(x_c^2)/2)^0.5)/6 " enlargement factor of plate" 
  
"Define the D_h" 
 D_h_c = (4*b_c*L_w_c)/(2*(b_c+L_w_c*phi_pl_c)) 
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m_dot_c =  m_dot_g_R + m_dot_e_R " refrigerant flow rate from diffusor outlet - 
total flow rate" 
  
  
rho_r_c_l = density(Fluid$, T = T_c, P = P_c) "density at the condenser outlet - 'c' for 
condenser" 
 rho_r_c_sh = density(Fluid$, T = T_d, P = P_d) "density at the condenser inlet" 
  
 "The second  working fluid " 
T_w_c_in = T_c-2 
T_w_c_out = T_c-1  
 P_w_c = 320000 [Pa]  "absolute pressure in the chilling cycle" 
 h_w_c_in = enthalpy(F2$, P= P_w_c, T=T_w_c_in) "w stands for water, it can be understood as 
second working fluid " 
 h_w_c_out = enthalpy(F2$, P= P_w_c, T=T_w_c_out) 
 mu_w_c = viscosity(F2$,P= P_w_c, T= (T_w_c_in+T_w_c_out)/2) "dyna. viscosity of water, average 
value" 
  
Pr_w_c = prandtl(F2$, T = (T_w_c_in+T_w_c_out)/2, P = P_w_c) 
  
"Enthalpies of the fluids" 
 h_r_c_tpv = enthalpy(Fluid$, P= P_d - 10 [Pa] , x=1) "refrigerant enthalpy at beginning of phase-
change process, assuming that the pressure at the condenser inlet and pressure at this point is the 
same" 
  
h_r_c_tpL =  enthalpy(Fluid$, P= P_c { - DeltaP_r_c_sh - DeltaP_r_c_tp}, x= 0) "enthalpy of SATurated 
liquid - at the end of phase-change process" 
    
  
 "water side"  
Q_dot_c_tot = m_dot_w_c*(h_w_c_out - h_w_c_in) "Make sure the value is positive" 
  
"Heat capacity rates" 
Q_dot_c_sh = m_dot_c*(h_d - h_r_c_tpv) "heat transfer rate of superheat section" 
  
 Q_dot_c_sh = m_dot_w_c*C_w_c_sh*(converttemp('C', 'K',T_w_c_in_tp) - converttemp('C', 'K',  
T_w_c_in) ) "T_w_c_in_tp is the water temp at refri. vapor saturatured temperature" 
  
Q_dot_c_tp = m_dot_c*(  h_r_c_tpv -  h_r_c_tpL) "heat flow rate of phase-change section" 
  
Q_dot_c_tp = m_dot_w_c*C_w_c_tp*(T_w_c_out_tp  - T_w_c_in_tp ) "T_w_c_out_tp is the water temp when 
the refri. state is  Liquid saturatured "  
 "T_w_c_Rsatv is the water temp at the saturature"  
  
Q_dot_c_L = m_dot_c*(h_r_c_tpL - h_c) "heat flow rate at the section where the 
coolant gains tempurature to saturated T_g_tpL: process" 
Q_dot_c_L = m_dot_w_c*C_w_c_L*( T_w_c_out - T_w_c_out_tp )  
 C_w_c_tp = cp(F2$, T = (T_w_c_in_tp + T_w_c_out_tp)/2,P = P_w_c) "specific heat capacity" 
C_w_c_L = cp(F2$, T = (T_w_c_out_tp + T_w_c_out)/2,P = P_w_c) 
      
 "The heat flow rate ratio" 
R_Q_c_sh = Q_dot_c_sh/Q_dot_c_tot "Ratio of heat flow rate at super heat 
section" 
R_Q_c_tp = Q_dot_c_tp/Q_dot_c_tot "Ratio of heat flow rate at phase change 
section" 
R_Q_c_L = Q_dot_c_L/Q_dot_c_tot "Ratio of heat flow rate at senitive heat 
(temperature gain at liquid state) section" 
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 "==============Heat transfer and pressure drop analysis - Water side================" 
"Pressure drop at water side, " 
f_w_c = (2.917-0.1277*theta+2.016*10^(-3)*theta^2 )*(5.474-19.02*phi_pl_c+18.93*phi_pl_c^2-
5.341*phi_pl_c^3)*Re_w_c^(-(0.2+0.0577*sin((pi*theta/45)+2.1))) "Muley colleration for Re > 1000, 
turbulent flow)" 
  
  
 Re_w_c = G_w_c_ch*D_h_c/mu_w_c "Reynold number (Assumed that Re_w_c 
does not vary much)" 
   
 Nu_w_c = (2.668-0.006967*theta+7.244*10^(-5)*theta^2 )*(20.78-50.94*phi_pl_c+41.16*phi_pl_c^2-
10.51*phi_pl_c^3 )*Re_w_c^((0.728+0.0543*sin((pi*theta/45)+3.7)) ) 
*Pr_w_c^(1/3)*("mu_g/mu_w_call" 1 )^0.14 
  
  
G_w_c_ch = m_dot_w_c_ch/A_ch_c "The mass velocity" 
   
"Mass flow rate per channel" 
m_dot_w_c_ch = m_dot_w_c/N_cp_c "mass flow rate per channel" 
  
 "Frictional channel Pressure drops" 
DeltaP_w_c = 4*f_w_c*L_v_c*N_p*G_w_c_ch^2/(2*rho_w_c*D_h_c)
  
rho_w_c = density(F2$, T = T_w_c_in/2+T_w_c_out/2, P = (P_w_c ))
  
DeltaP_w_c_sh = DeltaP_w_c*R_Q_c_sh 
 DeltaP_w_c_tp = DeltaP_w_c*R_Q_c_tp 
DeltaP_w_c_L = DeltaP_w_c*R_Q_c_L 
   
 "Port pressure drop" 
DeltaP_w_c_p = 1.5*N_p*G_p_w_c^2/(2*density(F2$, T = (T_w_c_in+ T_w_c_out)/2, P = P_w_c)) 
  G_p_w_c = m_dot_w_c/(pi*D_p_c^2/4) 
  
  
 "Total pressure drop in water side is sum of channel and port pressure, others can be ignored " 
DeltaP_w_c_tot = DeltaP_w_c + DeltaP_w_c_p 
  
 "HEAT TRANSFER ANALYSIS" 
 k_w_c = conductivity(F2$, P= P_w_c, T= (T_w_c_in+T_w_c_out)/2) "Thermal conductivity of water" 
  
he_w_c = Nu_w_c*k_w_c/D_h_c "Heat transfer convection coefficient in 
water side" 
  
"=============Heat transfer and pressure drop analysis - refrigerant side===========" 
   
  
m_dot_c_ch = m_dot_c/N_cp_c "flow rate per channel (refrigerant)" 
  
  
G_r_ch_c = m_dot_c_ch/ A_ch_c " Mass velocity of refrigerant, superheat 
section" 
   
  
 "Liquid state - Refrigerant reaches to saturated liquid point - The pressure is the pump outlet 
pressure" 
 Re_r_l_c = G_r_ch_c*D_h_c/mu_r_c_l "Reynold number of refrigerant at 
condenser outlet" 
 mu_r_c_l = viscosity(Fluid$, T = T_c, P = p_c) "Dyn. viscosity at the condenser outlet" 
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 Pr_r_c_l = prandtl(Fluid$,T = T_c, P = p_c) "Prandtl number  at the condenser outlet" 
  
"Usually Reynold number at condenser outlet is small. Thus,  Muley correlation for low Re is applied" 
Nu_r_c_l = 0.44*((theta/30)^0.38)*(Re_r_l_c^0.5)*(Pr_r_c_l^(1/3)) "equa. 11.10 in heat exchanger book 
" 
k_r_c_l = conductivity(Fluid$, P= P_c, T= T_c)  "Thermal conductivity of  ref. at condenser 
outlet" 
  
he_r_c_l = Nu_r_c_l*k_r_c_l/D_h_c "Heat transfer convection coefficient of  ref. 
at condenser outlet" 
   
 "Superheat - from saturated vapor to required superheating point" 
  
Re_r_c_sh = G_r_ch_c*D_h_c/mu_r_c_sh "Refrigerant, super heat section" 
mu_r_c_sh = viscosity(Fluid$, T = T_d, P = P_d) "dyn. viscosity at the diffuser outlet" 
 Pr_r_c_sh = prandtl(Fluid$,T=T_d,P=P_d ) "Prandtl number  vapor state - DeltaP_g is 
the refrigerant pressure drop as it goes through condenser "  
  
Nu_r_c_sh = (2.668-0.006967*theta+7.244*10^(-5)*theta^2 )*(20.78-
50.94*phi_pl_c+41.16*phi_pl_c^2-10.51*phi_pl_c^3 
)*Re_r_c_sh^((0.728+0.0543*sin((pi*theta/45)+3.7)) ) *Pr_r_c_sh^(1/3)*("mu_g/mu_w_call" 1 )^0.14 
  
{mu_g/mu_w_call = 1} "assumed- because the flows'  temperature 
at wall and at the plate pitch are equal, steady flow" 
  
k_r_c_sh = conductivity(Fluid$, P= P_d, T= T_d)  "Thermal conductivity of  ref. at diffuser 
outlet" 
  
he_r_c_sh = Nu_r_c_sh*k_r_c_sh/D_h_c "Heat transfer convection coefficient of  ref. 
at diffuser outlet" 
  
  
 "Phase-change - Refrigerant reaches to saturated vapor point" 
Re_r_c_tp = Re_r_c_sh*(mu_r_c_sh/mu_r_c_l)*(rho_r_c_l/rho_r_c_sh)^0.5 + Re_r_l_c  "equivalent  
Reynold number (average) at phase-change section" 
Pr_r_c_tp = (prandtl(Fluid$,T=T_c_tp,x = 0 ) + prandtl(Fluid$,T=T_c_tp,x = 1))/2  "the equivalent 
Prandtl value of phase-change section. Double check!" 
  
 Nu_r_c_tp_Mul = (2.668-0.006967*theta+7.244*10^(-5)*theta^2 )*(20.78-
50.94*phi_pl_c+41.16*phi_pl_c^2-10.51*phi_pl_c^3 
)*Re_r_c_tp^((0.728+0.0543*sin((pi*theta/45)+3.7)) ) *Pr_r_c_tp^(1/3)*("mu_g/mu_w_call" 1 )^0.14 
  
k_r_c_tp = (conductivity(Fluid$,T=T_c_tp,x = 0 ) + conductivity(Fluid$,T=T_c_tp,x = 1))/2 
he_r_c_tp = Nu_r_c_tp*k_r_c_tp/D_h_c 
  
 "------------Dimensionless number----------------" 
 "Bond number" 
Bd_c = DeltaRho_c*gravity*D_h_c^2/Stension_c "c for condenser" 
DeltaRho_c = density(Fluid$, T = T_c_tp, x = 0) - density(Fluid$, T = T_c_tp, x = 1)  
  
Stension_c = surfacetension(Fluid$, T= T_c_tp)  
  
 "Boiling number" 
q_r_tp_c  = Q_dot_c_tp/A_tp_c  "heat flux of the two-phase (phase change) 
is the ratio of heat load over the area of this section" 
 h_c_lv = h_c_tpv - h_c_tpL 
Bo_c = q_r_tp_c/(G_r_ch_c*h_c_lv) 
  
 h_c_tpv = enthalpy(Fluid$, P= P_d, x=1) 
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 h_c_tpL = enthalpy(Fluid$, P= P_c, x=0) 
  
  
"Weber number (We) - note that this is a simple assumption for the two phase " 
 We_m_c = G_r_ch_c^2*D_h_c/(Stension_c*rho_m_c) 
rho_m_c = ((x_qua_c/density(Fluid$, T = T_c_tp, x = 1) + (1- x_qua_c)/density(Fluid$, T = T_c_tp, x = 
0)))^(-1) "homogeneous model of density / series liquid-vapor arrange" 
x_qua_c  =  0.5  "assumed, because the phase change 
process in this heat exchanger starts from saturated liquid and ends at  saturated gas, a completed 
phase change process" 
  
" Nusselt number for two phase -  Raffaele Luca AMALFIcorrelation - Macro scale as Bond number is 
greater than 4" 
 Nu_r_c_tp = 18.495*theta_star^0.248*Re_vap_c^0.351 
*Re_lo_c^0.351*Bd_c^0.235*Bo_c^0.198*rho_star_c^(-0.223) 
 "tp is phase change " 
 
  
 "Fanning friction coefficient - Amalfi" 
 f_r_c_tp = C_coef*15.698*We_m_c^(-0.475)*Bd_c^0.255*rho_star_c^(-0.571) 
  
"Dimensionless parameters"  
Re_vap_c = G_r_ch_c*x_qua_c*D_h_c/mu_r_tpv_c  
 mu_r_tpv_c = viscosity(Fluid$, T = T_c_tp, x = 1) 
  
 "dimensionless chevron angle" 
  rho_star_c =  density(Fluid$, T = T_c_tp, x = 0)/ density(Fluid$, T = T_c_tp, x = 1) 
"reference: heat exchangers, selection, rating, and thermal design. Table 11.5 Muley and Manglik 
chevron plates with theta = 30)" 
 Re_lo_c = G_r_ch_c*D_h_c/mu_r_tpL_c 
mu_r_tpL_c = viscosity(Fluid$, T = T_c_tp, x = 0) 
  
  
 "Overall Heat transfer  coefficient U" 
 1/U_sh_c = 1/he_w_c + 1/he_r_c_sh + t/k_pl_c + fou_tot_c "Superheat section" 
1/U_L_c = 1/he_w_c + 1/he_r_c_l + t/k_pl_c + fou_tot_c "liquid section" 
1/U_tp_c = 1/he_w_c + 1/he_r_c_tp + t/k_pl_c + fou_tot_c "phase-change section" 
    
 "Logarithmic mean temperature difference" 
LMTD_sh_c = (( T_d - T_w_c_out) - (T_d_tp - T_w_c_out_tp))/ln((( T_d - T_w_c_out)/ (T_d_tp - 
T_w_c_out_tp))) 
  
LMTD_tp_c = (T_w_c_out_tp - T_w_c_in_tp  ) / ln((T_d_tp -T_w_c_in_tp)/(T_d_tp -T_w_c_out_tp))" 
logarithmic mean temperature difference of the phase change section - the compact heat exchanger 
book ." 
LMTD_L_c = ((T_d_tp - T_w_c_in) - (T_c  - T_w_c_in_tp))/ln(((T_d_tp - T_w_c_in) / (T_c  - T_w_c_in_tp))) 
  
"Areas of each section" 
Q_dot_c_sh = U_sh_c*A_sh_c*LMTD_sh_c "Area required for heat transfer for 
superheating section" 
 Q_dot_c_tp = U_tp_c*A_tp_c*LMTD_tp_c  "Area required for heat transfer for phase-
change section" 
 Q_dot_c_L  = U_L_c*A_L_c*LMTD_L_c "Area required for heat transfer for 
sensitive heat gain section" 
  
 "Ratio between required and actual area" 
A_ratio_c = A_tot_c/(A_sh_c+A_tp_c+A_L_c) 
  
"===========Average heat transfer coefficient and Average Overall heat transfer coefficient U=====" 
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he_r_c_ave = R_Q_c_sh*he_r_c_sh +  R_Q_c_tp*he_r_c_tp +  R_Q_c_L*he_r_c_l 
U_c_ave =    R_Q_c_sh*U_sh_c +  R_Q_c_tp*U_tp_c +  R_Q_c_L*U_L_c 
  
  
 "Average Fanning friction factor " 
f_r_c_ave = R_Q_c_sh*f_r_c_sh +  R_Q_c_tp*f_r_c_tp +  R_Q_c_L*f_r_c_L 
  
"Channel Pressure drop per length unit" 
 DeltaP_r_c_ch_perUnit = DeltaP_r_c_ch/L_v_c 
  
"========================== EFFECTIVENESS of the condenser ====================" 
R_Q_c_sh*A_tot_c = A_sh_c_avail "A_sh_c_available, based on the total heat 
transfer area of the hx" 
R_Q_c_L*A_tot_c = A_L_c_avail 
R_Q_c_tp*A_tot_c =  A_tp_c_avail 
  
 epsilon_c_tp_real = 1 - exp(-(U_tp_c*A_tp_c_avail)/(C_w_c_tp*m_dot_w_c))  "for estimating the 
effectiveness - does not work" 
  
 epsilon_c_L_real = (1 - exp(-(U_L_c*A_L_c_avail/C_min_c_L)*(1 - Cr_c_L)))/(1 - Cr_c_L*exp(-
(U_L_c*A_L_c_avail/C_min_c_L)*(1 - Cr_c_L))) "effectiveness for Liquid zone" 
  
 epsilon_c_sh_real = (1 - exp(-(U_sh_c*A_sh_c_avail/C_min_c_sh)*(1 - Cr_c_sh)))/(1 - Cr_c_sh*exp(-
(U_sh_c*A_sh_c_avail/C_min_c_sh)*(1 - Cr_c_sh))) "effectiveness for superheated zone" 
 epsilon_c_real = (epsilon_c_sh_real*R_Q_c_sh  + epsilon_c_L_real*R_Q_c_L  + epsilon_c_tp_real*R_Q_c_tp) 
  
 "Effectiveness of hx when the required heat transfer area is met (not oversized)" 
 epsilon_c_tp = 1 - exp(-(U_tp_c*A_tp_c)/(C_w_c_tp*m_dot_w_c)) 
  
 epsilon_c_L = (1 - exp(-(U_L_c*A_L_c/C_min_c_L)*(1 - Cr_c_L)))/(1 - Cr_c_L*exp(-
(U_L_c*A_L_c/C_min_c_L)*(1 - Cr_c_L))) "effectiveness for Liquid zone" 
 "where" 
C_min_c_L = min((m_dot_e_r+m_dot_g_r)*cp(Fluid$,T=T_c,P=p_c), m_dot_w_c*C_w_c_L) 
 C_max_c_L = max((m_dot_e_r+m_dot_g_r)*cp(Fluid$,T=T_c,P=p_c), m_dot_w_c*C_w_c_L) 
Cr_c_L = C_min_c_L/C_max_c_L 
  
epsilon_c_sh = (1 - exp(-(U_sh_c*A_sh_c/C_min_c_sh)*(1 - Cr_c_sh)))/(1 - Cr_c_sh*exp(-
(U_sh_c*A_sh_c/C_min_c_sh)*(1 - Cr_c_sh))) "effectiveness for superheated zone" 
 "where" 
C_min_c_sh = min((m_dot_e_r+m_dot_g_r)*cp(Fluid$,T=T_d,P=p_d), m_dot_w_c*C_w_c_sh) 
 C_max_c_sh = max((m_dot_e_r+m_dot_g_r)*cp(Fluid$,T=T_d,P=p_d), m_dot_w_c*C_w_c_sh) 
Cr_c_sh = C_min_c_sh/C_max_c_sh 
  
epsilon_c = (epsilon_c_sh*R_Q_c_sh + epsilon_c_L*R_Q_c_L + epsilon_c_tp*R_Q_c_L) 
 "=============================================================="    
  
"Define f (Fanning friction Factor)" 
f_r_c_sh = (2.917-0.1277*theta+2.016*10^(-3)*theta^2 )*(5.474-19.02*phi_pl_c+18.93*phi_pl_c^2-
5.341*phi_pl_c^3)*Re_r_c_sh^(-(0.2+0.0577*sin((pi*theta/45)+2.1))) "Muley colleration for Re > 
1000, turbulent flow)" 
f_r_c_L = (theta/30)^(0.83)*((30.2/Re_r_l_c)^5 +(6.28/Re_r_l_c^0.5)^5)^0.2 "Muley colleration for Re 
< 400" 
  
  "Port pressure drop" 
DeltaP_r_c_p = 1.5*N_p*G_p_r_c^2/(2*density(Fluid$, T = (T_c+ T_d)/2, P = P_d)) "Port pressure drop 
at refrigerant side" 
  
G_p_r_c = m_dot_c/(pi*D_p_c^2/4) 
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"Frictional channel Pressure drops" 
  
DeltaP_r_c_sh = 4*f_r_c_sh*L_v_c*N_p*G_r_ch_c^2/(2*rho_r_c_sh*D_h_c) "equ. 11.20 in heat exchanger - 
at refrigerant side - Superheated" 
  
DeltaP_r_c_tp = 4*f_r_c_tp*L_v_c*N_p*G_r_ch_c^2/(2*(rho_r_c_sh + rho_r_c_L)/2*D_h_c) "equ. 11.20 in 
heat exchanger - at refrigerant side - phase-change" 
DeltaP_r_c_L = 4*f_r_c_L*L_v_c*N_p*G_r_ch_c^2/(2*rho_r_c_L*D_h_c) "equ. 11.20 in heat exchanger - at 
refrigerant side - liquid phase"      
DeltaP_r_c_ch = DeltaP_r_c_sh + DeltaP_r_c_tp + DeltaP_r_c_L "The Total frictional channel Pressure 
drop at refrigerant side"  
   
  
"Total pressure drop in ref. side is sum of channel and port pressure " 
 DeltaP_c_cal = DeltaP_r_c_ch + DeltaP_r_c_p "total  presssure drop in refri. side through 
the condenser" 
 
  "=======================================" 
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APPENDIX 2 DIAGRAM WINDOW OF THE LABVIEW 

PROGRAM   
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APPENDIX 3 ADDITIONAL RESULTS OF THE STUDY 

 

Figure 0.1 Heat transfer area ratio of the generator 

 

 

Figure 0.2 Heat transfer area ratio of the evaporator 
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Figure 0.3 Heat transfer area ratio of the condenser 
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APPENDIX 4 SIMPLIFIED WORKING CYCLES IN PRESSURE-

ENTHALPY DIAGRAM OF EJECTOR COOLING CYCLE 
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Figure 0.4 Simplified working cycles in pressure-enthalpy diagram of ejector cooling 

cycle with R1234ze(e) as the working fluid. 
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